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Metallic Contact and Friction between Sliding Surfaces* 


By M. J. FUREY! 


A new device has been developed and used to study metallic contact and friction between slid- 
ing, lubricated surfaces. The system consists basically of a fixed metal ball loaded against a rotat- 
ing cylinder. The extent of metallic contact is determined by measuring both the instantaneous 
and average electrical resistance between the two surfaces. Friction between the ball and cylinder 
is recorded simultaneously with contact. 

In general, the electrical resistance was found to oscillate rapidly between an extremely low 
value and infinity, suggesting that metallic contact is discontinuous. The average resistance of an 
oil film is therefore a time-average, that is, a measure of the per cent of the time that metallic 
contact occurs. The results indicate that metallic contact is much more prevalent than would 
have been expected from other published studies in which electrical resistance or discharge methods 
were employed. 

Using this apparatus, the entire region from hydrodynamic (no metallic contact) to pure 
“boundary” lubrication (continuous metallic contact) can be readily investigated. Load, speed, 
mineral oil viscosity, the presence of additives, and operating time were found to be important 
variables influencing metallic contact. 

The apparatus is particularly useful in studying the action of antiwear and “extreme pressure” 
additives. It allows one to measure not only the effectiveness of these compounds in reducing 
metallic contact, but also the rate at which they act and the durability of protective films which 


may form. 


Introduction 


IN spite of the fact that preventing metallic contact is 
probably the most important function of a lubricant, 
there is still much to be learned about the transition 
from a condition of “no-contact” to one of continuous 
contact. This is the region where lubrication goes from 
the desirable “hydrodynamic” condition to the less- 
acceptable “boundary” condition, where increased me- 
tallic contact usually leads to higher friction and wear. 
Consequently, it is important to learn as much as possible 
about the factors which determine or influence the extent 
of metallic contact in a lubricated system. 

The present paper describes the results of studies 
which have been made of metallic contact, friction and 
surface damage between sliding, lubricated surfaces. The 
object of this investigation was fourfold: (a) to develop 
a simple device for measuring both metallic contact and 
friction; () to determine to what extent metallic con- 
tact actually occurs under these conditions; (c) to find 
out what are the important factors influencing the degree 
of contact (e.g., load, speed, time, lubricant composi- 
tion); and (d) to relate metallic contact, if possible, to 
friction and/or surface damage. Future papers will deal 
with the importance of lubricant variables—including 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1 Research Engineer, Products Research Division, Esso Re- 
search and Engineering Co., P.O. Box 51, Linden, New Jersey. 


viscosity as influenced by temperature, pressure, shear 
rate and time effects, and the action of various antiwear 
additives. 

The system used consisted basically of a fixed metal 
ball loaded against a rotating steel cylinder. The extent 
of metallic contact was determined by measuring both 
the instantaneous and average electrical resistance be- 
tween the two surfaces. Friction between the ball and 
cylinder was recorded simultaneously with contact. Be- 
fore describing the experimental equipment and _ tech- 
niques, however, it may be helpful to review briefly the 
basic principles in more detail and some of the work 
which has already been done with similar techniques. 


Background 


The use of electrical resistance measurements to study 
the formation and breakdown of lubricant films between 
rubbing surfaces is not new. However, relatively little 
has been published in this area. Using this method, 
studies have been made of the lubrication of piston rings 
and cylinders in an engine (1,2), thrust bearings (3), 
journal bearings (4), gears (5,6), and discs (7). 

As an illustration of the basic principle involved in 
these studies, the specific electrical resistance for pe- 
troleum products ranges from about 10"! to 10%® ohm 
cm, whereas for the common metals, it is usually less 
than 10-* ohm cm. For example, the value for iron at 
20C is about 10-5 ohm cm. From this, the electrical 
resistance may be calculated where applicable by means 
of the expression R=pL/A where R= resistance, 
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I = length, A = cross-sectional area and p = specific 
resistance. However, according to Maxwell (8), the 
normal resistance formula does not apply when two large 
metallic conductors make contact over a small area of 
their surface. Maxwell showed that constriction of the 
current stream introduced a “spreading resistance” equal 
to p/2r where r equals the radius of a circular contact 
area. This was also shown later by Holm and is dis- 
cussed in his classic work on electrical contacts (9). 
Bowden and Tabor (10) use this idea and express the 
resistance of a metallic junction as the sum of a “‘spread- 
ing” and “film” resistance where the latter is due to oxide 
layers and other contaminant films. Their work with 
nonlubricated metals suggested that this “film” resist- 
ance was negligible perhaps because of rupture of the 
oxide layers. Nevertheless, the resistance of a metallic 
junction is very small when compared to that of an oil 
film as shown by the calculated data in Table 1. 

It can be seen that the oil films in this example have 
a resistance of about 10® to 10%§ times as great as the 
metal junctions. However, another important factor 
must be kept in mind. If the voltage gradient is too 
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high, electrical discharge may occur through the oil film. 
Courtney-Pratt and Tudor (2) and Tudor (4) found 
that in their particular systems, electrical discharge oc- 


TABLE 1 
Effect of Oil Film Thickness and Extent of Metallic Contact on 
Electrical Resistance® 








Area of Oil film Calculated 
actual metallic thickness resistance? 
contact (cm?) (cm) (ohms) 

0 10-2 109-1014 
0 10-3 108-1013 
0 10-4 107-1012 
0 10-5 106-1011 
0 10-6 105-1010 
10-8 — 10-1 
10-6 — 10-2 
10-4 — 10-3 
10-2 — 10-4 





@ Geometrical cross-sectional area = 1 cm?. 
>’ Based on p= 1011 — 1016 ohm cm for oil films and the 
spreading resistance for an iron junction. 
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Fic. 1. Rotating cylinder device used in metallic contact and friction studies. 
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curred at voltages above 0.2 to 0.3 volts. Although little is 
known about the discharge characteristics of thin oil 
films, Cameron e¢ al. (11-13) have used this method 
in an attempt to determine the thickness of oil films 
between rubbing metal surfaces under a condition of “no 
contact.” In this work, “discharge voltage” was defined 
as the voltage drop across a thin oil film when a constant 
current of one ampere is passed through this film. It 
was found that the “discharge voltage” for several oils 
was about 4% volts per 0.001 inch or 1.8 kv/cm(11). 
This “discharge voltage” is not the same as the dielectric 
strength. Dielectric strength is defined as the maximum 
potential gradient which a dielectric will sustain without 
permitting a visible or audible electrical discharge under 
a given set of standard experimental conditions. Com- 
mercial lubricating oils usually have a dielectric strength 
of about 60-150 kv/cm, although for highly purified oils 
this value may go as high as 380 kv/cm (14). The sig- 
nificance of these various electrical methods which have 
been used will be discussed in a later section of this 
paper. 


Experimental 
GENERAL DESCRIPTION OF THE MECHANICAL DEVICE 


As seen in Fig. 1, the device consists essentially of a 
test piece—in these experiments, a fixed metal ball % 
inch in diameter—resting on top of a rotating cylinder 
which dips into the test lubricant. The load between the 
ball and cylinder is obtained by first counterbalancing 
the supporting arm and then adding weights to a pan— 
the upper part of which is shown. The applied load can 
vary from a few grams to several thousand. With steel- 
on-steel, the loads are equivalent to calculated mean 
Hertz pressures of about 11,000 to 141,000 psi (for loads 
of 2 and 4000 grams, respectively). 

The cylinder is mounted on a horizontal shaft and can 
be rotated at speeds from about 60 to 3000rpm by 
means of a DC motor which has continuously variable 
speed. The speed is measured by means of a light beam 
which is reflected from small mirrors attached to the 
shaft. The reflections are detected by a photoelectric 
cell and counted with a pulse counter. This system has 
the advantage of being entirely frictionless and quite 
accurate at both low and high speeds. 

The entire device is simple and yet quite flexible. If 
necessary, the supporting arm which holds the upper 
test specimen can be moved up and down to accommodate 
cylinders of different diameters. Furthermore, different 
chucks may be used to hold spheres of various sizes or 
other geometrical shapes such as cylinders, concave 
surfaces or flat blocks. 


MEASUREMENT AND RECORDING OF METALLIC CONTACT 


The electrical resistance between the ball and cylinder 
is determined by a voltage drop method. The electrical 
circuit used for the resistance measurements is shown 
in Fig. 2. A 1% volt dry cell is used as the voltage 
source or DC input. The resistance scale switch box 
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Fic. 2. Circuit used in measurement of electrical resistance. 


accomplishes two things. One, it reduces the voltage to 
1/100 the input or to about 15 mv in this case. The low 
voltage minimizes electrical discharge through the oil 
film. (In a following section, it will be shown that there 
is no electrical discharge at this voltage.) Two, the mid- 
scale resistance can be changed without changing the 
output voltage. For example, when the switch is at the 
No. 1 position, the resistance corresponding to 7.5 mv is 
10,000 ohms. Likewise, for switches 2, 3, and 4, the 
mid-scale resistances are 1000, 100, and 10 ohms, re- 
spectively. This allows one to examine certain resistance 
ranges more closely during an experiment without chang- 
ing the applied voltage. A plot of R,—the unknown 
resistance at the junction of the two rubbing surfaces— 
against voltage drop is shown in Fig. 3, where the mid- 
scale resistance is equal to 10,000 ohms. Although it is 
obvious that this plot alone cannot be used to determine 
the values of unknown resistances over the entire range 
with equal precision, it will be shown later that this does 
not affect the results of the present study. 

The current path from the cylinder is through the 
shaft and a rotating copper disc immersed in mercury. 
This method gave a satisfactorily low and constant re- 
sistance during operation. The instantaneous resistance 
can be viewed and photographed from the oscilloscope 
screen. In addition, one pen of a two-pen recorder is 
used to record the “average” electrical resistance during 








4 M. J. Furey 

















SE = 
o fF a 
3 : 
= 10r 4 
3 oF aa 
= + a 
4! — 4 
: 5. ‘id 

oL l l 1 l 7 

10 102 10° 104 108 10® 107 

Ry (OHMS) 


Fic. 3. Variation in voltage across ball and cylinder with 
resistance. 


a test. As will be shown in a following section of this 
paper, this “average” resistance is meaningless by itself 
but is directly related to the per cent of the time that 
metallic contact exists. 


MEASUREMENT AND RECORDING OF FRICTION 


Frictional force between the ball and cylinder can 
also be determined with this device. As can be seen 
from Fig. 1, the chuck which holds the ball is free to 
rotate about precision bearings. However, its motion 
is restrained by a metal spring. Frictional force on the 
ball causes a deflection of the chuck depending upon the 
force and nature of the spring. This deflection is mea- 
sured by the use of a free-moving iron core inside a 
small differential transformer. The position of the iron 
core, which is connected to the chuck, is determined 
electrically by the changes which occur in the output of 
the transformer. The signal is amplified and indicated 
on a bridge monitor. It is also recorded continuously 
by the other pen of the two-pen recorder. The electri- 
cal circuit for the friction measurement is shown in 
Fig. 4. 

The friction-measuring unit is calibrated by inserting 
a small hook at the bottom of the chuck and hanging 
known weights on a fine thread passed through this 
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BRIDGE MONITOR 
Fic. 4. Circuit used in measurement of friction. 


hook and over the pulley at the end of the arm. The 
calibrations are generally linear, and the working range 
with a given spring can be altered by varying the bridge 
sensitivity. If necessary, different size springs can be 
used for various load ranges. Safety stops prevent the 
chuck from moving more than 0.001 inch although the 
deflection is actually less than this in normal operation 
(ca. 0.00001 inch to 0.0005 inch). Excessive vibration 
of the chuck at certain loads and speeds is eliminated 
by viscous damping. This is accomplished by placing 
a small plate on each side of the chuck parallel to its 
motion and about 0.004 inch from the chuck. Mineral 
oil is used as the damping fluid in this clearance space. 

The complete apparatus—including the rotating 
cylinder device, associated controls and recording equip- 
ment—is shown in Fig. 5. 


GENERAL TEST PROCEDURE 


The test procedure is quite simple. Before starting 
a test, a calibration is made of the junction resistance 
against the recorded voltage drop on the chart. This is 
done by inserting a decade resistance box between the 
two test specimens. The test oil is then charged, the 
proper weights are added to the pan, the desired speed 
of the cylinder is obtained, and the upper arm is lowered 
into place. In ending a test, the reverse procedure is 
used. A new upper test piece and fresh track on the 
cylinder are employed for each test at a given load and 
speed. By moving the cylinder longitudinally along the 
shaft, as many as ten tests can be run on the cylinder. 


Test ConpITIoNs Usep IN TuIs STuDY 


A summary of the test conditions used in the work 
thus far is shown in Table 2. It can be seen that the 
applied load was varied by over a thousandfold and the 
speed by a factor of fifty. 


TABLE 2 
Test Conditions 


System AISI 52100 Steel 

¥%% diam. ball on 134 inch diam. 
cylinder 

60-3000 

14-700 

3.75-4000 

13,700-141,000 





Speed: (rpm) (cm/sec) 


Load (grams) 
Calculated mean 
Hertz pressure (psi) 





The test balls were standard Grade 1 balls having a 
surface finish of about 2 microinches CLA. The cylinders 
were machine ground to a surface roughness of 8-10 
microinches CLA and had a total variation in roundness 
of less than 0.0001 inch. Before use, the test specimens 
were rinsed in boiling heptane, boiling methanol con- 
taining 5% distilled water, and boiling methanol, in that 
order. This removes most of the oily and inorganic sub- 
stances and at least insures a reproducible state of 
“mechanical” cleanliness. 

So far, the tests have all been carried out at room 
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temperature (ca. 75-80F). The duration of the tests 
has varied from 16 minutes to several hours, depending 
upon the nature of the lubricant and particularly upon 
the rate of change of contact and friction with time. 


ADVANTAGES 


The new device is simple and straightforward both in 
construction and in interpretation. The test does not 
depend on destruction of the test piece, or running until 
failure. However, the greatest advantage is that the 
entire history of the test is recorded. Changes in be- 
havior with time can be studied so that the rate of 
action as well as the over-all effect can be measured. 
This is particularly useful for studying additives where 
unusual effects may occur with time during a test. For 
example, with some additives there may be an “induc- 
tion” period before antiwear activity appears. 

In addition, special “carry-over” tests can be run to 
determine how long the beneficial effect of a particular 
lubricant additive will last. After a normal test with 
an additive oil, the lubricant is removed and the test 
pieces are thoroughly rinsed with hexane to remove 


ROTATING 
CYLINDER 


residual oil. Then using the same ball and track, a 
second test is run—this time with the base mineral oil. 


Results and discussion 
INSTANTANEOUS Vs. “AVERAGE” ELECTRICAL RESISTANCE 


Examples of electrical resistance results obtained on 
the oscilloscope screen are shown in Fig. 6. These results 
represent separate experiments with the same oil at 
various loads and speeds. It is seen that the instan- 
taneous resistance is either infinite or very low and can 
oscillate rapidly between these extremes—the duration 
of low resistance being as short as a millisecond. In these 
experiments, the low value was found to be approxi- 
mately equal to the static resistance of the ball/cylinder 
junction. This behavior is a general one; changes in 
load or speed were found to change the per cent of the 
time that the resistance was extremely high (or low), 
but the extremes remained at the same levels. It is be- 
lieved that this behavior is due to the intermittent na- 
ture of metallic contact brought on by surface irregulari- 
ties. Similar intermittent contact has been shown by 
Courtney-Pratt and Tudor (2). 
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Fic. 5. Complete test apparatus. 
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Fic. 6. Examples of resistance vs. time traces on oscilloscope screen. 


An example of the recorded resistance and friction 
results is shown in Fig. 7, which is part of the chart 
from the two-pen recorder. The resistance values now 
recorded are “average” and not instantaneous. They 
have been slowed up purposely by the condenser in the 
circuit and also by the response of the recorder itself. 

























eof (NO METALLIC CONTACT) | 
ail 
a t RESISTANCE t 
x 
58 rs} 
wz x 
aja oO 
we ire 
s 24 r 4 
ww oO 
ow = 
~ 5 
= x 
2 FRICTION & 

12F] | L N 

0 4 8 12 16 


TIME (MINUTES) 
Fic. 7. Example of recorded resistance and friction data ob- 
tained with a straight mineral oil. 


As we have seen from the oscilloscope pattern shown in 
Fig. 6, the actual resistance is rapidly fluctuating from 
one extreme to another. Consequently, the recorded 
“average” resistance is a time-average and is a function 
of the per cent of the time that the resistance is low. 
It is this per cent which will be referred to in the re- 
mainder of the paper as “per cent metallic contact.” 

It is important to note that proper conclusions could 
not have been drawn from the use of the indicated 
“average” resistance alone. As a specific example, when 
the chart reads a mid-scale deflection, the oscilloscope 
indicates that half the time the resistance is extremely 
low. In other words, metallic contact is estimated to be 
occurring 50% of the time. On the other hand, a 
separate calibration of the chart using various known 
resistances might indicate that mid-scale deflection cor- 
responds to a resistance of 10,0000hms. To assume, 
therefore, that one is in a state of hydrodynamic or 
full-fluid lubrication when the “average” resistance is 
10,000 ohms is, of course, not necessarily correct. 

This is a different concept of “average” or “mean” 
electrical resistance from that reported by other authors. 


In studies of disc lubrication, for example, Crook (6) 
used the mean value of the instantaneous resistance 
(averaged over a period of approximately 2 seconds) to 
show the existence of some form of hydrodynamic lubri- 
cation. Although this may have been true, it does not 
necessarily follow from the value of such an “average” 
resistance alone. Our measurements tend to the belief 
that even when the “average” resistance is fairly high, 
a considerable amount of metallic contact can be taking 
place, and that metallic contact is, in fact, more pre- 
valent than otherwise reported. 


EFFECT OF APPLIED VOLTAGE ON RESISTANCE 
MEASUREMENTS 


As discussed in an earlier part of this paper, the 
applied voltage used in the measurement of the electrical 
resistance between lubricated metal surfaces must not 
be so great so as to cause discharge through the oil 
film. This discharge could easily be misinterpreted as a 
low resistance due to metallic contact. To minimize the 
occurrence of electrical discharge in the present study, 
the applied voltage was kept low—that is, at 15 milli- 
volts. However, one could argue that lowering the ap- 
plied voltage only decreases the thickness of the oil film 
through which discharge occurs. If discharge were ac- 
tually taking place even at 15 mv, it was reasoned that 
decreasing the applied voltage should result in less 
“apparent metallic contact,” while increasing the voltage 
should cause more. 

To investigate this point, the influence of applied 
voltage from 0.1 to 4500 mv on the apparent per cent 
metallic contact was determined at several different 
loads and speeds. An example of the results obtained 
is shown in Fig. 8, where it is seen that there is no sig- 
nificant effect of voltage from 0.1 to 1500 mv. However, 
at 3000 mv and above, the measured resistance was low 
(100% apparent metallic contact), presumably because 
of discharge. It was also found that polarity had no 
effect on the resistance measurements. These results 
indicate that electrical discharge is not occurring at the 
voltage used in this study and that the instantaneous 
low resistance values are—as previously stated—due to 
metallic contact. This contention is further supported 
in a later part of this paper by the results of examina- 
tions of the test pieces for surface damage. 
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Fic. 8. Influence of applied voltage on apparent per cent 
metallic contact. 


It is of interest to note that when the applied voltage 
was great enough to cause discharge, both the amount 
of surface damage and friction increased. Furthermore, 
in static tests with 14 inch diameter steel balls at known 
distances apart, it was found that electrical discharge 
through a mineral oil even at % volt could cause black, 
carbonaceous, high-resistance deposits to form between 
the balls. These observations, coupled with the previ- 
ously discussed point that “average” measurements of 
rapidly varying electrical quantities can be extremely 
misleading, suggest that the discharge method used by 
Cameron e¢ al. (11, 12) to measure oil film thickness 
may produce erroneous results. 


CHANGE OF METALLIC CONTACT WITH TIME 


In the present study, it was found that metallic con- 
tact with straight mineral oils generally decreased some- 
what with running time as illustrated by Fig. 9. This is 
a plot of per cent metallic contact versus time at a con- 
stant speed of 240 rpm (56 cm/sec) and at loads ranging 
from 3.75 to 240 grams (13,700 to 54,700psi mean 
Hertz pressure). 

As will be seen later, the observed effects of time on 
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Fic. 9. Effect of operating time on metallic contact with a 
straight mineral oil. 


metallic contact with straight mineral oils are small in 
comparison with load, speed, and viscosity effects. 
Nevertheless, this behavior prompted some additional 
experiments. First, it was found that in consecutive tests 
with a single charge of mineral oil—using a fresh ball 
and cylinder track for each test—essentially identical 
effects of running time were observed. This showed that 
the effect of time was not due to a change in the oil. 
Second, the same time-effect also occurred when the 
voltage (15 mv) used in the resistance-measuring circuit 
was applied only near the end of a test. This demon- 
strated that the effect was not due to the voltage used 
to measure metallic contact. Third, in subsequent tests 
with new charges of mineral oil and using the same 
cylinder track and ball, it was found that there were no 
significant discontinuities in contact from test to test. 
This indicated that the observed time-effect was due to 
the changes which occurred on the rubbing metal surfaces 
—probably a polishing or wearing effect which allowed 
the surfaces to be more easily separated by the oil film. 

When antiwear or “EP” additives are present, the 
change of per cent metallic contact with time is more 
pronounced. It was found that additives differ markedly 
in the rate at which they act, and this may be helpful 
in elucidating their antiwear action. This is illustrated 
by Fig. 10, which is a plot of per cent metallic contact 
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Fic. 10. Effect of operating time on metallic contact with 
additive oils. 


against time for several lubricant compositions at a load 
of 4000 grams and a speed of 480 rpm (112 cm/sec). All 
the additives discussed in the following sections were 
used in the same mineral oil base (Oil A) at a concen- 
tration of 1%. It can be seen that the base mineral oil 
produces continuous metallic contact throughout the 64 
minute test under these test conditions. Furthermore, 
each of the four additives causes a reduction in metallic 
contact but at considerably different rates. For example, 
Additive A—a halogen compound—acts very gradually 
to reduce contact throughout the test. Additive B—a 
dispersed solid—appears to function instantaneously 
without further improvement as the test proceeds. Addi- 
tive C—an organic phosphate—acts very rapidly with 
its effect leveling off at about 20% metallic contact. 
On the other hand, Additive D—a metal dithiophos- 





8 M. J. Furey 


phate—requires a certain induction period and then acts 
very rapidly to reduce metallic contact to almost zero. 
In other cases, even longer induction periods are required 
before an additive begins to reduce metallic contact. 


TRANSITION FROM HypRODYNAMIC TO BOUNDARY 
LUBRICATION 


The new device is particularly suited for studying the 
transition between hydrodynamic and boundary lubri- 
cation. Whether the lubrication for a given geometry 
will be hydrodynamic or boundary is often determined 
by the applied load, the surface speed and the viscosity 
of the lubricant. Each of these three variables has been 
studied in the new device. 


Load 


A typical example of the effect of load on per cent 
metallic contact with a straight mineral oil is shown in 
Fig. 11. These data were obtained at a constant speed 
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Fic. 11. Influence of load on metallic contact. 


of 240 rpm with a straight mineral oil. It can be seen 
that contact increases markedly with load, forming a 
curve similar to a cumulative distribution plot. It is 
also seen that these experiments covered the entire range 
of metallic contact from 0 to 100%. 

Figure 11 also gives an indication of the repeatibility 
of the contact measurements. Each point represents a 
separate test with a new ball and fresh cylinder track. 
Furthermore the results shown were obtained on a total 
of four different cylinders. As would be expected, the 
errors were found to be smaller as one approached either 
a steady state condition of no metallic contact or con- 
tinuous metallic contact. 


Speed 

The typical influence of cylinder speed on metallic 
contact with a straight mineral oil is shown in Fig. 12. 
The data shown were obtained at a constant load of 60 
grams using another straight mineral oil. It is seen that 
speed, like load, also has a marked effect on metallic 
contact. Increasing the speed reduces the extent of 
contact. The curve obtained is somewhat similar to the 
contact/load plot (Fig. 11) except that it slopes the 
other way. Again, the entire range from essentially 
no-contact to continuous contact is represented. 
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Viscosity 


An example of the influence of mineral oil viscosity 
on metallic contact is shown in Fig. 13. These data 
were obtained at a constant speed of 240 rpm. The oils 
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were both of the paraffinic type and—as shown in 
Table 3—varied in viscosity at the test temperature by 
a factor of about five. 


TABLE 3 
Mineral Oil Viscosities 





Viscosity (cp) 








Oil 10°R 210°F 
A 35.0 3.5 
B 177.6 8.7 





It is seen that increasing the viscosity shifts the curve 
to the right so that there is less contact at a given load. 
In general, the influence of viscosity on contact was 
found to vary with speed. At low speeds, the viscosity 
effect was much smaller. 


FRICTION 


With straight mineral oils, the average recorded fric- 
tion force did not vary appreciably during a test (e.g., 
as shown in Fig. 7), although it was influenced by load, 
speed, and viscosity. An example of the effect of load 
and speed on friction is shown in Fig. 14. With less 
viscous oils, the influence of speed on friction was much 
smaller. 
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Fic. 14. An example of the effect of load and speed on friction. 


In general, it was found that in the hydrodynamic 
regime—at low loads and high speeds—more viscous oils 
gave higher friction. However, at higher loads (or lower 
speeds) the more viscous oils produced lower friction. 
In the first case, the friction is probably the result of 
the viscous drag of the oil; in the second case, the more 
viscous oil is reducing the extent of metal-to-metal con- 
tact and thus decreasing this component of friction. 

Although the friction obtained with straight mineral 
oils was reasonably constant with time, this was not 
true with many of the oils containing antiwear or “EP” 
additives. An example is shown in Fig. 15 where both 
friction and electrical resistance are plotted against 
time. This test was carried out at a speed of 240 rpm 
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obtained with an additive oil. 


and at a load of 240 grams. It can be seen that friction 
—as well as metallic contact—decreased rapidly during 
the test. With the additive oils, friction was also in- 
fluenced by load, speed, and additive type but not in a 
simple manner. 


SURFACE DAMAGE AND WEAR 


Visible surface damage occurred on the balls and 
cylinders used in these studies. Examples of wear tracks 
formed on the cylinders are shown in Fig. 16. These 


cylinders were obtained from a series of tests at various 
loads and speeds with two of the mineral oils previously 
discussed (Oils A and B). It is also seen from this 
figure that the more viscous mineral oil (Oil B) produces 
much less damage. Examination of these surfaces under 
a microscope showed that the width of the wear track 
is more closely related to metallic contact than to fric- 
tion. In addition, surface damage was never observed 
under conditions which resulted in no or very little 
metallic contact. It was also found that the amount of 
surface damage was not affected by the low voltage 
(15 mv) applied between the ball and cylinder. 


DURABILITY OF PROTECTIVE ANTIWEAR FiILmMs WHICH 
May Be ForMED 


Another advantage in being able to record contact 
and friction continuously is in the study of the durability 
of protective films which may be formed on the rubbing 
metal surfaces by the additives. An example of some 
contact data obtained in this type of investigation is 
shown in Fig. 17. This shows a normal test followed by 
a test with the base mineral oil (Oil A) for several of 
the additive oils previously discussed. The tests were 
run at a load of 4000 grams and at a speed of 480 rpm. 

It can be seen that, as expected, the rate at which 
additives function in reducing contact has nothing to 
do with the rate at which these beneficial conditions are 
removed or destroyed. Additive A acts gradually and 
shows a prolonged, erratic carry-over effect; additive B 
acts instantly and exhibits no carry-over effect; whereas 
additive C is quick-acting and has a long-lasting carry- 
over. In addition, some slow-acting additives were found 
to show little or no carry-over effects. 


Conclusions 


In conclusion, a new device has been developed to 
measure and continuously record both the extent of 
metallic contact and friction between sliding metal 
surfaces. This device has proved particularly useful in 
studying: (a) the transition from a condition of no 
metallic contact (hydrodynamic lubrication) to one of 
continuous metallic contact (“boundary” lubrication) ; 
(6) the time history of metallic contact and friction 
phenomena; and (c) the action of antiwear and “ex- 
treme pressure” additives. 

The device is basically simple and yet extremely 
flexible. Effects of load and speed can be investigated 
over a wide range. For example, with the system used 
in this study, the load was varied from 3.75 to 4000 
grams (13,700 to 141,000psi mean Hertz pressure). 
In addition, the speed was varied from 60 to 3000 rpm 
(14 to 700 cm/sec). 

Using this apparatus, it was found that appreciable 
metallic contact of an intermittent nature can occur 
under reasonably light loads. In addition, metallic con- 
tact was indicated to be more prevalent than one might 
have expected from other published data. 

Time, load, speed, mineral oil viscosity, and additive 
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type were found to be important variables influencing 
metallic contact and friction. With straight mineral oils, 
the influence of operating time on metallic contact ap- 
pears to be due to a polishing effect due to wear. The 
effects of load, speed, and viscosity are probably due to 
changes in the thickness of the oil film. These effects 
are qualitatively in agreement with what would be ex- 
pected from hydrodynamic theory. However, it should 
be pointed out that attempts to correlate the mineral oil 
data obtained thus far with a single, dimensionless group 
have not been entirely satisfactory. 

Either of two different mechanisms could explain the 
action of the various antiwear and “EP” additives in 
reducing contact. One, an additive could promote or 
accelerate polishing of the metal and possibly allow the 
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surfaces to become more easily separated by oil. Two, 
an additive could form protective films or substances 
with insulating properties between the rubbing metal 
surfaces. Some evidence has been obtained in support 
of each of these two mechanisms. However, much more 
work is necessary to resolve this point. 

In general, surface damage was found to be more 
closely related to metallic contact than to friction. In 
addition, the effects of additives on metallic contact 
were much more pronounced than their effects on fric- 
tion. 

Using this apparatus, studies are continuing on the 
effect of lubricant composition on metallic contact, fric- 
tion, and wear. Included in this work are the effects of 
(a) viscosity as influenced by temperature, pressure, 





LUBRICANT: MINERAL OIL A 











LUBRICANT: MINERAL OIL B 

















Fic. 16. Used test cylinders. 
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Fic. 17. Example of metallic contact data obtained in normal 
and carry-over tests with additive oils. 


shear, and time effects and (b) antiwear and “extreme 
pressure” additives with particular emphasis on the 
mechanisms by which they function. These topics will 
be the subject of future papers in which some of the 
points illustrated in the present paper will be dealt with 
in considerably more detail. 
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Development of Iron-Base Seal Materials for High a 

Temperature Applications* : 

By ROBERT J. MacDONALD! m 

pe 
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This paper describes an experimental investigation of materials for use as high temperature rub- of 
bing seals. 

The results of a comprehensive evaluation of the rubbing properties of commercial high speed gr 
tool steels are presented. It is shown that molybdenum steels have desirable high temperature a 
seal characteristics. Tungsten steels, on the other hand, exhibit inferior properties. The best over- Pl 
all performance is demonstrated by a steel containing both molybdenum and tungsten in combina- 
tion with cobalt. th 

These commercial tool steels are not effective over 1000 F; therefore, new material combinations tl 
were sought. Using powder metallurgy techniques, a series of iron-base alloys containing molyb- a 
denum and cobalt was studied. It was found that alloys containing from 5 to 20% of both Vv 
molybdenum and cobalt exhibit excellent rubbing properties up to 1200F, and in general, are b 
superior to the tool steels tested. is 

Further testing of Fe-Mo-Co materials revealed that friction and wear are markedly dependent 
upon the test conditions. A minimum coefficient of friction was obtained with the highest surface T 
speed (150 fps) and with the highest ambient temperature (1200 F). 

The desirable rubbing properties of this family of materials are explained in terms of surface 
oxidation products which act as solid-film lubricants during high temperature rubbing. d 

C 
I 


Introduction 


THE need for improved materials for bearings and seals 
to operate at high rubbing speeds, at elevated tempera- 
tures, and without lubrication is of widespread interest. 
In many present day applications involving gas turbines 
and other power plants, various carbon-graphites in 
combination with chrome plated materials are common 
for oil seals and other similar components. In many in- 
stances, these materials will continue to be useful despite 
their inherent disadvantages of fragility and lack of oxi- 
dation resistance above 700-800 F. 

With the advent of the more advanced power plants, 
materials superior to the carbon-graphites with respect 
to mechanical properties and oxidation resistance are 
necessary. For this reason, the material development and 
evaluation program reported herein was initiated to find 
a suitable seal material for unlubricated rubbing applica- 
tions at high surface speeds and at ambient temperatures 
up to 1200 F. In searching for these improved seal ma- 
terials, the following properties were used as criteria to 
judge their relative merits: 


1. Wear Resistance. The material should wear not at 
all or at a low, uniform rate. 


2. Toughness. The material should be strong without 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October, 1960. 

1 Head, Bearing Materials Section, Mechanical Research Div., 
Clevite Corp., Cleve’and, Ohio. 
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brittleness. Excessive fragility hampers engine as- 
sembly, as well as increasing the probability of 
operating failure. 

3. Corrosion and Oxidation Resistance. The material 
should resist oxidation and corrosion by air, oil, 
and oil products. 

4. Thermal Shock Resistance. The material must 
resist fracture or damage by extremely fast heat- 
ing or cooling rates such as those associated with 
gas turbine engines. 

5. Thermal Expansion. The expansion of the ma- 
terial due to heating should match closely that of 
the mating components. 

6. Heat Conductivity. The material should be capa- 
ble of conducting heat away from the rubbing 
interface, thus maintaining seal temperatures as 
low as possible. 

7. Machinability. The material should lend itself for 
machining by standard practices. 


It was felt that the selection of a potential seal ma- 
terial was largely an empirical process and should consist 
of testing various combinations of materials to evaluate 
their frictional and wear behaviors. The sliding proper- 
ties required in other applications also can be important 
in seals. Tool bits, for example, possess many of the 
requirements cited above. Therefore, initial work in the 
investigation was directed toward this class of materials. 

Test data soon pointed out that certain grades of high 
speed steel exhibited very desirable properties for seals 
at elevated temperatures, under specified test conditions. 
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In addition to low friction and wear, these materials 
possessed mechanical properties which were advantageous 
with respect to the brittle carbon-graphites. 

By studying various steel compositions, it was possible 
to establish certain trends which related success or failure 
to the particular combinations of elements in the ma- 
terial. In many respects, however, these steels did not 
meet all the requirements demanded for elevated tem- 
perature seals. Therefore, an alloy development pro- 
gram was based on the concepts derived from the study 
of tool steels. Using powder metallurgy techniques, a 
group of materials based on iron, molybdenum and 
cobalt was formulated which had more desirable rubbing 
properties than the high speed steels.” 

This paper describes the preliminary work leading to 
the development of this class of materials. In addition, 
the rubbing characteristics of these materials are evalu- 
ated with reference to ambient temperature, rubbing 
velocity, and alloying content. The mechanism which is 
believed to allow low friction under these test conditions 
is discussed. 


Test equipment 


The test equipment used in this investigation has been 
described previously. A brief outline of the essential 
components of this equipment, however, is presented 
here. 

It consists essentially of a driving member for apply- 
ing high rotative speeds to one of the test specimens, and 
a stationary member with which the load can be applied 
through the other test specimen. A furnace encloses the 
mating test seals to provide elevated ambient tempera- 
tures. 

A photograph of the test section with furnace assembly 
is shown in Fig. 1a. The torque arm which is connected 
to the stationary face seal is evident in the upper left 
corner of the photograph. The rotating specimen is 
driven through an intermediate spindle by a constant 
torque dc motor in combination with a motor-generator 
set. Speeds up to 15,000rpm, with rubbing surface 
velocities up to 150 fps, are attainable. The furnace is 
capable of maintaining the ambient temperature at 
1200 F or higher. Provisions are made to admit gases 
to the furnace to allow operation of the test seals in 
various atmospheres, or in some cases, to control the 
ambient temperature as influenced by the rubbing tem- 
perature. Complete instrumentation provides for the 
indication or recording of load, torque, speed, and tem- 
perature. 

The test specimens are rings 24 inches OD by 2 
inches ID by +; inch thick. This configuration was 
selected because it approximates the rotative rubbing 





2 A patent for these materials has been applied for by the 
author’s company. 

3 J. Cerness, D. Strong, K. Pilarczyk, “Frictional Properties 
of High-Temperature Seal Materials.” ASLE No. 57AM-1A-2, 
April, 1957. 


action of an actual seal. In addition, this shape is rela- 
tively easy to machine and lends itself to fabrication 
by powder metallurgy techniques. 

The test seals are retained by identical holders. Figure 
1b illustrates the specimens, which have been shrunk 
into the steel holders, together with the thermocouple 
located near the rubbing interface (within jy inch). 
A dowel pin in each holder with a matching notch in 
the test seal prevents any possible rotation of the speci- 
mens during the test. 


Test procedure 


Prior to testing, the test seals are carefully ground and 
lapped to obtain a flatness of three helium light bands 
(0.000035 inch) with an average surface finish of 2-5 
microinches. The rings are then cleaned and precisely 
positioned in the machine. The thermocouples are 
located, the furnace assembly closed, and the ambient 
temperature increased to the desired test level. The 
general test procedure consists of a five-hour run at 
specified conditions of load, speed, and ambient tempera- 
ture, including a short break-in period of five minutes 
at 10 psi and five minutes at 14 psi. 

At the conclusion of the test, four factors are used as 
criteria for judging the performance of a material. These 
are: (a) linear wear; (5) visual appearance; (c) coeffi- 
cient of friction; and (d) rubbing surface temperature. 

The thickness of both specimens is measured at four 
points around the ring before and after the test to indi- 
cate any linear wear or growth which has occurred. 
Scaling, oxidation, scoring, and galling are determined 
by visual inspection. The coefficient of friction is cal- 
culated from the recorded torque readings. Both ambient 
temperatures and stationary specimen temperatures 
were continuously recorded throughout the test. Ambient 
temperatures were measured in close proximity (4 inch) 
to the external periphery of the specimens. The tem- 
peratures reported in this paper are ambient tempera- 
tures. Both the specimen temperature and torque are 
used to determine when the test must be terminated. 


Experimental program 
GENERAL 


In the evaluation of suitable materials for high speed, 
high temperature seal applications, all testing was done 
with an applied load of 18 psi, with ambient tempera- 
tures from room temperature to 1200 F, and with surface 
rubbing velocities from 16 to 150 fps. All tests were run 
for five hours unless stopped by material failure. The 
reported values for friction and wear are averages of a 
minimum of three tests. Individual data were usually 
reproducible with + 10%. 


CoMMERCIAL H1GH SPEED STEELS 


During the initial phase of the investigation, a number 
of commercial high speed steels were evaluated as possi- 
ble seal materials. These steels were of the molybdenum 
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or tungsten type, and generally contained smaller per- 
centages of chromium, vanadium, and carbon. 

Test data from four representative materials are shown 
in Fig. 2. These compositions differ primarily with 
respect to their Co, Mo, and W contents, and have 


CREE RE RST 


essentially equal amounts of Cr. These steels are classi- 
fied according to AISE-SAE designations as M-10, 
H-41, M-2, and M-36. The data presented in Fig. 2 
were obtained from tests run at 18 psi and with a surface 
rubbing speed of 150 fps. Ambient temperatures which 








Fic. 1. High temperature, high speed test machine. (a) Photograph of test section. (b) Sketch of specimen mounting. 
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Fic. 2. Friction data for high speed tool steels. 


were investigated are indicated. M-10 performed very 
well, exhibiting a coefficient of friction of about 0.06 at 
ambient temperatures from 600 to 1100F. The ma- 
terial, however, failed at 1200 F Torque was relatively 
steady with an occasional surge (see traces at top of 
Fig. 2). H-41, different only with respect to a slightly 
higher Mo and W content, indicated comparable wear 
and friction behavior as did M-10, up to 1000F. At 
1100 F, wear was excessive necessitating the termination 
of the test before the completion of five test hours. 
M-2 is characterized by a reduction in Mo content and 
a substantial increase in the W content. Results gener- 
ally were unfavorable with failures due to high torque 
at 400 and 600 F, and extremely unstable torque traces 
with high wear rates at 800 and 1000 F. H-36 differs 
from M-10 and H-41 with respect to both Co and W 
contents, and differs from M-2 with respect to Co only. 
In comparison to M-10 and H-41, M-36 exhibited com- 
parable wear and friction behavior up to 1100 F. How- 
ever, it should be noted that torque stability with M-36 
is far superior to that found with either M-10, H-41 or 
M-2. Above 1100F, the rubbing properties of M-36 
were unsatisfactory. 

Numerous other commercial tool steels were evaluated. 
Most of these materials were inferior to the four dis- 
cussed above, and generally were unsatisfactory between 
temperatures of 600 and 1000 F. The nature of failure 
was similar in all cases with the rubbing faces invariably 
showing a discontinuous surface film characteristic of 


unsuccessful high speed steels. Only short test durations 
were possible with failure being dictated by a combina- 
tion of high wear rate, torque, or surface temperature. 


SINTERED MATERIALS 


The rather limited number of high speed steels which 
are available and their complex compositions made it 
impossible to investigate the effects of individual alloying 
elements on seal performance characteristics. This in- 
vestigation of commercially available materials, there- 
fore, was discontinued inasmuch as it was shown that 
they would not meet the required elevated temperature 
properties. 

Further work in alloy development was then planned 
which would utilize the information gathered from tests 
run with commercial tool steel materials. Fabrication 
by powder metallurgy was adopted because it would 
allow the combination of controlled compositions using 
high purity metal powders. In this way, the effects of 
individual alloying elements could be evaluated separately 
with the objective of formulating a composite material 
having the desirable high temperature rubbing properties. 
The iron-molybdenum system was selected for initial 
investigation. The intent was to investigate this family 
of materials and subsequently to determine the effect of 
each major alloying element, such as Co, when combined 
with Fe. 

The procedures used for preparing experimental alloys 
by powder metallurgy techniques were typical, involv- 
ing: weighing of relative metal powder additions, blend- 
ing the powders into a homogeneous mixture, compact- 
ing the powders under high pressure using a die of test 
seal configuration, and sintering the compacted part at 
elevated temperatures in a reducing atmosphere. A 
compacting pressure of 40 tons per square inch was 
adopted because it was commonly used in the sintered 
iron field, was a practical pressure, and provided good 
green strength and density for most materials. Sinter- 
ing, for the most part, was done at temperatures be- 
tween 2200-2300 F for a minimum of three hours using 
a hydrogen atmosphere. 


Iron-Molybdenum Compositions 


After sintering, the hardness and density of each ring 
was determined in order to compare different composi- 
tions, as well as to maintain conformity between different 
lots of identical materials. The first series of materials 
consisted of iron-base alloys containing from 5 to 20% 
(by weight) of molybdenum in increments of 5%. An 
examination of the data (Fig. 3), indicated that the 
best alloy of this group is the 10 Mo~-90 Fe material. 
These tests at an ambient temperature of 1000F, a 
surface rubbing velocity of 150 fps, and an applied load 
of 18 psi show that 100% sintered Fe is unsatisfactory 
as a seal material. Both high friction and wear are in- 
dicated. With the addition of 5% Mo, the wear drops 
almost by a factor of 10. The coefficient of friction, 
however, is only slightly less than that observed with- 
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out the Mo addition. With 10% molybdenum, the 
coefficient of friction drops to 0.075 with the wear rate 
remaining comparable to that observed with 5% molyb- 
denum. 
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Fic. 4. Effects of Co and Mo on friction of Fe-base materials 
at 18 psi, 150 fps, and 1000 F. 


With further additions of 15 and 20% of molybdenum, 
the coefficient of friction increases steadily, however, 
the change in wear rate is not significantly altered. Other 
alloys above 20% molybdenum generally exhibited very 
unstable torque conditions with moderate wear rates. 


Iron-Molybdenum-Cobalt _Compositions 


In attempting to improve the over-all performance of 
the iron-molybdenum materials, cobalt was substituted 
for part of the iron. The original material in this new 
series of ternary alloys contained 10 Mo—10 Co~—80 Fe 
which was a simple modification of the most successful 
binary Mo-Fe alloy. The improvement resulting from 
this addition, particularly with respect to torque stability, 
was so impressive that an extensive investigation of Fe- 
Mo-Co materials was launched. This series included 
many combinations of cobalt, molybdenum, and iron to 
a maximum of 20% molybdenum and 20% cobalt. 
Above these alloy limits, fabrication difficulties and other 
considerations restricted further increases in alloy con- 
tent. 

The test data from these alloy studies are graphically 
presented in Fig. 4 and Fig. 5. In Fig. 4, the effects of 
varying additions of both cobalt and molybdenum are 
shown on the coefficient of friction at 1000 F (ambient 
temperature). All tests were run at 150fps and at 
18 psi. It is interesting to note that the frictional be- 
havior of iron is not affected to any degree by the addi- 
tion of cobalt alone. Cobalt-containing alloys, however, 
did indicate greater torque stability. With 5% cobalt, 
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the best rubbing characteristics were observed with 10% 
molybdenum, although friction levels were nearly com- 
parable for additions of either 10, 15, or 20% molyb- 
denum. 

With 10% cobalt, all Co-Mo-Fe alloys investigated 
exhibited noteworthy properties with the most desirable 
friction behavior observed with a 10 Co-20 Mo~—70 Fe 
alloy. Using 15% cobalt, the best over-all performance 
was found, especially with the 15 Co-15 Mo~70 Fe 
system. Higher percentages of cobalt indicated still 
desirable rubbing characteristics, however, torque sta- 
bility was somewhat inferior to that noted with lower 
cobalt contents. It also is interesting to note that mini- 
mum friction appears to exist for alloys with a fixed 
molybdenum content and with varying percentages of 
cobalt. In general, this value appears in the vicinity of 
15 to 20% cobalt. 

In Fig. 5, the wear rate indicated by these tests is 
plotted with respect to variations in cobalt and molyb- 
denum alloy content. Contrary to trends observed for 
the coefficient of friction, the over-all effects of alloy 
variations on wear rate are not at all striking. In prac- 
tically all of the alloys tested, the combined wear rate 
(stationary plus rotating seal member) was less than 
0.001 inch per hour. The lowest wear rate was indicated 
with 15 Co-15 Mo-70 Fe and 20 Co-20 Mo—60 Fe 
compositions (about 0.0003—0.0005 inch per hour. Be- 
cause many of these Co-Mo-Fe materials had indicated 
such promising results, it was decided to select the best 
material combination for more extensive investigation. 
From a consideration of all the factors, the 15 Co—15 
Mo-70 Fe material was chosen. This alloy was selected 
because of its excellent sintering characteristics, its very 
satisfactory sliding performance, its relatively low alloy 
content, and its acceptable machinability. 


Tests at Various Sliding Velocities and Temperatures 


In the above described tests, ambient temperatures and 
rubbing surface velocities were maintained constant for 
each test. This allowed extensive testing of many alloy 
compositions. However, this did not serve to describe 
fully the properties of promising materials when exposed 
to variations in operating conditions such as would be 
encountered in commercial applications. Therefore, a 
series of tests was run to establish the performance of 
this material as affected by variations in rubbing speed 
and ambient temperature. 

These tests were all run at 18 psi with ambient tem- 
peratures ranging from room temperature to 1200 F and 
with surface rubbing velocities ranging from 16 to 150 
fps. In Fig. 6, the coefficient of friction for 15 Co—15 
Mo-70 Fe is graphically related to ambient tempera- 
ture and surface speed. An accurate measurement of 
surface-interface temperature was not possible. With a 
thermocouple placed about +4 inch from the surface of 
the stationary specimen, temperatures ranging from 900 
to 1500 F were recorded with ambient temperatures of 
75 to 1200 F. At high speeds of rotation (150 fps), it 


will be noted that the coefficient of friction shows only 
a slight decrease with increasing ambient temperature. 
As the rubbing speed is lowered, however, the decrease 
in friction with higher temperatures becomes consider- 
ably more pronounced. In a similar fashion, it can be 
seen that the coefficient of friction for any given ambient 
temperature decreases with an increase in surface rubbing 
velocity. This effect is more magnified at lower ambient 
temperatures. From these data then, it may be reasoned 
that decreasing frictional resistance is favored by both 
increasing rubbing speeds and by increasing ambient 
temperatures. 
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Fic. 6. Effects of ambient temperature and surface speed on 
the friction of 15 Co-15 Mo-70Fe at 18 psi. 


On the other hand, the effect of these testing variables 
on the over-all wear rate was somewhat different. Data 
on wear rate are presented in Fig. 7. With respect to 
ambient temperature, wear rate appears to react in a 
like fashion to friction, showing a tendency to drop with 
higher temperatures. Wear, however, increases with 
greater rubbing speeds opposite than to the trend estab- 
lished by friction. At a low speed (16 fps) and at 
ambient temperatures of either 1000 or 1200 F, no wear 
was found. In fact, a small gain in material was ex- 
hibited. Wear, then, may be said to decrease with in- 
creasing ambient temperature and with decreasing sur- 


face speed. 
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Fic. 7. Effects of ambient temperature and surface speed on 
the wear of 15 Co—-15 Mo-70Fe at 18 psi. 


Discussion 


Commercial high speed tool steels are complex alloys 
containing a minimum of five elements which are avail- 
able only in a limited number of proportions. With 
many variables, it is difficult to determine from friction- 
wear studies which element or combination of elements 
is responsible for promising results. During the investi- 
gation of commercial steels, certain trends were indi- 
cated by either the success or failure of each particular 
composition evaluated. 


The conventional H-26 (18 tungsten, 4 chromium, 1 
vanadium) alloy, for example, was a complete failure as 
a high temperature rubbing material. Materials contain- 
ing approximately 6% each of tungsten and molybdenum 
(M-2) also were generally unsuccessful. Alloys with 8% 
molybdenum without any tungsten (M-10), however, 
exhibited very desirable characteristics. From these 
tests, one might infer that either molybdenum is bene- 
ficial or that tungsten is detrimental. 

The addition of 9% cobalt to the M-2 type steel 
indicated a substantial improvement in frictional be- 
havior. Besides the advantages of reducing friction and 
wear, cobalt exhibited the facility for improving torque 
stability not common to materials without this element. 
These observations demonstrated the beneficial contri- 
butions of cobalt additions. However, they did not 
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establish whether cobalt acted singularly in this respect 
or in conjunction with other alloying elements. 

In the over-all study of commercial steels, the cobalt- 
containing M-36 exhibited the best potential for unlubri- 
cated rubbing at elevated temperatures. This material, 
however, was not very satisfactory for temperatures 
over 1000 F. Thus, a material with improved elevated 
temperature characteristics was sought to meet the 
original objectives of the program. 

Experimental alloys consequently were developed em- 
ploying the concepts derived from the studies of com- 
mercial tool steels. These materials were based on iron 
with varying additions of cobalt and molybdenum, both 
alone and in combination. The most striking phenome- 
non indicated from early tests was that binary alloys 
of cobalt and iron offered little success as a rubbing 
material. This prompted the further study of ternary 
Fe—Mo-Co alloys, as well as binary Fe—Mo alloys. 

In contrast to Fe—Co alloys, alloys of Fe—Mo indicated 
very desirable frictional behavior. The amount of molyb- 
denum in combination with iron, however, appeared to 
be quite critical and was in the vicinity of 10 weight 
per cent. It is possible that this behavior is a function 
of the solid solubility of molybdenum in iron at the test 
temperature. With an ambient temperature of 1000 F, 
for example, a rubbing-interface temperature of about 
1400 F has been observed for most material combina- 
tions. Considering the Fe-Mo equilibrium diagram, it 
is seen that the solid solubility of molybdenum in iron 
is near 10% at this temperature. With greater percent- 
ages of molybdenum, the intermetallic phase (Mo2Fe3) 
exists in combination with the alpha matrix, and ex- 
perimentation has shown these materials to have reduced 
frictional advantages. 

These observations are not conclusive enough to sug- 
gest that material microstructure influences the rubbing 
properties at elevated temperature. However, data do 
imply that the oxidation products, which are influenced 
by microstructure, do play an important part in the 
rubbing characteristics of a particular material. From 
an analysis of a 25 Mo-75 Fe alloy after high tempera- 
ture rubbing, X-Ray data indicated the oxide layer 
and wear debris to be composed largely of molybdenum 
oxide (MoO;). Similarly, with 10 Mo~-90 Fe alloy, 
which exhibited much improved rubbing properties, the 
surface analysis indicated no evidence of MoO; but 
strong evidence of iron oxides (Fe2O3 and Fe3;0,). The 
assumption then might be made that MoOs, when present 
in a rubbing surface film, is somewhat detrimental to 
the frictional properties of Fe—-Mo alloys. By holding 
the molybdenum in solid solution with iron, the oxida- 
tion of molybdenum apparently is altered to the extent 
that surface films or wear debris composed of MoO; 
were not influential. 

As was indicated above, molybdenum appears to 
exert more control over rubbing characteristics than 
cobalt when the two are evaluated separately as binary 
iron-base alloys. Ternary alloys of Co-Mo-Fe, on the 
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other hand, have indicated rubbing properties superior 
to commercial materials. In general, both cobalt and 
molybdenum additions, ranging from 5 to 20%, have 
shown considerable promise. An analysis of the surface 
of these materials, following unlubricated rubbing at 
high temperatures, indicated the presence of both iron 
and cobalt oxides. No evidence of molybdenum oxide 
was reported. 

Here it is inferred that surface oxidation products 
influence rubbing characteristics. To confirm the role 
of an oxidizing atmosphere, tests were run with 15 
Co-15 Mo-70 Co alloy at 1000F both in air and in 
nitrogen. Figure 8 graphically displays the behavior 
observed by alternately flushing the test chamber with 
either air or nitrogen. The necessity for an oxidizing 
atmosphere is clearly demonstrated, especially at lower 
surface speeds. Those experiments suggest that the 
oxide film formed at high temperatures is very thin, and 
unless it can be continuously regenerated, inferior rub- 
bing properties will result. This is confirmed somewhat 
by the curve in Fig. 8. It will be noted that the effect 
of rubbing velocity appears to be instrumental in de- 
termining the time lapse (fo) existing between the in- 
troduction of nitrogen and the rapid rise in friction. At 
150 fps, the time interval is appreciably less than that 
found with a lower surface speed of 16 fps. Returning 
to Fig. 7, it is seen that the rate of wear has been found 
to decrease with rubbing velocity. Therefore, it may fol- 
low that the surface film formed during sliding under 
oxidizing conditions will remain longer at lower surface 
speeds. 

The regeneration of this desirable surface film obvi- 
ously will be a function of surface temperature. As 
shown in Fig. 8, best lubricating properties exist at high 
ambient temperatures, and also at high surface velocities. 
Both conditions serve to increase the temperature exist- 
ing at the rubbing interface. It can be noted that with 
the greatest surface velocity, the effect of ambient tem- 








perature appears negligible. Obviously then, an optimum 
condition exists so that no further improvement may be 
realized. 


Summary 


This paper has described an experimental investigation 
of materials for use as high temperature unlubricated 
seals. These materials have included some commercial 
high speed tool steels, as well as a family of iron-base 
alloys with varying additions of cobalt and molybdenum. 

The results of this work have disclosed the following 
significant findings: 

1. Ternary iron-base alloys with 5 to 20% of both 
cobalt and molybdenum have very desirable wear 
and friction properties at elevated temperatures. 

2. These materials exhibited their best rubbing char- 
acteristics at high temperatures (1200 F) and at 
high surface speeds (150 fps). 

3. Binary iron-molybdenum alloys have shown the 
best performance with 10% molybdenum. 

4. The ability of Fe-Mo and Fe-Mo-Co alloys to 
slide unlubricated at elevated temperatures has 
been attributed to oxidation products formed at 
the surface of the material during rubbing. 

5. These materials will operate effectively only in an 
oxidizing atmosphere where this beneficial surface 
film can be regenerated as the material wears. 

6. Of the commercial tool steels investigated, a steel 
containing molybdenum, tungsten, and cobalt was 
found to have the best over-all performance. 
Molybdenum steels exhibited somewhat less de- 
sirable characteristics, whereas tungsten steels gen- 
erally indicated inferior properties. 
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Friction and Wear of Metals in Gases Up to 600 C* 
By D. F. CORNELIUS! and W. H. ROBERTS! 


Apparatus is described for measuring friction and wear in controlled atmospheres. A comparison 
is made of the room temperature behavior of copper, mild steel and brass, rubbed against a 
hardened tool steel, in four environments—vacuum (10-8 mm Hg), dry helium, dry carbon 
dioxide, and dry air. The effect of varying the water vapor content in air is also discussed. 

The initial selection of rubbing pairs for service at elevated temperatures is gaseous environ- 
ments under unlubricated conditions, is based on their long-term resistance to corrosion and 
their ability to give low wear rates. In general, therefore, the materials must be hard. Several 
alloys having chromium contents of between 1% and 30%, and hardness values in the range 
200-1000 vpn have been investigated. These included two low-chromium nitrided steels, a tung- 
sten-chromium tool steel and a series of four Co—Cr—W alloys. Specific wear rates and friction 
coefficients varied markedly with temperature, and values in the ranges 10—13-10—8 cm8/cm kg 
and 0.1-0.8, respectively, were obtained in both dry carbon dioxide and dry helium. Lowest wear 
rates were observed with the nitrided steels. The diverse characteristics observed are discussed 
on the basis of current theories of adhesive wear. 


Introduction 


CURRENT developments in gas-cooled reactor technol- 
ogy call for mechanisms to operate, unlubricated, under 
conditions which are beyond the limit of present ex- 
perience. Consequently there is an increasing demand 
for information on the friction and wear behavior of 
materials at elevated temperatures in selected gases. 
It is known that environment can modify wear phe- 
nomena (1-5), and also that surface oxide films exert a 
marked influence on friction and surface damage (6-10). 

This paper discusses the friction and wear data which 
were obtained in controlled atmospheres, up to 600C, 
using a crossed-cylinder apparatus. 

With possible reactor applications in mind, the initial 
selection of materials for test was based on their prob- 
able long-term corrosion resistance and their ability to 
give low wear rates. Hard materials generally give 
lowest wear rates (11, 12) but this is not always the case 
(13, 14). Several alloys having hardness values in the 
range 200-1000 vpn, and chromium contents of between 
1% and 30%, have been investigated, for the tempera- 
ture range 20-600C, in environments of dry carbon 
dioxide and dry helium. The addition of chromium to 
steels improves their oxidation resistance (15) and it 
has been found that oxidation behavior in carbon dioxide 
in general follows a similar pattern. 

Room temperature experiments with copper, mild 
steel and brass were made for the purpose of comparing 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 1960. 

1 United Kingdom Atomic Energy Authority (Development 
and Engineering Group), Research and Development Branch, 
Capenhurst, Chester, England. 
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the results given by the apparatus with other published 
work. 


Apparatus and experimental method 


Figure 1 shows a sectional arrangement of the ap- 
paratus. The pin specimen (A) has a cylindrical curva- 
ture, of radius 545 inch, machined on the rubbing face, 
and is held stationary, axially loaded, against the 2-inch 
diameter sleeve (B) which is rotated at constant speed. 
In order to minimize frictional heating effects, a slow 
rubbing speed of 3 cm/sec, corresponding with a sleeve 
rotation of 10 rpm, was used throughout. 

Four pins are fitted to the lower end of the inclined 


arm which is gimbal mounted (K), and the sleeve is | 
lowered for successive runs to give a separation of | 
Y%4-Y, inch between wear tracks. Total rubbing distances | 


were usually 104-105 cm unless the depth of scar on the 
pin, as indicated by the external dial gauge (J), ex- 
ceeded 0.010 inch. A greater amount of wear causes 
the elliptical wear scar to break over the edge of the pin 
and makes wear measurement difficult. The wear of pin 
specimens, normally never harder than the sleeve, was 
obtained from the dimensions of the elliptical wear scars; 
for the larger scars a check by weighing was possible. 
Dead weight loading was used, up to a maximum of 
10 kg. 

Movement of the upper end of the inclined arm in 
the transverse (WW) direction is limited, by the slot 
in the supporting arm, to 0.010 inch. A simple electrical 
circuit is broken when the arm moves away from the 
edge of the slot, and this is used to indicate the balanc- 
ing point when determining the friction force between 
the rubbing surfaces. When the friction is unsteady and 
rapidly fluctuating (e.g., stick-slip conditions), a mean 
value of friction coefficient is obtained. 
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Fic. 1. Sectional arrangement of the apparatus. 


(A) Pin specimens 

(B) Sleeve specimen 

(C) Cooling fins 

(D) Neoprene sealing rings 
(E) Lower support bearing 


(G) Shaft location bearing 

(H) Sleeve height adjustment 
screw 

(J) Wear indication gauge 

(K) Gimbal mounting 





(F) Rotating shaft 


A thermocouple in contact with the inside wall of the 
test pot was used for temperature control. A second 
thermocouple gave the gas temperature close to the 
point of contact of the specimens. Temperature was 
raised at a rate of about 100C per hour and about 1-2 
hours were allowed to elapse for conditions to stabilize 
in the test pot before a run was commenced. True 
applied loads and friction balancing loads were obtained 
from calibration curves which made corrections for the 
friction effects in the gimbal mounting and the stiffness 
of the sealing bellows on the inclined pin shaft. 

Rubbing surfaces had a fine ground finish. Surface 
finish was standardized as better than 10 microinches 
CLA.” Before testing, all specimens were cleaned and 
degreased by washing thoroughly in acetone. Hardness 
determinations were made on the specimens before and 
after each run. 





2 CLA, center line average. 


After loading the specimens, the test pot was evacu- 
ated and leak-tested. Before elevated-temperature runs 
only, the test pot was hot-degassed at 120-130C until 
the degassing rate was less than 75 microns/hour, at 
50 microns background pressure. The test pot was 
charged to a nominal excess pressure above atmospheric 
(1-2 Ib/in?), to ensure that any leakage was outwards, 
and then isolated for the duration of the runs. For runs 
in vacuo the test pot was continually evacuated and a 
pressure of 1-5 x 10-*mmHg maintained. A cold 
trap, at -180 C, was interposed between the oil diffusion 
pump and the test section to minimize the possibility of 
contamination of the specimens by hydrocarbon vapors. 

Dry helium and carbon dioxide, containing less than 
10 volume parts per million of water vapor, were obtained 
by passing the high-purity gases over silica gel and then 
magnesium perchlorate to give a frost point of —60C, 
or lower, as measured with a Casella frost-point hy- 
grometer. 

Wear results were correlated on the basis of the simple 
theory of adhesive wear (11, 13, 16) which gives the fol- 
lowing expressions for the total wear: 


V=kWL [1] 
and 
V = KWL/3P [2] 


where V is the volume of material removed, W the 
applied load, Z the total rubbing distance, and & the 
specific wear rate (cm*/cmkg, for the units employed). 
If P is the indentation hardness of the softer material 
then K, in Eq. [2], is the wear coefficient. 
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TaBLE 1 
Hardnesses and Approximate Compositions of Materials Examined 





Nominal composition % 


Hardness (VPN) 


After 
575 C runs 





Before 





Material Ye 


Other test (50 hours) 





Brass . — 
Copper _- — 
Mild Steel 0.15 : 2 — 
Co-Cr-W, 1 2.5 50 
Co-Cr-W, 4 1.0 53 
Co-Cr-W, 6 1.0 66 
Co-Cr-W, 6S — 1.0 50 
Ni-Cr, 75 . 02 -<<1d — 
Tool steel (SM 18) L 07S —_ — 
Nitrided steel (LK 5) Bal. 0.3 0.5 — 
Nitrided steel 
(HCM 5) — Bal. 03 0.45 

Chrome-iron (D 719) — — Bal. 1.75 1.0 —_ 
Chrome-iron (G 21) — — Bal. 1.25 0.75 — 


2.0 Pb; 0.8Sn 125-145 
0.03 Al 85-105 
120-180 

600-660 

500-550 

400-440 400-440 

400-550 400-550 

195 190 
880-920 750-850 
1,000-1,100¢ 700-900 


600-660 
500-550 


760-9002 
400-420 
280-320 


400-600 
400-420 
280-320 





@ Surface values; total case depth approximately 0.020 inch. 


The hardness and approximate chemical composition 
of the materials tested are given in Table 1. 


Results and discussion 
EFFECT OF ENVIRONMENT AT ROOM TEMPERATURE 


Copper, 60/40 brass and mild steel pins were rubbed 
against a hardened tungsten—chromium tool steel (SM- 
18) in a vacuum of 10-* mm Hg, dry helium (99.97% 
purity), dry carbon dioxide (both < 10 vpm®) and dry 
air (20 vpm). Applied loads were nominally 2, 4, and 
9kg. 

The collected wear and friction results are presented 
in Figs. 2 and 3; the curves indicate the trends in wear 
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Fic. 3. Friction coefficients at room temperature for various 
environments. 





3 vpm, volume parts per million. 


rate and friction as the oxidizing nature of the environ- 
ment was increased. The appearance of the specimens 
is summarized in Table 2. 


Typical plots of friction coefficient against sliding 
distance are given in Fig. 4. In helium and in vacuo the 
friction quickly attained fairly steady values (curves 
2 and 5). The form of curves obtained with copper and 
mild steel (curves 1, 3, and 4) explains the wide spread 
in the quoted friction coefficient values (Fig. 3). 

The curves in Figs. 2 and 3 show close correlation be- 
tween friction coefficient and specific wear rate for 
copper and mild steel. Brass, however, gave a marked 
increase in wear rate on going from vacuum to dry air, 
while the friction coefficient changed very little but 
tended to decrease. 

The behavior of each material will now be considered 
separately. 





FRICT. COEFF. 





45 6 7 6 9x10* 
RUBBING DISTANCE, (cm) 
Fic. 4. Typical plots of room temperature friction coefficient 
against rubbing distance. 








Curve Typical conditions 





1 Cu, mild steel/dry air 
Mild steel/dry He 
Copper/dry CO, 
Mild steel/vacuum (9 kg) 
Mild steel/vacuum (low wear) 
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TABLE 2 
Summary of Rubbing Runs in Various Environments at Ambient Temperature (Against a Hardened Tool Steel) 





Pin material Environment 


Appearance of pin scar 


Appearance of sleeve track 





Brass Vacuum 
(9 kg load) 

Scored, metallic debris. 

Scored, metallic debris. 


Dry helium 
Dry carbon dioxide 
Dry air Scored, metallic debris. 


Lab. air Scored, metallic debris. 


Smooth, slight scored. Black powder. Debris 


Very faint yellow smear. Black powder. 


Faint yellow smear. Debris. 

Discrete smears of brass, not strongly ad- 
herent. 

Broad brass smear. 

Brass platelets on track. 

Broad. Extensive transfer from pin. 





Vacuum 
Dry helium 


Dry carbon dioxide 
Dry air 


Lab. air 


Polished. Black powder. 
Tarnished, scored. Metallic debris. 


Local melting. Black powder. 
Finely scored. Clogged with black powder 


Local melting. Clogged with black powder 


Faint, narrow. Slight transfer from pin. 

Slightly polished. Very slight transfer from 
pin. 

Polished. Transfer from pin. Black powder. 

Polished, worn. Transfer from pin. Black 
powder 

Polished, worn. Transfer from pin. Black 
powder. 





Mild steel >Small, smooth. 
CLarge. Local melting. 


Black powder. 


Vacuum 


Dry helium 


Dry carbon dioxide 
Dry air 


Lab. air@ 


Large, scored. A little black powder. 


Small, smooth. Black powder. 
Scored. Clogged with black powder. 


Large. Scored. Black and brown powder. 


Faint, narrow. 

Broad, highly polished. 

Black powder. Slight wear. 

Faint, broad. Slightly scored. A little black 
powder. 

Faint, narrow. Gray and black powder. 

Broad, abraded. Black powder. Worn for 
9 kg load. 

Broad, polished, scored. Black and brown 
powder. 





@ 7,000-13,000 vpm. ° Low wear rate. 


Brass 


The specific wear rates in vacuo and the appearance 
of the specimens are consistent with the condition of 
“mild” wear described by Archard and Hirst (16) and 
Hirst and Lancaster (9), whilst in the other environ- 
ments the wear is “severe” (9, 12, 16). The reasonable 
agreement between specific wear rates for the three loads 
indicates that for both these regimes of wear the wear 
per unit sliding distance is closely proportional to load 
(9, 12, 16). 

Transfer of brass to the steel sleeve was only just 
discernible in vacuo but was exceedingly marked in air. 
The amount of transferred material in carbon dioxide 
and helium was intermediate between that for vacuum 
and air. It thus appears that an oxidizing atmosphere 
is conducive to the transfer of brass to steel, and that 
there is some correlation between the extent of transfer 
and the specific wear rate. These observations are in 
general agreement with the findings of Kerridge and 
Lancaster (17), Lancaster (12) and Steijn (5), who 
have established that the wear of brass rubbing against 
a much harder material is a two-step process and that 
the wear debris is derived entirely from the transferred 
layer. They found that in air the wear rate increased 
with the amount of transferred material until an equilib- 
rium condition was set up (12). Steijn (5) found that 
the wear rate of brass rubbed against steel in argon 


¢ High wear rate (9kg). 


was very low compared with that in air, whilst the trans- 
fer of brass to the steel was greater in argon. 


Copper 


As was found with brass, both wear rate and transfer 
increased on going from vacuum through to air. The 
transfer in air was not as extensive as for brass, and 
took the form of localized smears of copper; the sleeve 
tracks were polished. Track wear was greatest in air, 
least in vacuo. Goodzeit (18) considers that surface 
damage effects to a pair of metals in sliding contact is 
principally determined by their alloying characteristics 
—those having mutual solubility showing the greatest 
amount of surface damage. There is some doubt as to 
whether or not iron and copper are a miscible pair (17) 
but it is apparent from our results that the oxidizing 
nature of the environment may play an important part 
in the wear and friction behavior of such a pair. Coffin 
(3) has also found that low solubility couples (designated 
class D) which gave high friction coefficient and some 
transfer in air, gave low friction, f, and no transfer in 
helium. 

A qualitative correlation between friction coefficient 
and transfer of copper to steel is indicated by the present 
work—both increased with the oxidizing nature of the 
environment. A similar correlation was found by Grun- 
berg and Campbell (18) under conditions of boundary 
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lubrication. If this is so then the form of the plots of 
friction coefficient against sliding distance in carbon 
dioxide (curve 3, Fig. 3) implies that transfer of copper 
(and also, presumably, wear rate) was increasing dur- 
ing the course of the runs. This hypothesis is consistent 
with the very sharp initial rise in friction observed in 
the more oxidizing environment, dry air (curve 1, Fig. 
3). Much black powder was present at the end of these 
air runs. Grunberg and Campbell (19) ascribed the 
periodic fluctuations in friction between copper rubbing 
on steel to the work-hardening properties of the copper. 


Mild Steel 


Wear rates and friction coefficients were lowest in 
carbon dioxide and in vacuo (with the exception of some 
9 kg results), highest in helium and air. In all environ- 
ments specific wear rates tended to decrease with in- 
creasing applied load. In vacuo, with the 9 kg highest 
load, both high and low wear rates were observed with 
corresponding high and low friction coefficients (curves 
4 and 5, Fig. 4). The appearance of the pin specimens 
in these two cases is shown in Fig. 5. Bisson and associ- 
ates (4) have shown that the iron oxides FeO and Fe;0, 
are beneficial in reducing friction and surface damage, 
whilst Fe.O3 is detrimental. The reduction in wear rate and 
friction with increased load, and the downward trend in 
curve 4 of Fig. 4, are thought to be the result of the for- 
mation of beneficial oxides. FeO and Fe3;0,4 are both 
black, and black powder debris was in fact observed in 
these cases. There were no visible amounts of black pow- 
der for the 2 and 4 kg vacuum runs, nor for the helium 
runs where wear rates were relatively high. In dry air the 
wear debris was a mixture of black and brown powder, 
the latter probably Fe,0;. The high wear rate in dry 
air may therefore have been the result of the abrasive 
nature of this oxide (4). 

That wear rate of mild steel increases with the oxi- 





Fic. 5. Mild steel pins rubbed against a hardened tool steel, in vacuo. Nominal load 9kg; 
rubbing distance 5 X 10* cm. (a) low friction; (b) high friction. 





D. F. CorNELIUS AND W. H. ROBERTS 


dizing nature of the atmosphere is consistent with the 
mechanism of wear for a soft steel on a hard steel pro- 
posed by Kerridge (20). He concluded that the wear 
was a two-step process and that the wear rate was de- 
termined by the rate of oxidation of the transferred 
layer. 

Further experiments with copper and mild steel, at 
the lower loads, showed that transitions between low 
and high friction coefficients were reversible between 
vacuum and dry helium, and also between vacuum and 
dry air. Thus the low values in vacuo were not the re- 
sult of initial contamination of the specimens. 

It is somewhat surprising that the wear and friction 
results in vacuo and helium, both nominally inert at- 
mospheres, are so different; only the high, 9 kg, specific 
wear rates in vacuo are close to any of the helium re- 
sults, but even then the corresponding curves of friction 
coefficient against sliding distance (Fig. 4) are quite 
different in form. Low friction coefficients (f ~ 0.1) for 
clean unlubricated steel surfaces in a vacuum of 10~* 
mm Hg have also been reported by Barwell (21). Both 
wear and f increased on admitting air and the effect was 
found to be reversible. He attributed the low friction 
values in vacuo to the presence of a tenacious oxide 
surface film (probably a-Fe.O3) created during the 
preparation of the rubbing surfaces. If this were so, 
then such a film was resilient enough to minimize metal- 
to-metal contact between the steel surfaces in our experi- 
ments, at all except the highest load (9 kg). A tentative 
mechanism for the transition effects between vacuum 
and air (and oxygen) was proposed by Barwell (21) 
who considered that oxygen diffusion through the orig- 
inal oxide layer led to the formation of an abrasive 
oxide which destroyed the protective properties of the 
original protective film. Such a diffusion process could 
explain our dry air and helium results with mild steel, 
although the concentration of oxygen impurity in the 
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helium (0.01%) was very small; 0.02% of nitrogen 
was also present. 

X-ray diffraction analysis of the powder debris pro- 
duced during the brass and mild steel runs was incon- 
clusive, but Cu,O and a-Fe were identified in the black 
powder collected from the copper runs (Table 2). This 
is evidence that reaction with oxygen must have oc- 
curred during the experiments in vacuum. A possible 
explanation is that the sliding surfaces were contaminated 
in the apparatus by adsorbed hydrocarbon films. Topo- 
rov and Lazarev (22) found that during evacuation of 
their vacuum apparatus friction coefficients fell by a 
factor of two or more if bearings inside their apparatus 
were lubricated with diffusion-pump oils, even though 
these had residual pressures of only ~10—® mm Hg. The 
lower shaft support bearing (E, Fig. 1) in our apparatus 
was, in fact, lubricated with a smear of low vapor 
pressure (< 10-*mm Hg) vacuum grease. This mech- 
anism, applied to our results, would imply that exceed- 
ingly low concentrations of oil vapor in an evacuated 
space can have a marked influence on the sliding behavior 
of some metals. 

It has been reported that rapid oxidation of freshly 
prepared copper surfaces can occur for oxygen pressures 
as low as 10-*mmHg (1). This figure corresponds 
with the maximum concentration of oxygen present in 
our vacuum experiments when the vacuum was drawn on 
air. However, low friction values were also obtained with 
copper when the vacuum was drawn on helium, so that 
it is unlikely that beneficial oxide films were produced 
by direct chemical reaction with molecular oxygen un- 
less the oxygen was contained within the lattice of the 
metal itself. In helium, where the oxygen concentration 
was much higher (0.01%), pin scars were tarnished and 
direct reaction between oxygen and copper might have 
occurred; the wear debris in this case was metallic and 
not obviously oxidized (Table 2). 


EFFECT oF ATMOSPHERIC HuMIDITY AT ROOM 
TEMPERATURE 


Wear rates and friction coefficients of brass and copper 
were little affected by increasing the water vapor con- 
centration in air from 20 vpm to 20,000 vpm; in both 
cases specific wear rates tended to fall (Figs. 6, 7). The 
transfer of brass to the sleeve was more uniform in 
laboratory air (7,000—-13,000 vpm); otherwise the ap- 
pearance of the specimens was as for dry air. 

The results for mild steel are in agreement with 
Daniels and West (23) who found that both fric- 
tion and surface damage of iron and steel decreased on 
going from dry air to moist air, and also with Kingsbury 
and Rabinowicz (24) who investigated the humidity 
range approximately 7,000—20,000 vpm of water vapor. 
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Below about 7,000 vpm water vapor concentration the 
specific wear rate decreased whilst the friction coefficient 
tended to increase. At about 200-300 vpm the wear rate 
showed a minimum and the friction coefficient a maxi- 
mum. Below about 200 vpm the powder debris was 
predominantly black; between 200 vpm and approxi- 
mately 10,000 vpm brown as well as black powder was 
observed; above 15,000 vpm the debris was mainly black 
powder again. A water vapor concentration of approxi- 
mately 100,000 vpm was obtained by performing the 
experiments at 50C with a relative humidity approach- 
ing 100%. 
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Fics. 8, 9, 10, 11. Wear rates and friction coefficients in dry 
carbon dioxide as a function of temperature. 
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On the whole, agreement between specific wear rates, 
for mild steel, for the three loads was not good and in 
many cases the wear per centimeter sliding distance was 
independent of load. Around 10,000 vpm, friction co- 
efficients with the 2 kg load were consistently lower than 
for the two higher loads (Fig. 7). The form of the wear 
curve in the concentration range 200—7,000 vpm (Fig. 
6), for the two lower loads, can be qualitatively explained 
if it is assumed that the brown powder debris was the 
abrasive oxide Fe,03; (4) and that the proportion of 
this oxide progressively increased with moisture content. 


EFFECT OF TEMPERATURE IN Dry CARBON DIOXIDE 


Specific wear rates and mean friction coefficients as 
a function of temperature for two applied loads, nomi- 
nally 2kg and 4kg, are shown in Figs. 8-11. Some of 
the alloys listed in Table 1 showed a loss of hardness 
after runs at elevated temperatures; the values given in 
the last column of the table indicate the degree of soften- 
ing after 575 C runs. 

Both friction and wear curves for HCM 5, Co—Cr-W, 
1 and Co—Cr—-W, 6 on HCM 5, exhibit a minimum at 
300-400 C; values at 575 C were lower than those at am- 
bient temperature (Fig. 8). At ambient temperature sleeve 


tracks were finely scored. At temperatures up to 375 C 
black powder debris was observed near the wear region but 
the specimens were usually untarnished. At 575 C visible 
corrosion of the HCM 5 occurred; wear tracks on the 
HCM 5 sleeves were slightly worn and wear regions on 
HCM 5 specimens had a black, polished appearance 
[Fig. 12(a)]. Specific wear rates for the two loads 
were in good agreement for Co—Cr-W, 6 and HCM 5, 
but for Co—Cr—-W, 1 the high-load values were con- 
sistently higher, showing the greatest difference at 375 C. 
Friction coefficients for Co—Cr—-W, 1 at 200 C and 375 C 
were also higher for the 4 kg load and the sleeve tracks 
were scored, which suggests that a greater degree of 
metal-to-metal contact occurred with the higher (4 kg) 
load in this temperature range. The marked reduction 
in wear rates with increased temperature from ambient 
(Fig. 8) was probably the result of the protective action 
of surface oxide films which became progressively more 
effective in preventing metal-to-metal contact as the 
temperature was increased. Softening of the nitrided 
steel (HCM 5) specimens at about 400C could explain 
the reversal in the trend of the wear and friction curves 
above this temperature. Whitehead (6) and Wilson (7) 
have shown that the ability of different oxides to protect 





Fic. 12. (a) HCM 5 pin: rubbed against HCM 5 in dry CO, at 575 C. Nominal 
load 4kg. (b) Co-Cr-W, 1 pin: rubbed against Co—Cr-W, 1 in dry CO, at 375C. 
Nominal load 2 kg. (c) HCM 5 pin: rubbed against HCM 5 in dry helium at 575 C. 
Nominal load 2 kg. (d) Co—Cr-W, 1 pin: rubbed against HCM 5 in dry helium at 


575 C. Nominal load 2 kg. 
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the underlying surface depends considerably on the rela- 
tive mechanical properties of the oxide and metal: if 
the bulk metal is soft than plastic deformation can cause 
the film to rupture and lead to a deterioration in its 
protective properties. 

Both friction and wear rate for a tungsten—chromium 
tool steel (SM 18), rubbed against a nitrided steel 
(LK 5), increased regularly with temperature (Fig. 9). 
Specific wear rates were, however, still low at 575 C. 
Some corrosion of the sleeve occurred at 575 C; sleeve 
tracks were black and polished. Progressive softening 
with temperature (Table 1) may account in part for the 
observed increase in wear rate and friction (6, 7). 

Results for two rubbing combinations of Cr-Co—W 
alloys are presented in Fig. 10. Gray powder debris 
was usually observed after the ambient temperature runs 
and sleeve tracks had an abraded appearance. Above 
200 C sleeve wear increased progressively with tempera- 
ture; tracks were smooth but localized melting and 
smearing were evident. The small change in friction 
coefficient between 350C and 575C corresponded with 
a marked increase in wear rate of Co—Cr—W, 1, whereas 
the increase in wear rate of this material below about 
350 C, for a similar increase in f, was hardly detectable. 
The behavior of the Co—Cr—W, 1 alloy at temperatures 
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in excess of about 400C could be associated with the 
removal of the very hard (1800 VPN) primary carbides 
of tungsten and chromium from the cobalt-rich solid 
solution matrix. Loss of these carbides would result in 
an enhanced wear rate and could also give rise to abra- 
sive wear. This explanation would lead one to expect a 
less marked increase in wear rate with temperature, 
above about 300-400C, for rubbing combinations of 
those Co—Cr—W alloys which do not have the very hard 
primary carbides (e.g., Co—Cr—W, 4, 6, and 12). 

Figure 12b shows a Co—Cr—W, 1 pin, rubbed against 
a Co—Cr—W, 1 sleeve in carbon dioxide, at 375C; a 
small bright metallic globule is visible on the leading 
edge of the wear scar. The events which led to appear- 
ance of this metal on this part of the wear scar may be 
similar to those observed by Cocks (25). In experiments 
with a hemispherical rider held against a rotating sleeve, 
at ambient temperature, he found that particulate wear 
debris collected on the leading edge of the rider before 
falling away. It is not possible, however, to observe the 
specimens in our apparatus during high-temperature 
runs. 

Wear and friction values for three high-chromium 
alloys, rubbed against the relatively soft Co—Cr—-W, 6S 
alloy, changed very little between 20 C and 400C (Fig. 





Fic. 13. Ni—Cr, 75 pins rubbed against a Co—Cr—W, 6S sleeve in dry carbon 
dioxide. Nominal load 4 kg; rubbing distance ~ 105 cm. (a) 20C, (b) 200C, 


(c) 375 C, (d) 575C. 
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11). Wear rates (cm*/cm) were not proportional to 
load; the 4kg specific wear rates were consistently 
higher than the 2kg values. The wear regions showed 
pronounced local welding and scoring (Fig. 13) but this 
surface damage was nowhere as severe as that obtained 
with the high-chromium alloys rubbed against them- 
selves. The damage shown by the 14% and 30% 
chromium irons was less than that given by the Ni-Cr, 
75 (Fig. 13). Both Ni-Cr, 75 and Co—Cr—W, 6S con- 
tain high proportions of nickel, and this may account 
for the severe surface damage observed below 400C. 
At 575 C friction coefficients fall to about 0.25 and ma- 
terial was transferred from the sleeve to the pins [Fig. 
13(d)]; corresponding sleeve tracks were slightly worn 
and polished. The reduction in f between 400C and 
575 C, for Ni-Cr, 75 was regular and showed no abrupt 
changes (curve 2, Fig. 11). 


EFFECT OF TEMPERATURE IN Dry HELIUM 


The friction and wear characteristics of Co—Cr—W, 1 
and HCM 5, rubbed against HCM 5, in carbon dioxide 
were almost identical (Fig. 8). In contrast to this the 
curves for these two combinations in helium (Fig. 14) 
are quite different. The form of the curves is also differ- 
ent for the two environments, although Co—Cr—W, 1 in 
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Fic. 14. Wear rates and friction coefficients as a function of 
temperature in dry helium. 


helium gave the same general trend to lower values with 
increasing temperature as was observed in carbon diox- 
ide. The powder debris for both sliding combinations 
was gray at ambient temperature, and black at 200C 
and above (Fig. 15). 

At ambient temperature the specific wear rate of 
HCM 5 in helium (f ~ 0.45) was approximately 10 
times smaller than in carbon dioxide (f ~ 0.8), whilst 
the specific wear rate of Co—Cr—W, 1 in helium (f ~ 0.6) 
was approximately 10 times greater than in carbon 
dioxide (f ~ 0.5). A consistent explanation of this be- 
havior is not readily apparent. 

At 200C very low specific wear rate and friction 
coefficient (f ~ 0.1) values were obtained for Co—Cr—W, 
1 with a 2kg load. The sleeve track was unscored (in 
contrast to the other, high wear rate, runs at 200 C) 
and much black powder debris was present. A gray 
surface oxide film was visible on the HCM 5 after the 
runs at 375 C. Sleeve tracks produced by Co—Cr-W, 1 
pins at this temperature showed relatively little damage 
[Fig. 15(c), (d)] and resultant specific wear rates were 
exceedingly low (Fig. 14). It is apparent that this 
surface film, whilst ensuring low specific wear rate and 
friction coefficients for dissimilar pairs (Co—Cr—-W,1- 
HCMS), was not effective in doing this when similar 
materials (HCMS5-HCMS) were rubbed together [Fig. 
15(a), (b)]. It is also clear that the surface films 
produced in carbon dioxide were much more effective in 
protecting the metal surfaces; HCM5—-HCMS wear rates 
in carbon dioxide at 375 C, for example, were over 100 
times smaller than the corresponding values in helium. 
At 575 C transfer of sleeve material to the pins occurred 
[Fig. 12(c), (d)] and the surface film on the HCM 5 
sleeve was ruptured; sleeve tracks produced by HCM 5 
were smooth and grooved [Fig. 15(e), (f)], those pro- 
duced by Co—Cr—W, 1 were scored [Fig. 15(g), (h)]. 
The friction coefficients at 575 C (0.5 and 0.7 for Co— 
Cr-W, 1 and HCM 5, respectively) were much higher 
than those observed at the same temperature with the 
high-chromium alloys, (on Co—Cr—-W, 6S, in carbon 
dioxide) where similar transfer [Fig. 13(d)] and sleeve 
wear occurred. 

While it is not possible to give a consistent explanation 
of the ambient temperature behavior of these two com- 
binations in helium, it is clear that the oxidation which 
occurred at elevated temperatures did not result in low 
specific wear rates for HCM5-HCMS at 375C, nor did 
it prevent local welding and transfer effects at 575 C. 


GENERAL FEATURES OF THE HIGH-TEMPERATURE 
RESULTS 


On the basis of the ideas put forward by Bowden and 
others (1), both friction and adhesive wear are related 
to the interactions between surface asperities, this being 
mainly the forming and breaking of junctions. Conse- 
quently it would be expected that a qualitative cor- 
relation should exist between friction coefficient and the 
wear rate if wear was predominantly adhesive in char- 
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acter. With very few exceptions, such a correlation is 
apparent from the curves presented in Figs. 8-11 and 
14. In Fig. 16 wear coefficients have been plotted 
against the corresponding mean friction coefficient for 
all the combinations investigated. Values for Co—Cr—-W, 
1 on HCM 5, in helium, were grouped around the upper 
and lower parts of curve 7. Curve 9 was obtained from 
data given by Rabinowicz (26) for steel surfaces lubri- 
cated with long-chain hydrocarbon derivatives, and a 
rubbing speed of 3 cm/sec. The slopes of these curves 
show clearly that, in our experiments, friction coefficient 
was an insensitive index of wear rate. 

Apparently anomalous results were obtained with 
three material combinations: 


(a) The friction coefficient for HCMS5-HCMS in 
carbon dioxide, at ambient temperature, was 0.8 
and the corresponding wear coefficient (plotted 
in Fig. 16) was well removed from curve 3. 

(5) Wear and friction coefficients for Co—Cr-W, 4 
rubbed on Co—Cr—W, 1 in carbon dioxide, at 





ambient temperature, fell on curve 5 which re- 
fers to the high-chromium alloys rubbed against 
Co—Cr-W, 6S. 

(c) Co—Cr—-W, 1 on Co—Cr—W, 1 values, in carbon 
dioxide, at 20 and 200C, also fell on curve 5 
when this was extrapolated to lower friction 
values, or alternatively, on curve 2 which also 
refers to Co—Cr—W, 1, but in this case rubbed 
against a nitrided steel. 


Wear coefficients for these “anomalous” results are all 
much lower, by a factor of between 10 and 10‘, than 
would be given, for the measured friction coefficients, by 
curves 3 and 6 respectively. 

Curves 2 and 7, for Co—Cr-W,1-HCMS in carbon 
dioxide and helium, respectively, are very similar. The 
two curves for HCMS—HCMS, in helium (curve 8), and 
in carbon dioxide (curve 3), were approximately par- 
allel, with the helium curve displaced to higher wear 
and friction values; friction coefficients in carbon dioxide 
(with the exception of 20C) were below 0.35 whilst 


(a) 


(b) 


(c) 


(d) 


(e) 


(f) 


(g) 


(h) 


Fic. 15. Wear tracks on a nitrided steel sleeve (HCM 5) pro- 


duced in dry helium. 
375 C: HCM 5 
Co-Cr-W, 1 
575 C: HCM 5 
Co-Cr-W, 1 


(a) 2 kg (b) 4 kg 
(c) 2 kg (d) 4 kg 
(e) 2 kg (f) 4 kg 
(g) 2 kg (h) 4 kg 
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those in helium were all above 0.45. Some surface oxida- 
tion occurred under the conditions represented by both 
these curves, but the surface films produced in carbon 
dioxide were much more effective in reducing wear and 
friction. It is probable, therefore, that curve 3 more 
properly refers to conditions which approach to sliding 
between surface oxide layers with little contribution from 
the base metal. 


Conclusions 


The wear and friction behavior of copper, mild steel, 
and brass rubbed against a hardened tool steel, at ambi- 
ent temperature, are markedly influenced by gaseous 
environment. Both wear rate and friction coefficient of 
mild steel rubbed against a hardened tool steel, in air, at 
ambient temperature, are affected by the atmospheric 
humidity. 

Very low wear rates and friction coefficients were ob- 


tained at ambient temperature, in carbon dioxide, with a 
tungsten—chromium tool steel rubbed on a nitrided steel. 
Both are extremely hard materials, and nitrided steel 
has a nonmetallic surface layer. Greatest variations of 
specific wear rate with temperature were obtained with the 
low-chromium alloys; high-chromium alloys showed little 
change in friction coefficient and wear rate between am- 
bient temperature and 300-400C. Lowest wear rates 
and friction coefficients were obtained with the low- 
chromium alloys under conditions where visible surface 
oxidation occurred. Surface films formed on a low- 
chromium nitrided steel in helium, as the result of cor- 
rosion at elevated temperatures, were not as effective in 
giving low wear rates and friction as those produced 
under corresponding conditions in carbon dioxide. 

Local melting and transfer of material occurred for 
some combinations at 575 C in both carbon dioxide and 
helium. 
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With very few exceptions, a direct correlation was 


found to exist between measured friction coefficients 
and wear coefficients. 
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Inhibiting Corrosive Wear in Lubrication with Halogenated 
Gases at 1500 F by Use of Competitive Reactions 
and Other Methods* 


By DONALD H. BUCKLEY? and ROBERT L. JOHNSON? 


Various gases were used as corrosion inhibitors for nickel- and cobalt-base alloys in halogen- 
containing gas lubrication systems. Corrosion experiments were conducted at 1500 F with CF,Cl, 
and various mixtures of gas with inhibitors. One gas found to be a satisfactory inhibitor was air 
(oxygen). Oxygen reacted at the metal surface in competition with the chlorine of CF,Cl,, 


thus reducing corrosion. 


Friction and wear experiments conducted with a CF,Cl,-air mixture 


lubricating Al,O, sliding on cobalt base alloy showed low wear and low friction over the 


temperature range from 75 to 1500 F. 


Introduction 


HicH temperature problems in the field of lubrication 
are requiring the consideration of some unconventional 
lubricating techniques. Two approaches to the high 
temperature problem are the use of solid films and re- 
active gases (1,2). Reactive-gas lubrication can be ob- 
tained by using halogen-substituted methane and ethane 
compounds (e.g., CF2CLe, CF3;Br, CF2Cl-CF2Cl, and 
CF,Br-CF.Br). The mechanism involved in the lubrica- 
tion of metals with reactive gases is fundamentally the 
same as employed in extreme-pressure lubrication. The 
gases are normally stable at ambient temperatures to 
1000 F. In lubrication systems, however, where metals 
are in sliding contact, the frictional heat generated at 
contacting metal asperities may result in temperatures 
of 1100 F above the ambient (3). The gas molecules 
adsorbed on the metal surface decompose under these 
conditions, liberating free chlorine or bromine atoms. The 
halogen atoms then react with the hot metal surface to 
form metal halides, which function as solid lubricants. 

One problem encountered with reactive-gas lubrica- 
tion at extreme temperatures is that of excessive reactivi- 
ty of metal with halogen atoms. This problem can 
become especially important when the reaction products 
formed are volatile. Some methods that have been em- 
ployed for reducing or eliminating the excessive re- 
activity are: (a) the use of nonreactive or inert ma- 
terials of construction such as cermets and ceramics 
(4); (6) the use of lubricating gas molecules with high 
thermal stability (4); and (c) the blending of lubri- 
cating gases (2). 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1 Lubrication Research Engineer, NASA Lewis Research Cen- 
ter, Cleveland 35, Ohio. 

2 Head, Lubrication Section, Fluid Systems Div., NASA Lewis 
Research Center, Cleveland 35, Ohio. 
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High temperature corrosion can be reduced by em- 
ploying corrosion inhibitors. This approach to control- 
ling corrosion can be achieved by a number of methods 
three of which are considered herein. 

One method is the use of additives that can combine 
with excessive free halogen generated at the sliding 
interface and remove it in the combined form of a 
compound. 

A second technique is that of promoting competitive 
reactions at the sliding interface. This could be achieved 
by adding gases that react with the metal surface in 
competition with the halogen-containing gas. It is de- 
sired that the inhibitor form a dense tenacious surface 
film in contrast to the porous nature of halide films. 
Since the reaction would be competitive, both halide 
and inhibitor reaction products would be present in the 
surface film. With the halide in the film, it could still 
function as a lubricant under proper conditions. 

A third method is the use of a diluent gas. An inert 
gas diluent reduces the concentration of reactants. 

The object of this investigation was to explore the 
use of various gases blended with the halogen-containing 
lubricant as corrosion inhibitors at temperatures to 
1500 F. Two sets of experiments were made: (1) Cor- 
rosion experiments were conducted with a high tempera- 
ture corrosion-rate apparatus; and (2) friction and wear 
experiments were conducted with Al,O; sliding on the 
cobalt-base allow at temperatures to 1500 F. In the 
friction and wear experiments, a *4¢-inch-radius hemi- 
sphere contacted the flat surface of a rotating 2!4-inch- 
diameter disk specimen. The lubricating gases used were 
CF2Cle, CF2CI-CF:Cl, and CF2Br-CF.Br. Corrosion, 
friction, and wear characteristics were noted. 


Materials 


The materials used in this investigation were metals, 
cermets, and ceramics. The composition of each is pre- 
sented in Table 1. 

A Ni-Cr-Fe alloy was selected as the metal for use in 
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TABLE 1 
Composition of Materials 
Composition 
Material Fe Cr Ni Co c W Mo Ti Other 
Metals 
Cobalt-base alloy 3.0 31.0 2.5 43.0 2.4 17.0 ae — 1.0 Si 
: 14.0 _ 1.0 Si,Tr.Al 
—Cr- 10.0 66.0 2. 0.16 — 5 sy 4 ? 
Ni-Cr-Fe-Mo alloy 170 5 5 r Tr. Mn 
Ni-Cr-Fe alloy 6.5 14.0 78.5 — 0.08 _ — — 0.25 Mn 
Cermets 
Cr-Mo-Al,O, cermet — 59.0 — _— _— — 20.0 — 2.9 TiO, 
19.0 Al,O, 
Ni-bonded 
TiC-NbC*¢ — — 41.0 — 7.2 — 15.0 28.0 4.5 Nb 
Ceramics 
Al,O. -— ~- _ a — ~- -- 99.6 Al,O, 





@ The Ti and Nb are present in the composition as mixed carbides. 


corrosion studies of the halogen-containing gases with 
various corrosion inhibitors. It was chosen because: (a) 
it is representative of the nickel-base high temperature 
alloys for use to 1500 F (the temperature of the corro- 
sion experiments); (5) it contains relatively few ele- 
ments in its composition, thus facilitating the study of 
surface films; and (c) it is readily available. Thin sheet 
Ni-Cr-Fe alloy was used for the test specimens (34 by 
2.0 by 0.003 inch thick). 

The cobalt-base alloy (rather than Ni—Cr—Fe alloy) 
was used in friction and wear experiments reported 
herein; the chemical properties of cobalt and nickel are, 
however, in general quite similar. 

The gases used as lubricants in the investigation were 
CF.Cle, CF2CI-CF,Cl, and CF,Br-CF,Br. The additives 
used as corrosion inhibitors for reaction with excess halo- 
gen were ethylene, acetylene, monochlorotrifluoroethylene 
(CF,=CFCl), and ammonium hydroxide. In experi- 
ments with diluent gases, dry nitrogen was used. Air 
was used as an inhibitor for reaction with the metal 
surface in competition with the halogen gas. 


Apparatus and procedure 


The friction and wear apparatus used in this investi- 
gation is described in detail in reference (4) and is 
shown schematically in Fig. 1. The basic elements of 
the apparatus consist of a rotating-disk specimen (2%4- 
inch diam., cobalt-base alloy) in sliding contact with a 
hemispherically tipped rider (aluminum oxide, Al.Osz, 
34 g-inch rad.). 

The rider specimen is stationary and in sliding con- 
tact with the rotating-disk specimen. The disk specimen 
is rotated by means of a varidrive unit through a gear- 
box and spindle assembly. The portion of the drive 
shaft inside the apparatus contains a heat shield and the 
disk specimen, which is held on the shaft by a lock nut. 
A magnetic pickup is used to monitor rotative speeds. 

The rider specimen is loaded against the disk surface 
by means of a retaining arm, which is gimbal-mounted 


to the apparatus and sealed with a flexible bellows. The 
load is applied to the arm by means of dead weights. 
At right angles to the load force is a linkage connecting 
the arm with a strain-gage assembly for measuring 
frictional force. 





Fic. 1. High temperature friction apparatus. 


The test specimens are heated by means of a series 
of cartridge heaters located in an Ni-Cr—Fe alloy hous- 
ing that fits around the circumferential surface of the 
disk specimen. The heaters are controlled by a variable 
power transformer unit and a temperature controller. 
The controller sensing component is a thermocouple 
located adjacent to the point of disk and rider contact. 
The apparatus was run at temperatures from 75 to 
1500 F. 

The experimental lubricants were supplied by means 
of a Ni-Cr-—Fe alloy tube to the Ni-Cr-—Fe alloy test 
chamber of 0.7-liter volume. A gas exhaust tube was 
used to remove effluent gases. A face plate containing 
a quartz window, for experimental observations, was 
bolted to the outer apparatus housing. The heater hous- 
ing was thermally insulated by asbestos gaskets to re- 
duce heat transfer to apparatus housing walls. 
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All disk and rider specimens used in the investigation 
were finish-ground to 4 to 8 microinches. Before each 
run, the disk and rider specimens were given the follow- 
ing preparatory treatment: (a) a thorough rinsing with 
acetone to remove oil and grease from the surface; (0) 
polishing with moist levigated alumina and a soft polish- 
ing cloth; (c) rinsing in tap water followed by distilled 
water; and (d) rinsing with absolute ethyl alcohol and 
storing in a dessicator. 

The friction and wear experiments were conducted 
with a load of 1200 grams and a surface speed of 3200 
feet per minute. The runs were of 1-hour duration. 

The corrosion experiments were conducted in the ap- 
paratus shown in Fig. 2. The corrosion apparatus con- 
sisted of a balance (accuracy 0.1 mg), a small furnace 
(0.1 liter), and a chain for suspending the metal test 
























THERMOCOUPLE 


Fic. 2. Corrosion rate apparatus. 


specimen. A small gas inlet tube in the base of the 
furnace admitted the gases under investigation. Prior to 
each experiment, a 10-minute purge of the furnace was 
initiated to expel air. A thermocouple located in the 
center of the furnace was used to monitor the tempera- 
ture. 


Results and discussion 


A comparison of wear for Al,O; sliding on cobalt- 
base alloy in CF2Cle. and CF;CI-CF.Cl to 1400 F is pre- 
sented in Fig. 3; these data are from reference (4). 
From the trend in the wear curves with CF2Clo gas, 
corrosive wear seems to be taking place at temperatures 
above 1000 F. With the gas CF.CI-CF.Cl, the wear is 
low over the entire temperature range. 

An indirect method of obtaining data on the relative 
stability of chlorine-carbon bonds in the two gases 
CF.Cle and CF2,CI-CF2Cl was to conduct corrosion ex- 


periments at 1200 F with Ni-Cr—Fe alloy test specimens. 
The results obtained showing rate of formation of metal 
chlorides on the Ni-Cr—Fe alloy specimen are presented 
in Fig. 4. The figure indicates that the weight gain 
with time was considerably greater for CFoCle than for 
CF,.CI-CF,Cl. 
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Fic. 3. Comparison of Al,O, rider wear at various tempera- 
tures with CF,Cl, and CF,CI-CF,Cl. 


GAS FLOW RATE 1.0 LITER/MIN 












10r—- 
8 b 
WEIGHT ®©— 
GAIN, 
mgAm2 
9 Pi 
. a CF,Cl -CF,CI 
| | | | J 
) 30 60 90 20150 180 
TIME, MIN 


Fic. 4. Rate of formation of metal chlorides on a Ni-Cr—Fe 
alloy at 1200 F with CF,Cl, and CF,CI-CF,Cl. 


Since no evidence of rupture to the carbon to fluorine 
bonds has been found with either gas (4), the results 
indicate that the carbon to chlorine bond in the ethane 
compound CF,CI-CF;Cl is more stable than the same 
bond in CF2Clo. The weight gain was due to the forma- 
tion of nickel and chrome chlorides on the Ni—Cr—Fe 
alloy surface. The films were checked by X-ray diffrac- 
tion and found to be composed of nickel chloride (NiCl2) 
and chrome chloride (CrClg). 

Corrosion experiments were conducted in CF2Clp at 
1500 F with Ni-Cr—Fe alloy specimens. The results ob- 
tained are presented in Fig. 5. It is of interest to note 
that at 1500 F in 30 minutes about 74% of the Ni—Cr-— 
Fe ailoy test specimen was lost. This loss was due to the 
formation of the nickel and chrome chlorides, which, at 
1500 F, have an appreciable vapor pressure. At this 
temperature the vapor pressure of nickel and chrome 
chloride are about 10° mm Hg absolute. Substances 
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Fic. 5. Corrosion of a Ni-Cr-Fe alloy at 1500 F with chlorine- 
containing gases. 


with vapor pressures greater than 10° mm Hg absolute 
are considered unusable for lubrication applications, be- 
cause volatilization is so rapid that the materials do 
not remain on the surface long enough to be of any 
benefit. In this particular case, volatilization was so 
rapid the specimen was literally consumed in the halo- 
gen-containing atmosphere. The rate at which the metal 
halides evaporated was calculated from the following 
equation taken from reference (5): 


z = 44.4 p/\/ MT 
where 
z rate of evaporation, moles/(sec/cm?) 
p partial pressure, mm Hg abs 
M molecular weight, gram 
T temperature, °K 


The rate in moles per second per square centimeter, at 
1500 F, at which the halides evaporated from the sur- 


face using this equation was 1.5 x 10° for chrome 


chloride and 1.0 & 10° for nickel chloride. 


The rapid volatilization of the metal halides indicated 
that some device should be employed to reduce or elim- 
inate this rapid consumption. The first method or ap- 
proach considered was a simple reduction in halogen 
concentration by employing a nonreactive gas as a 
diluent. Corrosion experiments were conducted with 
CF2Cl. and 30% nitrogen added as a diluent. The 
results obtained in these experiments can be seen in 
Fig. 5. The results indicate that, when nitrogen was 
added, the CF2Cl. was actually more corrosive. This 
effect can be explained by the Le Chatelier-Braun prin- 
ciple of physical chemistry (6). 

The use of active corrosion inhibitors was next con- 
sidered. The method employed was the addition of 
active inhibitors that are capable of reacting with the 
halogen atoms to form compounds and leave the system 
in this manner. Additives of this type should entrap the 
excessive halogen atoms generated at the sliding inter- 
face when the lubricating-gas molecules decompose. A 
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number of gas molecules were considered for the entrap- 
ment of the halogen. Some of the inhibitors used were 
ethylene (CH2—CHp), acetylene (CH=CH), ammoni- 
um hydroxide (NH,OH), and monochlorotrifluoroethyl- 
ene (CF,=CFCl). With the first two inhibitors, one of 
the reaction products was corrosive hydrogen chloride 
(HCl) rather than the expected halogenated hydrocar- 
bons. The ammonium hydroxide formed the expected 
reaction product NH,Cl; however, at 650F the am- 
monium chloride dissociates (7). The desired reaction 
with monochlorotrifluoroethylene to form a stable halo- 
genated hydrocarbon did not occur. In general, the use 


of materials to entrap excessive halogen was not success- 
ful. 


The competition-reaction approach to the inhibitor 
concept was next considered. Examination of thermo- 
dynamic data indicated that the most likely potential 
inhibitor to react with metal surfaces in competition 
with chlorine would be oxygen. The oxides of nickel and 
cobalt alloys are very tenacious and could conceivably 
form mixed films with the halides. In order to explore 
the possible influence oxygen could have on reducing 
halide volatility, experiments were conducted at 1500 F 
with CF2Cl. and various percentages of air. The results 
obtained are presented in Fig. 6. The most significant 
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Fic. 6. Formation of surface films of oxides and chlorides 
on a Ni-Cr-Fe alloy at 1500F. 


aspect of the results obtained is the definite weight in- 
crease observed with all air additions including as little 
as 10%. Since it was established in Fig. 5 that nitrogen 
had an adverse influence, the results of Fig. 6 can be 
attributed to the oxygen of the air. X-ray diffraction of 
surface films indicated the composition to be a mixture 
of NiO-Cr2O3 spinel and NiCle. The same surface film 
identification was made for three gas mixtures: (a2) 10% 
CF2Cle: 90% air; (6) 20% CF2Cle: 80% air; and (c) 
30% CF2Clo: 70% air. 

The desirable results obtained with air-CFoCl. mix- 
tures prompted an investigation of the friction and wear 
properties of AlsO; sliding on cobalt-base alloy in such 
a gas mixture. Experiments were run in a mixture of 
70% air and 30% CF2Cle over the temperature range 
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from 75 to 1500 F. This particular gas mixture was se- 
lected because it contained sufficient halide to provide a 
good lubricating film, and physical examination indicated 
the surface film had good adherence to the substrate 
metal. The results obtained are presented in Fig. 7. 


30% CF,Clp: 70% AIR, 3200 FPM, 1200 GMS, | HR 
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Fic. 7. Friction and wear of Al,O, sliding on a cobalt-base 
alloy at various temperatures. 


It is interesting to note that the mixed oxide-halide 
systems gave friction and wear values characteristic of 
the halides. It is also of interest to compare the wear 
curve obtained with the mixture and that obtained with 
CF.Cle in Fig. 3. The air addition definitely reduced 
the high reactivity and corrosive wear to the rider speci- 
men at elevated temperatures. At temperatures of 1400 F 
and above, however, considerable wear of the disk speci- 
men began to occur. This probably resulted in part from 
the difference in hardness of AloOs and the cobalt-base 
alloy, which may become appreciable at temperatures of 
1400 F and above because of the thermal softening of the 
metal. A surface profile tracing across the wear track 
of the disk was made with a surface profile recorder 
for three temperatures, 1000, 1200, and 1500 F. The 
tracings are presented in Fig. 8. The profiles indicate 
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Fic. 8. Surface profiles of wear tracks on cobalt-base alloy 
disks. 


the increasing wear on the disk surface with increased 
temperature. The contour of the wear areas on the disk 
indicates relatively low wear to the hemispherically 
tipped rider specimen. A photomicrograph of the disk 
and rider run at 1200F in the air—CF2Cl. gas mixture 
can be seen in Fig. 9. The photomicrograph was taken 
at 1200 F because at higher temperatures disk wear in- 
creased with thermal softening of the metal. 

Friction and wear experiments were conducted with 
some of the material combinations reported in refer- 
ence (4). In reference (4) the halogen-containing gases 
CF.CI-CF.Cl, CF2Cle, and CF2Br-CF2Br were used as 






lubricants for various material combinations. The ex- 
periments were repeated with the same material combina- 
tions, and the gas lubricants were blended with air. The 
friction and wear values obtained both in gas and gas-air 
mixtures at various temperatures are given in Table 2. 


30% CF2Cl2: 70% AIR. MAG. XIS_ 


(b) COBALT-BASE DISK © 
Fic. 9. Al,Og rider and a cobalt-base alloy disk run at 1200 F 
for 1 hour under a 1200-gram load. 


The friction coefficient was not markedly affected by the 
addition of air. The wear at elevated temperatures was 
considerably less in the gas-air mixture. 

An experiment was conducted at 1400 F with Al,O; 
sliding on cobalt-base alloy to determine the influence 
of chloride to oxide conversion in surface films on the 
friction coefficient. The results obtained are presented in 
Fig. 10. In the CF2Clp atmosphere, the friction co- 
efficient was less than 0.1 and continuously increased 
with decreasing concentrations of chloride in the surface 
film. After 20 minutes in an air atmosphere, the friction 
coefficient stabilized at a value of about 0.55 with the 
chloride film converted to the oxide. The results indi- 
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TABLE 2 
Friction and Wear of Various Material Combinations 


























pate 23 Rider 

Metal combination Temp., Frict wear vol, 
Disk Rider °F Gas coeff cu inch/hr 
Cobalt-base alloy Cr-Mo-Al,O, cermet 1200 100% C,F,Cl, 0.11 52.9 X 105 
30% CF ,Cl, 0.09 1.70 X 105 

70% Air 
Cobalt-base alloy Al,O, 1400 100% CF,Cl, 0.14 39.34 x 105 
30% CF,Cl, 0.11 0.320 K 105 

70% Air 
Ni-Cr-Fe alloy Ni-bonded TiC-NbC 1400 100% C,F,Br 0.14 77.3 X 105 
30% CoF,Bry 0.10 18.33 X 10° 

70% Air 
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Fic. 10. Coefficient of friction of Al,O, sliding on a cobalt- 
base alloy at 1400F. 


cate the effectiveness of chloride films in providing fric- 
tion coefficients associated with boundary lubrication. 


Summary of results 


The results of the experiments conducted herein to 
evaluate corrosion inhibitors for reactive-gas lubricants 
at elevated temperatures can be summarized as follows: 

1. The use of the competitive-reaction additive air 
(in a mixture of 70% air: 30% CF2Cle) in conjunction 
with the halogen-containing gas lubricant CF2Cl. was 
successful in providing lubrication with low corrosive 
wear. 

2. The use of a diluent gas such as nitrogen to reduce 


reactivity of a halogen-containing gas CF2Clp at elevated 
temperatures was unsuccessful. The diluent offered no 
beneficial influence. 

3. The use of gases as entrapping agents for the halo- 
gen-containing gases was unsuccessful. This was due pri- 
marily to the relative instability of the materials used 
at 1500 F. 
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The Performance of Ball Bearings in Nitrogen and 
Carbon Dioxide at Elevated Temperatures* 


By K. G. EICKHOFF' and A. WHITE? 


Life tests on ball bearings running at 100 rpm without lubrication in hot gaseous environments 
under thrust loads show that their performance, worse than when running under lubricated condi- 
tions, is significantly affected by the environment. Two gases, nitrogen and carbon dioxide, are 
considered. In nitrogen, at temperatures of 200C and 250C, the load-carrying capacity was only 
some 2% of the capacity for lub-icated operation at normal temperature, the best results being 
obtained with full type, cageless, angular contact bearings. In carbon dioxide, however, at 325 C 
and 375 C, loads of up to 30% of the lubricated capacity were achieved with deep groove, caged 
bearings. Similar bearings in a 16% Cr stainless steel performed even better at up to 50% of the 
lubricated capacity. 

Unlike the fatigue failures encountered under lubricated conditions, these bearing failures were 
by wear. The measured wear is analyzed and related to the shape of the load-—life curve. It is 
postulated that, in carbon dioxide, bearings acquire a “lubricating” film of oxide which accounts 
for their better performance in this environment. Treatment with molybdenum disulfide had no 





beneficial effect under these conditions. 


Introduction 


THE performance of rolling contact bearings under 
normal lubricated conditions is well established. A cor- 
rectly fitted, properly lubricated bearing will fail only 
by fatigue; on this basis, manufacturers publish tables 
of ratings which enable the designer readily to select 
a bearing which meets his requirements of load-carrying 
capacity, safety factor and speed, and which will have 
an adequate life under these conditions. 

Where such bearings operate in nuclear reactors, how- 
ever, conventional lubricants cannot be used, since they 
break down under irradiation. The use even of radia- 
tion-resistant lubricants may be precluded, for example, 
if the bearing is located in a coolant circuit, for the 
coolant could become contaminated. Consequently, in 
this field, there is a requirement for rolling contact 
bearings to run, unlubricated, in various environments, 
usually at elevated temperatures. Such bearings are 
commonly incorporated in the mechanisms which con- 
trol the reactor, and are generally required to operate 
only at slow speeds. 

The experimental work described in this paper was 
undertaken in order to acquire some understanding of 
the behavior of ball bearings running in a gaseous en- 
vironment, there being little information available. In 
order to keep the test apparatus simple, the investiga- 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1,2 United Kingdom Atomic Energy Authority (Development 
and Engineering Group), Research and Development Branch, 
Capenhurst, Chester, England. 
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tion was restricted to thrust loads, and some preliminary 
results in a nitrogen atmosphere showed that full type 
bearings, which have no cage and a correspondingly 
larger complement of balls, performed much better than 
caged bearings. In consequence, angular contact bear- 
ings, which are easily assembled without a cage, were 
chosen for the experiments. Two sizes have been used; 
a light metric series to BS No. ACL 045 (British Stand- 
ard 350: 1959), US size 0209, and a medium metric 
series to BS No. ACM 020, US size 0304; these have 
been tested at two temperatures, 200C and 250C. All 
these bearings were made in a standard ball bearing 
1% C, 1% Cr steel to BS spec. EN 31 (British Stand- 
ard 970: 1955). Details of the bearings are given in 
Table 1. 


Experimental apparatus 


This is shown in Fig. 1. The test bearing is located 
in a stainless steel pot, the outer race being held in a 
housing. The driving shaft passes through the inner 
race and is located at its upper end by an oil-lubricated 
roller bearing. Rubber lip-type seals, kept cool by fins 
and a water jacket, retain the oil. Tensile loads of up 
to 1250 lb can be applied to the shaft through the thrust 
race, also oil lubricated, by pneumatic pressure acting 
on the double bellows assembly. For loads up to about 
200 Ib, this bellows assembly is somewhat cumbersome, 
and a pivoted beam, loaded by dead weights, is used 
instead. 


The test pot and its contents are heated to a maxi- 
mum temperature of 450C by a 2 kw tubular electric 
heater wound round the periphery. Bearing temperature 
is measured by a thermocouple in the housing. 
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TABLE 1 
Details of Bearings Tested 











Initial hardness 


















































; Ball Ball and race Type no 
Reference Dimensions (mm) Met ah material (DPN) west ia 
BS no. US no. Type Bore OD Width Cage balls (inch) British US Balls Races paper 
ACL 045 0209 £=Angular contact 45 85 19 No 17 7/16 EN 31 SAE 52100 725-800 725-800 1 
ACM 020 0304 Angular contact 20 52 15 No 13 5/16 EN31 SAE 52100 725-800 725-800 4 
BRL 025 0205 Deep groove ao. t- Yes 9 5/16 EN 31 SAE 52100 856 856 10 
BRL 025 0205 # Deep groove 25 ..-52; . § Yes 9 5/16 —_ AISI 440C 705 720 15 
Motor drive (a) the torque absorbed by the bearing exceeded 
flexible couplings 15 Ib ft, or 
= Dial (6) the total axial bearing wear exceeded 0.01 
6. eae e — inch, 
j Ht inaicator ‘ ‘ . 
|g | | Th in either of which cases the test was stopped. A small 
C nrust race number of test runs was stopped because of excessive 
| AY ~ Air inlet noise coming from the test bearing. 
| | i H | When the test was finished, the bearing was removed 
| HI i | 7 Loading bellows from the rig, stripped and examined. The total ball 
| il Parallel roller wear was determined by comparing the weight of the 
bearing balls with their initial weight, and an approximate figure 
1 for the race wear was obtained by reassembling the 
| | | Shaft seals bearing with new balls, and comparing the resultant 
axial “slop” in the bearing with that of a new bearing. 
Coolant in Bearings operated in nitrogen 
Coolant out EXPERIMENTAL RESULTS 
; The nitrogen, supplied in -cylinders, contained the 
CO, inlet impurities shown in the tabulation. 
Bearing housing Impurities Contained in the Nitrogen 
: O, < 20 vpm* 
= Test bearing CO, < 20 vpm 
co nil 
Test pot Organic gases < 5 vpm 
Helical groove He < 0am 
77 for heater om me 
M ti fl He < 160 vpm 
ounting Tlanges Moisture approx. 10 vpm 
(frost point: —59 C) 
Fic. 1. Bearing test rig. @ ypm = volume parts per million. 


A ¥%-hp motor and gearbox drives the shaft at 100 
rpm. This motor, not shown on the figure, is mounted 
on a ball bearing; reaction torque rotates the stator, 
motor housing, and gearbox, the rotation being re- 
strained by springs and the movement being amplified 
through a simple lever system and recorded on a mov- 
ing chart. The indicated torque includes the torque 
absorbed by the two lubricated bearings, but this is 
small in comparison with the test bearing, and can be 
ignored. A dial gauge mounted on the bellows assembly 
provides an indication of the axial wear which has taken 
place in the bearing. 

Immediately before assembly in the test rig, each 
bearing was carefully washed in carbon tetrachloride to 
remove all grease. It was then allowed to run for 500 
hours at the appropriate load, unless: 


Seven of the ACL 045 bearings were tested at 200 C; 
details of these tests are given in Table 2 and Fig. 2, 
where the bearing life is plotted against the bearing 
load, the latter being expressed as a percentage of the 
500-hour rated load for lubricated bearings running at 
100 rpm at ambient temperature. The significance of 
the two straight lines which also appear in Fig. 2 is 
discussed below. 

The figure of 500 hours for the rated load conforms 
to the Anti-Friction Bearing Manufacturers’ Association 
standard. Manufacturers differ in the “life” to which 
they refer in their tables of ratings, for bearings, and 
the ratings of those using a different figure have been 
converted accordingly. In the context of the work 
described in this paper, “life” implies a “90% expect- 
ancy life.” 
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TABLE 2 
Performance Data for Bearings in Nitrogen 












































Hardness 
Reason 
Bearing Load Life for Appearance? (DPN) 

no. (Ib) (hours) stoppage Balls Races Balls Races Remarks 

ACL 045 Bearings at 200C 
1-14 100 506 Torque a a 736 736 Balls and races polished. No wear. 
1-22 150 140 Wear d c 725 720 One ball excessively worn. 
1-12 200 49 Torque — — —> ah -- 
1-27 306 28 — d d 763 763 Test stopped owing to bearing thermocouple failure. 

Two balls oval and a third grossly worn. 
1-27A 306 23% Torque 769 769 Repeat of 1-27. One ball very severely worn. 
1-11 500 17 Torque c c 829 823 One ball worn more than the others. 
1-10 800 22 Torque c c 780 780 — 
ACL 045 Bearings at 200 C. Bearings treated with Molybdenum Disulfide 

1-38 68 718 None a a 780 780 Balls and races polished. No wear. 
1-40 100 613 None b b 763 763 Four balls show more wear than the others. 
1-16 150 500 None a a 763 763 Balls and races polished. No wear. 
1-36 204 78 Torque c c 849 786 All balls show similar wear. 
1-42 217 169 Torque d c 763 780 Four balls grossly worn. 
1-26 306 126 Torque c d 725 725 — 
1-41 542 44 Torque a a 752 752 Balls and races polished. 
1-28 850 28 Torque d c 810 810 Three balls show equatorial bands. 

ACL 045 Bearings at 250C 
1-31 55 1027 None b b 763 763 Balls show strong equatorial bands. 
1-29 138 331 Torque d c 810 763 Four balls excessively worn. 
1-30 274 172 Torque _— g —>) 763 

ACL 045 Bearings at 250 C. Bearings treated with Molybdenum Disulfide 
1-34 56 362 Noise b b 671 720 Similar to bearing 1-31, but only faint equatorial 
bands on balls. 

1-32 138 64 Wear — c —) 758 Similar to bearing 1-29. 
1-33 274 46 Noise d d 695 695 Greater wear than bearing 1-30. 

ACM 020 Bearings at 200 C 
4-6 45 47 Torque d d 550 526 -- 
4-1 60 462 Torque b b/d 862 720/798¢ Outer race lightly worn, inner race heavily worn. 
4-2 100 500 None a a 775 752 Balls and race polished. No wear. 
4-3 150 47 Wear b 810 786 ~= 
4-9 288 16 Noise d c 786 786 One ball shows gross wear. 

ACM 020 Bearings at 250C 
4-7 35 500 None b b 657 705/752¢ Much less worn than bearing 4-6. 
4-5 50 80 Wear d d 769 769 -- 
4-4 100 21 Wear Cc c 752 710 —_ 





® a = polished, b = light wear, c = moderate wear, d = heavy wear. 
>’ Hardness not measured. 


¢ Outer race and inner race, respectively. 


A further eight ACL 045 bearings were tested under 





similar conditions, save that they were coated with a 
solid lubricant immediately before test. Each bearing 
was heated in an oven to 80C and then immersed in a 
well-agitated suspension of molybdenum disulfide in 
alcohol. On removal from the liquid, the bearing was 
returned to the oven and dried. The test procedure was 
as before; the results are also shown in Table 2 and 
Fig. 2. 

These two types of test were repeated, on the same 


size of bearing, at 250 C; the results are shown in Table 
2 and Fig. 3. Also, for comparison, a smaller number 
of tests at 200C and at 250C, but not employing 
molybdenum disulfide, was made on the smaller bearings, 
ACM 020; these results appear in Table 2 and Fig. 4. 


DIscussION 


Figures 2 and 3 show that, by comparison with lubri- 
cated conditions, the performance of ACL 045 bearings 
in nitrogen was very poor. For reference, a line has 
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Fic. 2. Results of tests on ACL 045 bearings in nitrogen at 200 C. 
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Fic. 3. Results of tests on ACL 045 bearings in nitrogen at 250C. 


been added to the graphs to indicate the expected per- 
formance when lubricated; this is based on the com- 
monly accepted inverse cube life—load relationship for 
fatigue failures, and has been adjusted to take account 
of the softening of the bearing materials at the test 
temperature. 

The experimental values for the lives of both the 
treated and the untreated bearings at 200 C show only 
a moderate degree of scatter—less than would be ex- 
pected from similar tests on lubricated bearings—and 
fair curves can be drawn through the points. Treatment 
with molybdenum disulfide appears to have improved 
the bearing performance, particularly at the higher loads. 

The appearance of the failed bearings does not cor- 
relate with their performance. For example, bearing 
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Fic. 4. Results of tests on ACM 020 bearings in nitrogen at 
200 C and 250C. 


1-11 shows considerably more wear than bearing 1-10, 
which ran for appreciably longer at a significantly higher 
load. Bearings 1-16 and 1-38 show polished wear, while 
1-40 shows abrasive wear. Also 1-16 and 1-41 are much 
less worn than 1-22 and 1-11, whereas 1-40 and 1-28 
are more worn than 1-14 and 1-10. One interesting 
feature common to a number of bearings tested is that 
one (or sometimes more than one) ball is more worn 
than the rest. Bearings 1-22, 1-27, and 1-27A show 
this phenomenon (Fig. 5). 

Raising the temperature to 250C (Fig. 3) appears 
to improve the performance of the untreated bearings. 
Increased wear would be expected at the higher tempera- 
ture, because of softening of the material, but this could 
possibly be counterbalanced by the formation of a more 
pronounced surface film on the bearings, providing some 
degree of lubrication. Bearing 1-31 (Fig. 6) is par- 
ticularly interesting in that all the balls show strong 
equatorial wear bands, indicating that, as can be pre- 
dicted for a bearing loaded purely in thrust, they have 
been rotating continuously about the same axis. At 
250 C treatment with molybdenum disulfide appears to 
have a detrimental effect. This substance is usually 
acknowledged to retain its lubricating properties up to 
400 C, but it is essentially a surface treatment and, 
under the high wear values obtaining in the bearing, 
much of it will have worn off the surface in a com- 
paratively short time. 

Using the 500-hour rated load for lubricated bearings 
as a basis for comparison, the load-life curve for ACM 
020 bearings (Fig. 4) is flatter than the corresponding 
curve for the larger bearings, and the smaller bearings 
appear to have a better performance, particularly at the 
lower loads. The appearance of these bearings after test 
was similar to that of the ACL 045 bearings, and the 














Fic. 5. ACL 045 bearing 1-27A, after 2334 hours at 306 lb load in nitrogen 
at 200C. 





Fic. 6. ACL 045 bearing 1-31, after 1,027 hours at 55 Ib load in nitrogen 
at 250 C, showing equatorial wear bands on balls. 
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tendency for one ball to suffer more wear than the rest 
was again manifest, as shown in Fig. 7. 

At 250C, the smaller bearings performed worse than 
the similar bearings at 200C and worse than the cor- 
responding larger bearings at 250 C. However, the small 
number tested (three) makes it difficult to draw any 
definite conclusions. 


CAUSES OF FAILURE 


Of the sixteen bearings which failed, twelve did so 
because the torque absorbed by them exceeded 15 lb ft. 
This figure of itself is not significant, as it merely repre- 
sents a convenient value at which the motor trip could 
operate and terminate the test. For most of the test, 
bearings ran at a torque of some 1 to 2 lb ft, and it was 
normally just before failure that the torque rose steeply 
and tripped the motor. Nearly all the bearings which 
failed showed severe wear of both races and balls; none 
showed any evidence of fatigue, which would not be 
expected at the very low loads used in these tests. The 
bearings had no cages, were of open construction and 
were tested in a horizontal plane (i.e., with a vertical 


driving shaft). Hence it is thought unlikely that wear 
detritus would tend to be retained within the races, 
where it could jam under the balls and so lead to a high 
torque. Consequently, the increase in torque noted dur- 
ing tests can be caused only by a change in the surfaces 
of balls and races, or by a change in internal clearance 
arising from temperature effects. Although metallurgical 
examination of some bearings has shown that the balls 
have been at a higher temperature than the nominal test 
temperature, angular contact bearings have considerably 
more internal clearance than deep groove types, and 
seizure arising from thermal expansion, though possible, 
is thought to be unlikely. Hence it is concluded that 
wear is primarily responsible for all the failures, includ- 
ing those manifested by excessive torque. 

If it is assumed that the total volume of material re- 
moved by wear is proportional to the load and the rub- 
bing distance, and also that the bearing fails when a 
given volume of material has been worn away, then, as 
shown in the Appendix, the bearing life should be in- 
versely proportional to the bearing load. Making this 
assumption, lines showing the expected performance have 





Fic. 7. ACM 020 bearing 4-9, after 16 hours at 288]b load in nitrogen 


at 200C. 
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been added to Figs. 2 and 3, and, at the higher loads, 
the experimental points are in fair agreement with these 
lines. 

An examination of the failed bearings shows that the 
wear of the balls and the wear of the races are approxi- 
mately equal in magnitude, and the wear measurements, 
although very scattered, also show a trend for the wear 
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Fic. 8. Correlation of axial wear with load: ACL 045 bearings 
in nitrogen. 


at failure to be greater at the lower loads (Fig. 8). This 
accounts qualitatively for the flattening of the load— 
life curves at the lower loads. The wear rate of the 
bearing would be expected to increase with bearing load, 
but the measured wear rates do not show this trend. 
Also there is no significant difference in the wear rate 
or the total wear at failure between the treated and the 
untreated bearings. 


EXAMINATION OF TORQUE RECORDS 


So far, discussion has been based solely on measure- 
ments made at the conclusion of test runs. A study of 
the changes in the torque absorbed by bearings during 
test runs has revealed only one fact of interest. Nor- 
mally, as noted, bearings run for the greater part of the 
test at 1 to 2 lb ft of torque, which rises fairly rapidly 
before failure. In some cases it has been noticed that, 
after a period of running at a steady, low value, the 
torque has increased stepwise, and in some instances 
this step has been marked also by an increase in the 
wear rate, as indicated by readings of the dial gauge. 

A possible explanation lies in the fact that, under 
pure thrust, each ball of a bearing should spin continu- 
ously about the same axis. Ball wear should then take 
place along a well-defined track, and this has, in fact, 
been seen in one instance, bearing 1-31, as mentioned 
above. If a piece of wear debris gets between a ball 
and a race, this ball will be lifted momentarily away 
from the race, producing a peak on the torque record, 
and in all probability will continue its rotation about 
a different axis. If ball wear has already taken place 
along a track, the new radius of rolling will be greater 
by the amount of wear, save for the irregularity where 
the new track crosses the old one. 

As the ball lifts, it will, again momentarily, relieve the 
two neighboring balls of some load; when it continues 


rolling, these latter balls will still not be carrying as 
much load, and in consequence will tend to alter their 
axes. This change will, in turn, be transmitted to the 
remaining balls in the bearing, until all the balls are 
rotating about random axes. It is suggested that this 
less ordered state of ball rotation implies an increased 
torque. 

Proof of this hypothesis would require more complex 
test apparatus than is now used, and has not been at- 
tempted. 


Bearings operated in carbon dioxide 
EXPERIMENTAL RESULTS 


Some experimental work has also been done on bear- 
ings running unlubricated in carbon dioxide at higher 
temperatures, 325 C and 375. In contradistinction to 
the experience with nitrogen, preliminary experiments 
showed that, in carbon dioxide, bearings with a pressed 
steel cage were superior in performance to the full type, 
cageless bearings, and so were selected for the test. 
Deep groove, instead of angular contact, bearings in 
EN 31 steel, were chosen; this was because there were 
also available for test at this time some deep groove 
bearings in stainless steel, and it was desired to compare 
these directly. The results of tests on these stainless 
steel bearings are given below. All the bearings were of 
the size corresponding with BS No. BRL 025, US size 
0205; details appear in Table 1. 

The bearings were run at 100 rpm in carbon dioxide 

which had previously been dried so that the water vapor 
content was less than 10 volume parts per million. Some 
of the bearings were treated with molybdenum disulfide, 
in a manner similar to that previously described. 
The experimental results are shown in Table 3 and Figs. 
9 and 10. The performance of these bearings is much 
superior to that of the angular contact bearings in 
nitrogen, and the slope of the load—life curves is signifi- 
cantly flatter. The degree of scatter of the experimental 
results is similar. 

On removal, all the bearings were found to be covered 
with a black coating of oxide, and it is considered likely 
that the lubricating properties of this film were responsi- 
ble for the greatly improved performance of the bear- 
ings. The treatment with molybdenum disulfide had no 
significant effect. 


CAUSES OF FAILURE 


About half the failures were caused by excessive 
torque, and the other half by excessive loss of axial 
location resulting from wear. Wear took place on the 
races, balls, and cage, and some of the torque failures 
were caused by the cage, which was located by the balls, 
wearing so much that it rotated eccentrically, thus rub- 
bing on one or both of the races. Other torque failures 
were caused by the cage breaking up, the resulting 
fragments being trapped under the balls. 

Bearings 10-23A, 10-31, 10-34, and 10-42 showed 






























































TABLE 3 
Performance Data for BRL 025 Bearings in Carbon Dioxide 
Reason 
Bearing Load Life for Hardness (DPN) 
no. (Ib) (hours) stoppage Balls Races Cage 
EN 31 Bearings at 325 C 
10-21 400 500 None 
10-25 500 262 Wear 
10-38 500 500 None 
10-23A 596 438 Wear Not ed 
10-23 625 69 Torque Se 
10-24 760 133 Torque 
10-24A 850 28 Wear 
10-22 1000 8 Torque 
EN 31 Bearings at 375 C 
10-27 390 500 None 
10-31 500 500 None 
10-34 700 120 Wear Not measured 
10-35 775 18 Wear 
10-28 850 25 Torque 
EN 31 Bearings at 325 C: Bearings Treated with 
Molybdenum Disulfide 
10-41 250 427 Torque 537 571 175 
10-42 400 500 None —4 —t —4 
10-39 500 101 Wear 610 610 165 
10-40 750 113 Wear —t —t —t 
10-43 1000 49 Wear 622 568/626 142 
EN 31 Bearings at 375 C: Bearings Treated with 
Molybdenum Disulfide 
10-47 400 52 Torque 502 520 163 
10-44 500 262 Torque 4 —t —4 
10-46 500 88 Wear 451 514/547 172 
10-48 750 22 Torque 610 502 167 
10-45 1000 21 Torque —4 a! —4 
EN 31 Bearings at 200 C 
10-60 100 500 None —t — —t 
10-57 250 49 Torque 775 775 —t 
10-59 375 48 Wear 836 775 —t 
10-56 500 11 Torque 897 798 —t 
EN 31 Bearings at 250C 
10-58 250 500 None 725 725 —4 
10-61 500 500 None _ tH —t 
SS Bearings at 325 C 
15-20 500 500 None —t —a —a 
15-23 1000 500 None 890 763 216 
15-28 1250 90 Torque N 4 
15-29 1250 347 Wear at means 
SS Bearings at 375 C 
15-24 500 500 None 752 752 241 
15-18 750 500 None 
15-31 1000 63 Torque Not measured 
15-30 1250 68 Wear 








@ Hardness not measured. 
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Fic. 9. Results of tests on BRL 025 bearings in carbon dioxide 
at 325C. 
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Fic. 10. Results of tests on BRL 025 bearings in carbon di- 
oxide at 375 C. 


signs of pitting on the inner race, similar to that ob- 
served in failed lubricated bearings (Fig. 11). This is 
to be expected as the bearing loads approach those of 
lubricated bearings. The other bearings show polished 
or abrasive wear of the same type as that observed on 
the angular contact bearings in nitrogen, but the amount 
of wear is generally much smaller. 


OPERATION AT LOWER TEMPERATURES 


The temperatures of 325C and 375C were selected 
for the tests in carbon dioxide because of a specific 
application for bearings to run at these temperatures. 
It was thought that the performance of bearings at 
temperatures lower than these would be worse, since 
the oxide coating mentioned above would be less well 
developed, and so further tests of BRL 025 bearings at 
200 C and 250 C were undertaken. 


These tests are still in progress, but some experimental 
results are shown in Table 3 and Fig. 12; for com- 
parison, the results of the tests at 325 C and 375 C have 
also been shown in Fig. 12. At 200C, the performance 
is markedly inferior to that at the higher temperatures, 
although still appreciably better than the performance 
of either the ACL 045 or the ACM 020 bearings in ni- 
trogen. Examination of the bearings after test showed 
little or no evidence of an oxide coating. At 250C, the 
available results indicate a better performance than at 
200 C, and an oxide coat could be seen. 
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Fic. 11. BRL025 bearing 10-21, in EN 31 steel, after 500 hours at 388 lb 


load in carbon dioxide at 325 C. 


STAINLESS STEEL BEARINGS 


Some experiments have also been made using stainless 
steel ball bearings of the same size (BRL 025, Table 1). 
The races and balls were made from 1% C, 17% Cr 
stainless steel to AISI 440 C, and the cage was made of 
a low-carbon, 16% Cr stainless steel. These bearings 
were run in dry carbon dioxide at 325 C and 375 C; the 
results are shown in Table 3 and Figs. 9 and 10. Their 
performance is even better than that of the EN 31 bear- 
ings, and they show remarkably little wear (Fig. 13). 
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Fic. 12. The effect of temperature on the performance of BRL 
025 bearings in EN 31 steel in carbon dioxide. 


This is surprising, for materials having a chromium 
oxide film on the surface are generally inferior in rub- 
bing performance to those which form black iron oxide 
films. 

OTHER Work IN THIS FIELD 


Heath (1) has recently published some results of 
work on unlubricated bearings running in dry carbon 
dioxide. A direct comparison with the present work is 
difficult, since Heath’s bearings, although of standard 
materials, were of a different size and type, running at 
1440 rpm. However, after making allowances for these 
differences, the slope of his load—life curve at 200C is 
very similar to that of Fig. 12, although his lives are 
much shorter for similar loads. In further work with 
bearings of special materials tempered for use up to 
400 C, he found that these had a “best life” between 
200 C and 250C. This is at variance with the results 
shown in Fig. 12. An explanation has not yet been 
sought, but may well lie in the different materials used. 


Conclusions 


1. The performance of unlubricated ball bearings 
running at slow speed under thrust loading in a gaseous 
environment at elevated temperature is significantly 
affected by the nature of the gas. 

2. Unlike the fatigue failures encountered under lubri- 
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Fic. 13. BRL0O25 bearing 15-23, in stainless steel, after 500 hours at 1000 lb 


load in carbon dioxide at 325 C. 


cated conditions, the unlubricated bearings tested have 
generally failed by wear. 

3. In nitrogen, cageless bearings are superior to caged 
ones, and at 200—-250C the load-carrying capacity is 
only some 2% of the capacity for lubricated operation. 

4. In carbon dioxide, caged bearings are superior to 
cageless ones. At 325-375 C the load-carrying capacity 
of bearings in standard materials is up to 30% of the 
lubricated capacity. Stainless steel bearings perform 
even better, up to 50% of the lubricated capacity at 
325C. 

5. In carbon dioxide, the performance of bearings in 
standard materials is significantly affected by tempera- 
ture, their performance at 200C being considerably 
worse than at 325C or 375C. 

6. Treatment with molybdenum disulfide produces an 
increases in bearing performance in certain instances, 
but in general it has no beneficial effect on unlubricated 
running. 

7. Attempts to correlate the performance of the two 
sizes of bearing employed for the tests in nitrogen, in 
such a way as to enable the performance of bearings of 
other sizes to be predicted, have so far not been suc- 
cessful. 

8. This work has been concerned entirely with thrust 
loads, and the results do not necessarily apply to other 
types of loading. Under radial load, the configuration 
of the bearing changes, as each ball is subjected to a 


cyclically fluctuating load, whilst under combined load- 
ing the contact angle fluctuates continuously, and these 
factors may well have a significant effect upon the bear- 
ing performance. 


Appendix 


ANALYTICAL TREATMENT OF THE WEAR PROCESS 


Let D = mean race diameter 

d = ball diameter 

m = number of balls 

W = total bearing load 

N = total bearing revolutions to failure 

V, = total volume of material removed from the 
balls by wear 

V, = total volume material removed from the 
races by wear 

5, = total change of axial location caused by 
ball wear 

5, — total change of axial location caused by 
race wear 

$6 = 3.+5 


If it is assumed that the total volume of material re- 
moved by wear is proportional to the load and the rub- 
bing distance, and that the average force between ad- 
jacent balls is proportional to the ball loading, then it 
follows that: 

Vz x WND 
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and hence, if this material is removed uniformly from 
the ball surface, 

3, «< WND/nd? 
Similarly, 

V, « WND 


and thus, if the area of the wear track is assumed to be 
proportional to the ball diameter and also to the race 
diameter, it follows that 


5, « WN/d 
But, to a close approximation, 

nd « D 
and hence 

5, « WND/nd? 
Thus the ball wear should be proportional to the race 
wear. 

On the assumption that a large bearing can accom- 

modate a greater amount of wear than a small one, it is 
reasonable to postulate that the bearing torque begins 


to increase when the proportional change in bearing 
dimensions (8/D) exceeds some critical value. Now 


8/D « WN/na 


Hence, on this basis, the bearing life should be inversely 
proportional to the quantity W/nd?. 

In Figs. 2, 3, 4, 9, 10, and 12, the bearing load has, 
for convenience, been expressed as a percentage of the 
500-hour rated load when running lubricated at 100 rpm. 
The implied assumption is that the bearing life is a 
function of the quantity W/n?/*d1-8, rather than W/nd?, 
as deduced above, but the numerical difference between 
these quantities is not significant when compared with 
the scatter of the experimental results. 
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Evaluation of Ball Bearing Separator Materials 
Operating Submerged in Liquid Nitrogen* 


By W. A. WILSON,! K. B. MARTIN,? J. A. BRENNAN,’ 
and B. W. BIRMINGHAM! 


The demand for the reliable operation of rotating machinery in cryogenic applications has resulted 
in a continuing program directed toward determining the life and durability of ball bearings 
operating at cryogenic temperatures. On the basis of past work in this field, it was determined 
that the ball separator, when made from conventional materials, usually was the cause of failure. 
A program of screening separator materials with bearings subjected to actual operating conditions 
was undertaken. A number of different separator materials and arrangements were tested to 
determine their relative durability. The apparatus used provided a method of loading the bearing 
axially and included a means of measuring bearing torque, wear, and load during operation. All 
of the tests of this screening program were conducted using liquid nitrogen. The results are 
presented in the form of bearing life, progressive bearing torque, and progressive bearing wear 
for the various configurations and types of separator materials tested. Photographs showing the 
test apparatus and some test bearings are included in addition to a graphic presentation of the 
test results. This test program proved that a ball separator made from filled polytetrafluoroethyl- 





ene material? is superior to the other separator materials tested in liquid nitrogen. 


Introduction 


ProcrEss in the field of cryogenic engineering during 
the last few years has introduced many new problems 
relative to the handling, storage, transfer, and use of 
cryogenic liquids. Even though the handling and use 
of these liquids in large quantities is no longer a difficult 
task, more efficient and feasible methods must be de- 
veloped. 

One problem area that requires considerable develop- 
ment is that of the support of a rotating shaft operating 
at cryogenic temperatures. Two prime examples of such 
an application are turbine expanders used in the liquefac- 
tion and refrigeration process and pumps to transfer 
large quantities of liquefied gases. In equipment operat- 
ing at extremely high speeds the use of gas lubricated 
bearings will no doubt prove to be advantageous. How- 
ever, the application of gas lubricated bearings is limited 
—particularly from the standpoint of load-carrying ca- 
pacity. There still remains the need for a reliable, high 
load capacity bearing operating at moderate speeds. 
The nature of the application dictates the use of a rolling- 
element type bearing which can withstand both axial 
and thrust loading. 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1 Cryogenic Engineering Laboratory, National Bureau of Stan- 
dards, Boulder, Colorado. 

2 High Energy Physics Division, Argonne National Labora- 
tories, Argonne, Illinois. 

8 Reinforced polytetrafluoroethylene resin which contains a 
highly inert, inorganic silicate base filler. 
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Initial work done at the National Bureau of Standards 
on ball bearings operating in cryogenic liquids was re- 
ported by Martin and Jacobs (1). This work showed 
that conventional ball bearings could be operated in 
liquid nitrogen and liquid hydrogen for a considerable 
length of time at moderately low speeds and under very 
light loads. It was determined that the weak component 
of a ball bearing operating in cryogenic liquids was the 
ball separator. This observation was also verified by 
Tanza (2) when operating ball bearings at cryogenic 
temperatures in a gaseous atmosphere. On the basis of 
this work it was decided to continue the investigation of 
ball bearings operating in cryogenic liquids. The object 
was to determine the most durable bearing material com- 
bination available and to evaluate the durability and 
reliability of such a bearing under actual operating con- 
ditions. 


Selection of bearing materials 


For this initial investigation the problem of selecting 
the proper material for the balls and races of the bearing 
was considered of minor importance. The criteria for 
selecting ball and race material are quite well estab- 
lished in the bearing industry. The main basis for such 
a selection is the hardenable quality of the race material 
and its resistance to wear. Consequently, the bearing in- 
dustry has established 52100 steel as a logical choice for 
most ball and race materials. However, in the case of 
nonlubricated bearings for cryogenic application, it is 
necessary that the ball and race material also be non- 
corrosive because conventional lubrication would freeze 
and cannot be used to inhibit corrosion. Thus the deci- 
sion was made to use 440C stainless steel as the ball and 
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race material because of its ability to be hardened, re- 
sistance to wear, and noncorrosive qualities. Some 52100 
steel bearings were run for comparative purposes. 


With the material for the balls and races selected, the 
next step was the screening of logical materials that 
could be used for the ball separator. Since there is slid- 
ing motion between the ball separator and the balls 
during bearing operation, the separator material should 
exhibit a very iow coefficient of friction together with 
a high resistance to wear. A survey into the field of 
separator material selection, including consultation with 
bearing industry personnel, indicated that the applica- 
tion of polytetrafluoroethylene (PTFE) in some manner 
should be advantageous. The paper by Wisander and 
associates (3) gives wear and coefficient of friction data 
on PTFE and various filled PTFE compounds which 
verifies this conclusion. Thus for the initial investigation 
it was decided to use metallic ball separators coated with 
PTFE and filled PTFE separators in addition to phe- 
nolic separators. This filled PTFE material was investi- 
gated by White (4) as his Sample No. 221. 
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Fic. 1. Schematic diagram of test apparatus. 


Test apparatus 


The test apparatus used to conduct these bearing 
evaluation tests is a modified version of the apparatus 
used by Martin and Jacobs (1). The initial test pro- 
gram showed that some method was necessary for short- 
ening the time required for each test in order to com- 
plete the entire program in a reasonable length of time. 
In addition, it was necessary to provide a means for 
loading the bearing so that load vs. life data could be 
obtained on the test bearing. 

A schematic drawing of the modified test apparatus is 
shown in Fig. 1. The apparatus consists basically of a 
test chamber submerged in a dewar of liquefied gas and 
driven by an electric motor through a 37 in. long stainless 
steel shaft. A stainless steel torque tube is attached to 
the test chamber and transmits bearing torque to a 
variable capacitor located above the liquid dewar. The 
test bearings were loaded axially by pressurizing the 
bellows located between the two test bearings. The 
load was monitored continuously by a miniature pressure 
transducer and recording instrument. Figure 2 is an en- 
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Fic. 2. Test chamber for applying axial thrust to test bearings. 
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larged view of the test chamber showing in detail the 
test bearings, the pressurizing bellows, and the location 
of a strain gage. The strain gage is used to measure 
bearing wear continuously during a test. 

Figure 3 is a photograph of the test apparatus and 
associated equipment. The ball bearing tester, shown in 
the middle, is assembled with the liquid dewar surround- 
ing the internal mechanism. The instrument panel on the 
left contains a self-balancing capacitance bridge poten- 
tiometer which indicates and records test bearing torque 
as a result of the variable capacitor position, two strip 
chart potentiometers which record load and bearing 
wear, and the automatic liquid level controls to maintain 
a constant level of liquid in the dewar. The supply 
dewar on the right serves as a source of liquid for the 
tester from which liquid is transferred to the bearing 
tester by operation of the liquid level controller. 

Except for a periodic manual replacement of the liquid 
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supply dewar, the ball bearing tester with the associated 
controls is a completely automatic device which can be 
left unattended during operation. The torque measuring 
potentiometer serves as an automatic cutoff switch. When 
the torque reaches a predetermined value which experi- 
ence has shown indicates bearing failure, the instrument 
cuts off the power to the drive motor through a mercury 
switch and the test is terminated. 


Test procedure 


Referring to Fig. 1 it can be seen that two bearings 
are tested simultaneously. This arrangement is necessary 
to provide support for the test chamber relative to the 
drive shaft and to accommodate the use of the loading 
bellows between the two bearings. The support bearing 
located below the test chamber supports the bottom end 
of the drive shaft and runs independent of the test bear- 
ings. This support bearing carries only a light radial 





Fic. 3. Ball bearing test apparatus and automatic controls. 
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load and consequently will run for an extremely long 
period of time before replacement is required. 

Prior to the start of each test, the bearings are thor- 
oughly degreased and measurements of bearing OD, in- 
ternal clearance and axial “stick-out” are made on each 
test bearing. After complete assembly of the apparatus, 
a nitrogen gas purge is used to remove all air from inside 
the tester before filling with liquid nitrogen. Because of 
the thermal contraction of the materials within the 
tester, final adjustments are made after the test chamber 
has reached thermal equilibrium; then the test is started. 

During the course of a test, the following data is re- 
corded: test bearing torque, bearing wear, and bearing 
thrust loading pressure. The speed is constant through- 
out a test and for the tests reported in this paper the 
speed was 3,150 rpm. In addition, the thrust load was 
constant at 144 lb. 

Only a few bearings of each type were tested. It is 
recognized that two or three tests are insufficient to es- 
tablish bearing life but it was felt that the less desirable 
combinations could be logically eliminated by a few tests 
and thus save considerable time. 

It was necessary to establish a failure criterion in order 
to logically compare the results of the various bearing 
configurations. If the bearings were run until complete 
destruction of the separator occurred it was impossible 
to completely evaluate the results. Thus the failure point 
was established at a torque of 50 inch-oz, which was a 
value that occurred just prior to destruction of the 
phenolic separator bearings. The torque indicating and 
recording potentiometer automatically stops the drive 
motor when the bearing torque reaches this value of 
50 inch-oz. 

At the completion of a test, the liquid dewar is re- 
moved from the tester and the internal components 
warmed up to ambient temperature prior to disassembly 
of the test chamber. The test bearings are then removed 


and their condition determined. In addition to visual in- 
spection of the bearings, measurements of internal clear- 
ance and axial “stick-out” are again taken. Bearing 
wear is then determined by the “change in stick-out” 
occurring during the test. This wear is comparable to 
the progressive wear obtained from the strain gage 
mounted on the test chamber and consequently, there 
are two independent methods of determining bearing 
wear. The strain gage measures the total wear of both 
bearings, while the manual measurements, taken after 
a test is completed, determines the wear of each individ- 
ual bearing. 


Test results 


In an effort to logically determine the durability of the 
bearing separator and to compare the durability of differ- 
ent separator materials, it was necessary to establish a 
means of evaluating the results. Therefore, the results 
were evaluated statistically and are presented graphically 
on probability coordinates. Such a plot represents an 
estimate of the population from which the data origi- 
nates. 

Table 1 is a list of the various types and configura- 
tions of ball bearings evaluated to date and considered 
in this report. In all cases the test bearings were 
10 X 26 X 8mm bearings. Figures 4 and 6 are plots 
showing the test results for all bearings tested except 
those using filled PTFE ball separators. 


PHENOLIC BALL SEPARATORS 


Figure 4 is a plot showing the results obtained from 
the bearings using phenolic ball separators. Even though 
the life of this series of bearings is relatively low—the 
10% life ranges from 0.3 hr to 9.5 hr—the relative 
merits of different bearing configurations can be com- 
pared. 


TABLE 1 
Types of Bearings Tested 





Ball and race 


Internal clearance 





Bearing no. Bearing type material Separator type Separator material X 10-4 inch 
1 Radial@ 52100 riding inner ring phenolic 5.0- 9.8 
2 Radial 440C riding inner ring phenolic 5.5— 7.5 
3 Radial? 440C riding balls phenolic 4.3- 5.3 
4 Radial? 440C riding outer ring phenolic 5.3-12.5 
5 Radial? 440C two piece Al armored phenolic 5.6- 7 

riding outer ring 
Radial? 440C two piece pressed steel PTFE coated 8-18 

7 Radial 440C none alternate undersized 4.8- 5.5 
440C balls 

8 Radial? 440C riding outer ring filled PTFE 4.4- 58 

9 Radial? 440C riding outer ring phenolic 25-45 

10 Radial? 440C riding outer ring PTFE coated Grade A 4.6- 5.5 
phosphor bronze 

11 Radial? 440C riding outer ring Grade A phospher 4.1- 5.5 
bronze 

12 Angular Contact? 52100 riding inner ring phenolic ae ss 





@ Full shoulder on both sides of inner ring and a counterbore on one side of outer ring. 
> Full shoulder on both sides of outer ring and a low shoulder on one side of inner ring. 
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Fic. 4. Test results with fixed torque failure. 


Bearing No. 1 is similar to bearing No. 2 except for 
ball and race material. Bearing No. 1, made from 52100 
steel, has a 50% life approximately six times longer than 
bearing No. 2. Bearing No. 4 and bearing No. 2 are 
similar except for ball separator configuration. Bearing 
No. 4 with the ball separator riding the outer race has a 
50% life approximately ten times longer than bearing 
No. 2. 


Referring to Table 1 it can be seen that bearing No. 1 
is comparable to bearing No. 12 and bearing No. 4 is 
comparable to bearing No. 9, except for the internal 
clearance. In both cases, it is apparent that a small 
internal clearance shortens the bearing life when running 











W. A. Witson, K. B. Martin, J. A. BRENNAN, AND B. W. BIRMINGHAM 


in liquid nitrogen. The relative merits of the remaining 
bearing separator configurations can readily be seen. 
There is no particular advantage to using an armored 
phenolic retainer. 

Figure 5 is a photograph of bearing No. 4 showing 
the ball hole wear that occurred as a result of the test. 
The separator was still intact and the balls and races 
showed no visible signs of defective wear. A definite but 
smooth ball track was worn into both the inner and 
outer races. 


METALLIC BALL SEPARATORS 
Figure 6 is a plot showing the results obtained from 
the bearings using metallic separators. It can be seen 
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Fic. 6. Test results with fixed torque failure. 





Fic. 5. Phenolic separator failure after 20 hours at 3150 rpm. 
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from this plot that bearings using grade A phosphor 
bronze ball separators do not show an appreciable ad- 
vantage over bearings with phenolic separators. Bearing 
No. 10, using a 0.001 inch thick PTFE coated phosphor 
bronze separator proved to be inferior to bearing No. 11 
using the grade A phosphor bronze separator without 
PTFE coating. 

With regard to bearing life, bearing No. 6 with a 
pressed steel, 0.001 inch thick PTFE coated ball sepa- 
rator also showed no particular advantage over phenolic 
separator bearings. In addition, this separator broke 
apart during the test. Figure 7 shows the typical destruc- 
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tion which occurred. The PTFE coating was worn off 
the ball holes of the separator and the 440C balls and 
races were heavily pitted. 

In the case of bearing No. 7 where alternate under- 
sized spacer balls were used, in both tests one of the 
undersized balls was worn down to the point where it fell 
out of the bearing. Figure 8 is a photograph of two 
bearings incorporating alternate undersize spacer balls. 
For comparative purposes a new bearing is shown on the 
right and a damaged bearing on the left. The damage to 
the undersized ball which fell out of the bearing during 
test can be seen compared to a new ball removed from 
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Fic. 7. PTFE coated, pressed steel, failure after 15 hours at 3150 rpm. 








Fic. 8. Alternate undersized spacer ball, failure after 5 hours at 3150 rpm. 
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a new bearing. Even though two sets of these bearings 
ran for five hours, their performance is very questionable 
and quite unpredictable. 


Fittep PTFE BAtt SEPARATORS 


In contrast to Figs. 4 and 6, Fig. 9 has been prepared 
to show the relative merit of bearings incorporating 
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Fic. 9. Test results with fixed torque failure. 


ball separators made from filled PTFE material vs. bear- 
ings with ball separators made from phenolic material. 
Two sets of bearing No. 8 ran for 1000 hours without 
failure at which time the test was terminated. A third 
set ran for 367 hours before malfunction of the liquid 
level controls terminated the test. Even so, this set of 
bearings ran 234 hours after the test apparatus ran out 
of liquid—during which time the temperature continu- 





W. A. Witson, K. B. Martin, J. A. BRENNAN, AND B. W. BIRMINGHAM 


ally increased and the thrust load increased two- to 
threefold. 


Figure 10 shows bearing No. 8 with a filled PTFE 
separator which ran 367 hours in liquid nitrogen and 
234 hours dry in a nitrogen gas atmosphere. Definite 
wear tracks developed on both the balls and races ac- 
companied with considerable discoloration. The track 
in the balls was worn to a depth of approximately 
5.5 X10-4 inch. Figure 11 is a photograph of a filled 
PTFE separator bearing that ran for 1000 hours sub- 
merged in liquid nitrogen without failure. There is 
no visible wear track on the balls, however, measurement 
of the balls revealed a track worn to a depth of approxi- 
mately 5.0 x 10-* inch. A similar smooth ball track 
is also worn into the inner and outer races. In addition, 
the ball holes in the separator are worn into an elliptical 
shape with the major wear occurring at the leading and 
trailing edge of the hole relative to the rotating direction 
of the mating ball. The “change in stick-out” of these 
bearings before and after test indicated a total bearing 
wear of approximately .004 inch. Also the change in 
internal clearance of these bearings during test ap- 
proached .004 inch. 


During the course of this testing program, it has been 
felt that wear of the ball and race materia! must cor- 
respond in some manner to the failure of a bearing. But 
no definite value of ball and race wear to constitute bear- 
ing failure could be defined. Figure 12 is a plot of 
bearing wear vs. time showing typical wear which oc- 
curred on the phenolic separator bearings and the filled 
PTFE separator bearings. Both types of bearings ex- 
perienced approximately the same amount of wear but 
in extremely different periods of time. For clarification 
it should be pointed out that this bearing wear was de- 
termined by stopping the test and manually measuring 





Fic. 10. Filled PTFE separator bearing failure after 365 hours in liquid nitrogen and 2.75 hours in nitrogen gas. 
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Fic. 11. Filled PTFE separator bearing after 1000 hours at 3150 rpm. 
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Fic. 12. Progressive bearing wear. 


the “change in stick-out” occurring in the bearing at 
various stages of the test. 


BEARING TORQUE 


The self-balancing potentiometer used to measure test 
bearing torque recorded this torque during the entire 
course of each test. Figure 13 has been prepared to show 
the relative torque obtained on the five different bearing 
configurations of special interest. This bearing torque 
is a function of the coefficient of friction existing between 
the ball separator and its mating components. Because 
of the arrangement of the test apparatus, the torque 
values obtained in inch-oz represents the torque occurring 
in both test bearings simultaneously. 

Figure 13 shows that the low coefficient of friction of 
PTFE is a definite advantage for unlubricated ball bear- 
ing operation. Bearing Nos. 6, 8, and 10 had a relatively 
low initial torque value. The torque of bearing No. 8, 


OPERATION IN LIQUID NITROGEN 
Speed, 3150 rpm; Thrust load ,144 lbs, Bearing 10 26% 8 mm 


TORQUE , inch- ounces 





| 2 4 6 10 20 1000 
BEARING LIFE, hours 


Fic. 13. Bearing torque history. 


with a filled PTFE separator, remained at a very low 
value throughout the test. However, bearing Nos. 6 and 
10, which had the PTFE-coated metallic separators, 
showed a gradual increase in torque until the bearing 
failed. The torque history of these two bearings im- 
plies that the PTFE coating soon wore off of the separa- 
tor. Inspection of the bearings at the end of the tests 
found the PTFE coating completely worn off of the 
leading and trailing surfaces of the separator ball hole. 
The torque history of these three bearings proves that, 
even though PTFE has a low coefficient of friction at 
liquid nitrogen temperature, its resistance to wear is 
inadequate for satisfactory ball bearing operation. It is 
necessary to use a filled PTFE composition to obtain a 
high wear resistant material. 

Bearing Nos. 4 and 11 showed a high initial torque 
value. The drop in torque during the first few hours 
indicates that a run-in period for these bearings would 
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be an advantage. Even so, the life of bearing Nos. 4 
and 11 is limited as indicated by the eventual increase 
in torque until bearing failure occurred. 


Conclusions 


On the basis of the work described above, it is con- 
cluded that ball bearings incorporating filled PTFE ball 
separators are superior to bearings incorporating the 
other separator materials tested when operating sub- 
merged in liquid nitrogen. This filled PTFE material 
exhibits a relatively low coefficient of friction together 
with a high resistance to wear at liquid nitrogen tempera- 
ture, which are the properties that contribute to its high 
durability in this application. The thermal coefficient of 
expansion of filled PTFE material from 300° K to 76° K 
is not available but it is evident from the test results 
that the relative thermal coefficient of expansion of filled 
PTFE and 440C stainless steel is not a detrimental 
factor. This situation is particularly true when the ball 
separator is fabricated of the specific size to ride the 
outer ring of the bearing. This eliminates the possibility 
of interference between the ball separator and the bear- 
ing ring because of thermal contraction. 

Results of this test program indicate that 52100 steel 
may have a slight advantage over 440C stainless steel 
for ball and race materials from a wear resistance and 
thus durability standpoint. Regardless of the slight ad- 
vantage of using 52100 steel, it is concluded that hard, 
noncorrosive stainless steels should be used for ball and 
race materials of bearings in most cryogenic applications. 
Corrosion occurring in the bearing during handling, in- 
stallation, and equipment standby periods should be 
avoided if possible. Thus far the advantage of using 
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52100 steel over 440 C stainless steel is not great enough 
to warrant its use. With regard to the durability of ball 
separator materials, this test program has shown that 
the life of the separator material is a function of separa- 
tor ball hole wear. Thus it is necessary to select a 
separator material which exhibits a low coefficient of 
friction and high resistance to wear at the operating 
temperatures of the bearing. 

The obvious ultimate result of such a test program is 
to determine the best possible material combination for 
bearings operating at cryogenic temperatures and to 
establish criteria for selecting bearings for a specific 
application. 
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Instantaneous Coefficients of Gear Tooth Friction* 


By G. H. BENEDICT! and B. W. KELLEY? 


In a gear contact as simulated on a roller test machine, the instantaneous coefficient of friction 
follows the concept of transition from boundary to hydrodynamic lubrication. The coefficient has 
been found to increase with increasing load and to decrease with increasing sum velocity, sliding 
velocity, and oil viscosity as each of these quantities is varied individually. The viscosity was 
determined by the temperature of the oil entering contact and the viscosity-temperature charac- 
teristics of the lubricant. The results have been combined in a formula which closely represents 
the data. When this formula is used in gear scoring calculations, the same type of U-shaped load- 
speed curve is obtained as has been found on several gear test rigs. 


Introduction 


In the analysis of scoring of gear tooth surfaces, it has 
been fairly well established that the welding is a result 
of failure of the lubricant. This failure is believed to 
occur at a critical temperature which is reached by fric- 
tional heating of the surfaces. The method of calculating 
such temperatures and the critical temperature hypothesis 
was published by Blok (1), and his results were adapted 
to gears in 1952 (2), revised in 1958 (3), in a formula 
which could be applied to the operating conditions of 
gears. In this formula the coefficient of friction is usually 
assumed to be constant, and some value is picked based 
on experience. When such a value is used, the correlation 
of scoring and temperature flash is reliable for gears of 
a given size operating in a rather limited speed range. 
When the speed range is extended, however, the constant 
coefficient is no longer good enough, and more accurate 
information must be used to predict scoring failure. For 
this reason, friction has been measured over a broad 
speed range so that it could be accurately predicted under 
any conditions that might be encountered in gears. Since 
scoring is associated with a particular point on the gear 
profile, the instantaneous coefficient must be used rather 
than the average that can be obtained by gear efficiency 
measurements. Instantaneous coefficients of friction can 
also be used to calculate thermal stresses in the gear 
teeth (3). 

Coefficient of friction, and its associated problem of 
minimum film thickness, has been investigated both 
theoretically and experimentally. Early work by Martin 
(4), Gatcombe (5), Niemann (6), and others approached 
the problem from the hydrodynamic standpoint. The 
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concept of thin film lubrication, developed by Vogelpohl 
(7) and expanded by Blok (8), gave results more rea- 
sonable than those obtained from hydrodynamic theory. 
This same thin film or viscoelastic approach was used by 
Grubin (9), and later by Petrusevich (10) who devel- 
oped it to the point where it could be applied to calculate 
film thickness and coefficients of friction. Experimental 
work by Kuzmin (11) and Misharin (12) agreed quali- 
tatively with the theoretical results but both reverted to 
an empirical formulation to represent their data. Crook 
(13) also found rough qualitative agreement with theory, 
but his results are intended to show the working of the 
phenomenon and not to be a quantitative determination 
of friction for all conditions. 


The purpose of this work has been to provide a better 
understanding of the coefficient of friction so that the 
scoring resistance and surface durability of gears can be 
predicted more accurately. The theoretical work that has 
been done earlier by others has been of great value in 
helping to understand the phenomenon and in formu- 
lating results. However, it is most important to put even 
an incomplete theory into practice and obtain a useful 
formula for coefficient. As more is learned of lubrication 
phenomena, such a formula can be expanded and become 
more general. 


For this reason, the range of variables might be con- 
sidered small compared to the possible spread between 
rolling and sliding. It is the range where most scoring 
occurs, however, so it best suits the purpose. 


Experimental 
TESTS ON GEARS 


The authors earliest attempt to measure instantaneous 
friction forces used a four square gear machine (13a). 
The bearing blocks for one of the test gears were modi- 
fied so they were held in a pivoted arm as shown in Fig. 1 
instead of being solidly anchored. The pivot arm was 
restrained by strain-gaged bolts, and the geometry was 
such that the strain gages responded to loads tangent to 
the mating tooth suriaces. In this way friction forces 
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FRICTIONAL FORCE PIVOT 






STRAIN GAGED BOLT 
Fic. 1. Gear friction setup. 


could be read on an oscilloscope and their values used to 
compute the coefficient of friction at any point on a gear 
tooth profile as it passed through mesh. The results were 
rather disappointing, however, since the large mass of 
the gear shaft and bearings put the natural frequency of 
the system so low that the results were unreliable above 
300 rpm of the pinion. 


ROLLER TESTS 
Description of Apparatus 
Since the experiments with gears gave very little in- 
formation, it was decided to use gear-roller test machines 
which can simulate the rolling and sliding action of gear 
teeth. In various forms, the machine is used as a lu- 


STRAIN GAGES 






TORQUE SHAFT 


DRIVE SHAFT 


PHASING GEARS 
Fic. 2. Gear roller test machine. 


TEST ROLLERS 


bricant tester, for friction work and to investigate surface 
phenomena such as pitting and wear. The version used is 
shown schematically in Fig. 2. The test rollers are 
mounted on parallel shafts on a three-inch center dis- 
tance, and the shafts are geared together. Several ratios 
of gears can be used from 1 to 1 to 2 to 1. The two rollers 
are of different diameters so that the surface velocity 
ratio V;/V2 can be varied between 0.333 and 1.333 with 
the proper choice of phasing gears. The upper shaft is 
hollow and is driven by a strain-gaged quill shaft which 
is calibrated to measure frictional torque. The upper 
shaft is mounted in a pivoted arm as shown in Fig. 3, 


UPPER ROLLER 





LOWER ROLLER 


Fic. 3. Photograph of test machine. 
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and load is applied to the rollers by pneumatically clamp- 
ing the upper and lower shafts together in the fashion of 
a nutcracker. The test apparatus is enclosed in a box, 
and oil is supplied by jets to the bearing and rollers at a 
controlled temperature. The friction torque signal is 
brought out through a mercury slip ring. The bearing 
drag on the upper shaft was evaluated by comparing 
torque readings taken at two conditions which had 
identical sum velocities and equal sliding velocities, but 
the sliding velocities were in opposite directions. The 
bearing drag was always in the same direction so the 
difference in the magnitudes of the two readings was 
twice the bearing drag. This was the only way found to 
evaluate the drag while the bearings were under load. 
The drag was deducted from the friction torque readings 
before the coefficient was calculated. 


Gear-Roller Analogy 


Before the tests and their results are described, the 
similarities and differences between the roller test and a 
pair of gears should be explained. In any one test, the 
rollers were circular, and in these tests, the radii (7; and 
re) were 1.20 and 1.80 inches. The relative radius of 
curvature 
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of gear teeth is to assume that they can be simulated by 
circular arcs, as shown in Fig. 4, having the same radius 
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Fic. 4. Comparison of gears and rollers. 








of curvature as the gear teeth at the point of contact. All 
contact stress calculations are made using this approx- 
imation. In addition, the gear tooth surfaces have a 
tangential velocity which is constant for a given point on 
the profile at a constant gear speed. The velocities of the 


mating surfaces are in the same direction, and for a 
given pair of gears, always have the same velocity ratio 
at a point on the line of action; this is similar to the 
roller test with a fixed phasing gear ratio. By properly 
choosing speed, phasing gears, and roller diameters, any 
condition on the line of action of any gear pair can be 
duplicated exactly under steady state conditions. The 
essential difference between the rollers and gear teeth is 
that the tooth profile curvature is continually changing, 
and hence its velocity is changing, while in roller tests, 
the radii and velocities do not change. How important 
these differences are is hard to guess. A recent article by 
Osterle (14) has shown that the hydrodynamic effect of 
the changing radii of curvature is very small. No great 
differences can be imagined arising from these effects so 
they will be assumed to be negligible. 


Temperature Measurements 


In their friction tests, Kuzmin and Misharin both de- 
termined oil temperature by means of a thermocouple 
embedded near the surface of one of the rollers. Crook 
used thermocouple pads floating on the oil film just be- 
fore the contact point. The method used here is similar 
to Crook’s except that the thermocouple probe was 
lightly suspended in the oil film on the entering side of 
contact, as shown in Fig. 5, as close to the contact area 





Fic. 5. Thermocouple locations. 


as possible without pulling the thermocouple through 
mesh. The oil lubricant supply was on the outlet side to 
extract the maximum amount of heat from the rollers. 
A preliminary test was run to determine how the probe 
temperature is related to temperatures in the roller as 
the temperature gradient is changed. Two thermo- 
couples were embedded in the roller as shown, and the 
three temperatures were recorded. The results are shown 
in Fig. 6. The test was run at constant load and speed, 
the only variable being the amount of oil supplied to the 
rollers. Curve No. 1 was obtained after the temperatures 
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Fic. 6. Temperature profile in rollers, constant load and speed. 


had stabilized with the oil jet turned on. When the oil 
jet was turned off, the temperatures rose to those of 
curve No. 2. When the jet was turned on again, the tem- 
perature profile changed drastically as shown in curve 
No. 3. The friction torque closely followed changes in 
probe temperature. The probe temperature was sur- 
prisingly sensitive to the heat dissipation conditions at 
the surface of the rollers, and hence was used as the tem- 
perature of the oil film as it entered the contact zone. 


The difference between probe temperature and bulk 
oil temperature depends on the heat rejection of the oil- 
roller system. So far the relationship between inlet tem- 
perature and bulk oil temperature has not been derived, 
but as would be expected, the temperature difference 
appears to be a function of the friction work. The mag- 
nitude of the difference will depend on the geometry of 
the heat path and the nature of the oil supply, so it will 
be different for rollers and gears. 


Loads and Speeds 


Each of four loads was applied at each speed setting. 
After a load was applied, the data was gathered by re- 
cording the friction torque and probe temperature several 
times as they rose to their maximum values. This proce- 
dure was repeated at about five driving speeds between 
300 and 8000 rpm for five phasing gear sets which gave 
velocity ratios from 0.333 to 0.815. 


Rollers and Lubricants 


In the first series of tests, one pair of rollers and one 
oil (SAE 30 mineral oil) were used. Later, with a dif- 
ferent pair of rollers of the same geometry, three oils 
were compared to see if different viscosity grades gave 
the same results. The rollers were 1.200 inch and 1.800 
inch in diameter, and 0.50 inch wide. The small roller 
was chamfered so that the usable face width was 0.400 
inch. Material was SAE 8622 carburized and hardened 
to R, 60. Both rollers had ground 15 microinch finishes 
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to start with and after being run, their surface finish was 
about 8 microinch rms with a peak-to-valley height of 
35 microinches in the direction of sliding. 


Results 
TEMPERATURE (VISCOSITY) 

Temperature was used as an indicator of the absolute 
viscosity, 9 (in centipoise) of the oil entering the contact 
area. Typical coefficient vs. viscosity curves are shown in 
Fig. 7. The effect of viscosity is one of the easiest to 
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separate since only the temperature need be changed, 
other factors remaining constant. The temperature was 
varied in two ways, one being the transient temperature 
rise after a load was applied and the other, a change in 
the supply oil temperature. In all cases, except at the 
lowest loads at high speed, the coefficient of friction de- 
creased as the viscosity increased. 


Loap 


The effect of load per inch of face width (W—lb/inch) 
on coefficient can be illustrated by cross plotting the data 
in Fig. 7. This is done in Fig. 8. Increasing the load in- 
creases the coefficient of friction. The amount of increase 
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seems to depend on the inlet viscosity, or temperature, 
though there is not a great difference in the range of vis- 
cosities considered. 


VELOCITIES 


Velocities are combined as sliding velocity (V,, inch/ 
sec = V2—Vj,) and sum velocity (V;, inch/sec = 
V2 + Vi). The value of V, was always positive because 
Ve was greater than V;. It is difficult to isolate the ef- 
fects of sliding and sum velocity from the data because 
it was obtained at the same shaft speeds for each phasing 
gear ratio. Several runs were made with approximately 
constant sum velocity and various sliding velocities. 
These runs have been cross plotted to obtain curves at 
constant inlet temperature. They are shown in Fig. 9. 
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Fic. 9. Effect of sliding velocity on friction. 


Coefficient decreases with increasing sliding velocity. The 
same procedure was tried in order to obtain curves of 
constant sliding velocity with varying sum velocity. There 
is less information to work with than for Fig. 9, but Fig. 
10 gives an indication of the effect of sum velocity. Co- 
efficient decreases with increasing sum velocity. 


Analysis 


In boundary lubrication, the load between the two 
surfaces is mainly supported by a monomolecular layer 
of lubricant and the remainder by direct contact of the 
sliding objects. Boundary friction is thus primarily de- 
pendent on the nature of the lubricant and the mating 
surfaces and is relatively independent of speed, load, and 
the viscosity of the lubricant. 

If the loads are low enough and the speeds high 
enough, hydrodynamic lubrication can be achieved where 
the surfaces are completely separated by a thick film of 
lubricant. In hydrodynamic lubrication, the friction is 
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dependent on speed, load, and viscosity of the lubricant 
and is largely insensitive to the nature of the surfaces or 
of the lubricant other than its viscosity. 

The type of lubrication and its effect on friction can 
be illustrated in Fig. 11. The parameter p N/P is called 
the hydrodynamic parameter, and it evolves directly 
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Fic. 11. Coefficient of friction vs uN /P. 


from Reynolds hydrodynamic equations; is viscosity 
in centipoise, N is journal speed in rpm, and P is 
average pressure in psi. It partially characterizes the 
state of lubrication in a journal bearing and is included 
in the Sommerfeld number which is a more familiar 
design parameter. 

Region A is characteristic of boundary lubrication 
where the friction is insensitive to 1 N/P but depends on 
characteristics of the materials and the lubricant. Region 
C is characteristic of full fluid film lubrication and is the 
operating region of most journal bearings. Region B is a 
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mixed lubrication region where part of the load is borne 
by hydrodynamic action and part by boundary lubrica- 
tion. Most gear applications fall in region B though 
there are a few exceptions. Lightly loaded high speed 
gears might reach full fluid film lubrication and heavily 
loaded low speed gears show signs of being in the boun- 
dary region. These are the extremes, however, and in the 
results discussed here and in gears normally used, mixed 
lubrication prevails. This concept of the transition from 
hydrodynamic to boundary lubrication or partial metallic 
contact can be used to explain friction results. 


Correlation of results 


In correlating the test results, a purely empirical 
method will be followed although similar results can be 
derived by dimensional analysis. 

Remembering the concept of the transition from hydro- 
dynamic to boundary friction as illustrated in the yp N/P 
diagram, notice that the effects of load, viscosity, and 
velocity are the same as found in the test results in Figs. 
7-10. The parameter tt V,/W, which is a form of » N/P 
was calculated for the results of one gear ratio, and this 
is plotted Fig. 12. Sliding velocity was chosen instead of 
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Fic. 12. Coefficient of friction vs uy, V,/W. 


sum velocity for reasons which will be explained later. 
In Fig. 12 the data more or less fall in increasing levels 
as sum velocity decreases. This suggests multiplying 
Uo V,/W by the square of Vr. This is done in Fig. 13. 
When this same parameter (tt V,/W)V,7?, is calculated 
for other ratios and the logarithm of the results plotted 
against coefficient of friction, the agreement for all data 
is quite good as shown in Fig. 14. The direction of each 
set of points for each ratio agrees well with the overall 
direction. Since the data, when plotted as 


logio (oVsVr?/W), 


fall in a straight line, an equation can be written easily 
to represent the results. The equation is: 


3.17 X 108 a] 





(oV Vr?/W) 
A line calculated from the equation is drawn in Fig. 14. 
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Fic. 13. Effect of logy) (u.V, V72/W) on friction. 
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The same calculations were repeated but with the 
velocity variables reversed (uy Vr/W)V,”, but the indi- 
vidual curves did not have the same direction as the 
over-all trend, so the scatter was more severe. 


Results with different viscosity grades 


Since viscosity was used in the previous analysis, and 
since in the first tests viscosity was changed only with 
temperature, some tests were run using oils of three dif- 
erent viscosity grades to see if the results fit Eq. [1]. 
Unfortunately, the rollers used for the original tests 
scored during a high speed run and could not be used. 
Another set was used to run comparative tests on three 
viscosity grades. The viscosity-temperature curves of the 
three oils are shown in Fig. 15. All tests were run at the 
same speed with all four loads. The results are shown in 
Fig. 16, where the curves are reproduced from Fig. 7. 
Evidently the effect of load and viscosity is not quite the 
same as was previously found though the trend is the 
same. The curves are somewhat steeper, and the effect of 
load is not as pronounced. This discrepancy might be 
explained by saying that the new rollers have a higher 
coefficient of boundary friction than the previous rollers 
and hence higher coefficients at low viscosities. The 
points tend to follow the curves at the higher viscosities, 
however, where the boundary component becomes less 
dominant. 

In this series of tests, the significant point is that there 
is no great difference in the friction of the different vis- 
cosity grades if coefficient is plotted against the inlet vis- 
cosity. The comparison is carried one step further in Fig. 
17 where friction is plotted versus the parameter 


Ho VsVr?/W 
A line calculated from Eq. [1] is also plotted for com- 
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parison. From this it can be concluded that the viscosity 
is the controlling factor for like oils, and not viscosity 
grade. 
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Comparison with results of other authors 


The results of this investigation were also compared 
with the theoretical results of Petrusevich and the ex- 
perimental results of Misharin by calculating curves with 
Eq. [1] for their experimental conditions. Figure 18 
shows the comparison with Petrusevich’s results. Al- 
though there is qualitative agreement in the range of 
these experiments as to the effect of load and sliding 
velocity, the slopes differ widely. Similar results are ob- 
tained by comparing Misharin’s curves with those of 
Petrusevich. 

Calculated curves are also compared with Misharin’s 
work in Fig. 19. Here the slopes of the curves are about 
the same though the levels differ widely. The most ob- 
vious differences between Misharin’s experiments and 
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Fic. 18. Comparison of coefficients of friction with Petruse- 
vich’s formula. 


the authors are the place the temperatures were taken 
and the method of determining bearing drag. Another 
difference is that Misharin’s data is for a range of speeds 
that could not be reached in these tests because the 
rollers scored at less severe conditions. The authors can- 
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not explain this nor the reason for the difference in co- 
efficients without knowing more about the lubricants and 
test conditions used in his experiments. 


Gear tooth scoring 


The scoring of gears was mentioned in the introduction 
as being one of the forms of failure most strongly affected 
by the coefficient of friction. 

To review briefly the critical temperature hypothesis 
by Blok (1): straight mineral oil has a temperature, de- 
pendent on its viscosity grade, beyond which it will fail 
to prevent scoring. The theoretical formula for deter- 
mining the maximum temperature in the contact area 
bears the following relation for any given design of gear: 


WwN?!/% = constant [2] 
where 


W 


load per inch of face width 

N = rpm 
This relation holds true providing first, the coefficient of 
friction remains constant, and second, the gear blank 
temperature remains constant. 

Over a large speed range the first assumption is ob- 
viously not true. Within the range of the data, it changes 
in the order of eight to one. The second assumption is not 
likely to be a serious problem on moderate-to-large size 
gears, but it might well be on small gears commonly used 
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in gear test machines such as the IAE, the Ryder and 
others. 

A number of investigators (15), (16), (17), for ex- 
ample, have shown that their test results do not follow 
the WN?/* curve predicted by the critical temperature 
hypothesis. Instead the load-carrying capacity tends to 
level out and even rise at the higher speeds, indicating 
a hydrodynamic effect. 

However, an interesting point can be illustrated for the 
frequently used 314 inch center distance IAE machine. 
If it is assumed that the coefficient of friction follows Eq. 
[1], then the effect of changing the temperature of the 
gear blank should follow the curves in Fig. 20. Calcula- 
tions are based for convenience on a critical temperature 
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Fic. 20. Expected influence of gear blank temperature on 


scoring resistance. 


of 400 F for an SAE 50 grade oil, and the data is illus- 
trative only since the surface finish of the gears and the 
radii of profile curvatures are quite different from our 
test roller details. Nevertheless, the results are sur- 
prising. The lower blank temperature curve shows char- 
acteristics remarkably similar to those produced by Bor- 
soff (15). 

By taking further liberties with test conditions used by 
Hughes and Waight (16), on the IAE machine, a curve 
can be drawn extremely close to their data, as shown in 
Fig. 21, by assuming the temperature of the blanks to 
be 300 F. It is not proposed that such a condition did 
exist, but in view of the not unusual temperature dif- 
ferential between the oil inlet and the periphery of the 
rollers, it is important that blank temperature be de- 
termined on tests of this sort before any scoring criteria 
are accepted or discarded. 


Summary 

In a gear contact, as simulated on a roller test machine, 
it has been shown that the instantaneous coefficient of 
friction follows the concept of transition from boundary 
to hydrodynamic lubrication. The coefficient has been 


e RESULTS FROM HUGHES AND WAIGHT 


wom CALCULATED CURVE - CONSTANT 
COEFFICIENT OF FRICTION 


een CALCULATED CURVE - VARIABLE FRICTION 






































120 ASSUMING 300°F BLANK TEMPERATURE 
AND CRITICAL TEMPERATURE OF 550°F 
a 100K 
a 
' 
a 80 
60 — 
2 a 
= 40 _ 
8 ~—_|—wi = CONSTANT 
20 
fr) 
) 4000 8000 12,000 16,000 
RPM OF PINION 


Fic. 21. Comparison of calculated scuffing load with results 
of Hughes and Waight. 


found to increase with increasing load, and to decrease 
with increasing sum velocity, sliding velocity and oil vis- 
cosity, where the viscosity is determined by the tem- 
perature of the oil entering contact and the viscosity— 
temperature characteristics of the lubricant. The results 
have been combined in a formula which closely repre- 
sents the data. When this formula is used in scoring cal- 
culations, the same type of U-shaped load-speed curve is 
obtained as has been found on several gear test rigs. 

It is difficult to avoid some speculation on the sig- 
nificance of this work. For instance, a state of lubrication 
is frequently confused with a cause for failure. If the 
lower coefficients obtained do represent a fair amount of 
hydrodynamic support and tests with known gear blank 
temperatures verify the critical temperature hypothesis, 
then the hypothesis will prove to be still valid for mar- 
ginal hydrodynamic conditions. 
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DISCUSSION 


Mayo D. Hersey (Visiting Professor of Engineering, 
Brown University, Providence, Rhode Island): 


It would be difficult to improve on the correlations pre- 
sented in this valuable paper; yet we recall the Cameron 
effect, depending on transverse viscosity gradients, as a 
possible factor in disk experiments (A1, A2). If this ef- 
fect and other similar effects enter as indicated by Vogel- 
pohl (7) and by Blok (8), it may be of interest to search 
for some slight influence of the temperature and pressure 
coefficients of viscosity, a@ and 5. The corresponding di- 
mensionless parameters are aP/g and bP. Here P is the 
load per unit of projected area, say W/r; in the authors’ 
notation, while g denotes the heat capacity of the lu- 
bricant per unit volume. Dimensionless variables, or 
products thereof, are suggested for future use in place of 
the combination appearing in Figs. 13, 14, and 17. While 
this can hardly affect the correlation, it should yield re- 
sults that are independent of the units chosen. 

Curves like Fig. 11 often appear in the literature but 
would perhaps be more realistic if: (a) the base line is 
lowered so that the right hand branch will not point be- 
low the origin; and (5) a different minimum point and 
incipient left branch is sketchily indicated for different 
values of the separate factors u, N, and P. The single 
curve might well be split into a family of curves, each 
having a different take-off point where it leaves the main 
branch. 

Another minor comment is to make reference to a little- 
known paper (A3) by Giimbel, published independently 
and concurrently with Martin’s (4). The excellent Mar- 
tin paper, one of several frequently cited, is an unsigned 
editorial. The editors, in correspondence, expressed a pref- 
erence that such articles be credited to Engineering rather 
than to an individual. 
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H. Brox (Professor of Mechanical Engineering, Univer- 
sity of Technology, Delft, Holland): 


For a future physical interpretation of the authors’ test 
results, in terms of basic concepts in the theory of lu- 
brication, it will be important to ascertain whether it was 
full or partial hydrodynamic lubrication that prevailed in 
their tests. Can the authors provide any definite evidence 
about this question? The evidence given in the paper of 
Misharin (12), who in his disk tests covered part of the 
authors’ range of operating conditions and who based the 
correlation of the coefficients of friction obtained on the 
assumption that full, hydrodynamic lubrication would 
have prevailed, is not considered to be convincing. The 
authors’ argument, which is based on the falling trend of 
coefficient of friction with an increase in wo, V,, Vz, or 
with a decrease in W (compare Fig. 14), is considered to 
be indecisive. In fact, the elastohydrodynamic theory of 
Petrusevich (10), which relates to full hydrodynamic lu- 
brication, indicates the same qualitative trend. 

By replotting Misharin’s results against the authors’ 
correlational criterion uo V, Vr*/W in their Fig. 14, in- 
teresting conclusions can be drawn. Only 70 of the much 
greater total number of Misharin’s test results could be 
replotted in this way. These results are those given in his 
Figs. 40.3 through 40.7. The data given for the remain- 
ing results of Misharin did not suffice for the present 
method of replotting. 

From the fact that the replot of Misharin’s results 
shows a scatter that is not so very much greater than that 
of the authors’ ones, it may be concluded that also in 
Misharin’s tests the authors’ correlational criterion, 
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to V, Vz?/W, is about as significant as Misharin’s own 
criterion, tt V, Vr. On the other hand, if the latter cri- 
terion is applied to the authors’ test results, it yields a 
relatively great scatter. It would thus appear that the 
authors’ criterion is more generally significant than Mish- 
arin’s one. It has been shown elsewhere (B1), however, 
that yet another criterion, which contains load, W, as an 
additional correlational variable, represents Misharin’s 
70 test results still better. 

It would further appear that a straight line can be 
drawn to represent the median of Misharin’s results satis- 
factorily in the afore-mentioned replot against the au- 
thors’ criterion. This line is steeper than that of the 
authors in their Fig. 14 and, in the range covered by 
Misharin’s 70 results, lies some 30 to 40% higher. It is 
even somewhat higher than the median straight line that 
could be drawn in Fig. 17, through the points for the 
SAE 10 W, 30, and 50 oils. 

Accordingly, if Misharin were right in his conjecture 
that in his tests full hydrodynamic lubrication would 
have prevailed, the same would likely be true for the 
authors’ tests. But it is rather thought that in the authors’ 
tests, and thus also in those of Misharin, only partial 
hydrodynamic lubrication will have prevailed. The dif- 
ferences between the two sets of results might be ex- 
plained by assuming that Misharin’s disk specimens had 
the rougher surface finish. Unfortunately, Misharin has 
not specified this finish so that the assumption cannot yet 
be verified. 

In any case the fact that both Misharin and the au- 
thors achieved a fair correlation solely in terms of hydro- 
dynamically significant variables, that is, uo, V,, Vr, and 
W, may not be taken as a proof that full hydrodynamic 
lubrication must be assumed. It has been shown in a 
recent paper (B1), that this fact is also compatible with 
the occurrence of partial hydrodynamic lubrication. 

It is to be hoped that in the not too distant future it 
can be shown that the coefficients of friction obtained on 
disk machines under steady conditions are really repre- 
sentative of the instantaneous coefficients of gear tooth 
friction. Hitherto, attempts to measure the latter coef- 
ficients as a function of meshing position have not been 
very successful. [Dietrich (B2), like the authors’ asso- 
ciates was not able to carry out such measurements be- 
yond quite moderate rotational speeds. } 

Accordingly, the only way currently left open for com- 
paring the results on disks with those on gear teeth con- 
sists in instituting such a comparison on the basis of 
known results on the frictional power losses on gear teeth 
or, what amounts to essentially the same thing, on “av- 
erage” coefficients of tooth friction, such as are obtained 
by averaging over the entire meshing cycle. Tentative 
estimates made by the discussor on the basis of the 
results obtained by Ohlendorf (B3) with a variety of 
straight spur gears and in a wide range of operational 
conditions, do not conflict with the authors’ contention 
that their disk results would be representative of in- 
stantaneous coefficients of gear tooth friction. More ac- 


curate estimates can be made only after disk friction 
tests would have been carried out at V,/V,-ratios still 
greater than the authors’ greatest value, 0.500, and ap- 
proaching more closely the case of pure rolling such as 
obtains at the pitch point of gear teeth. In this connec- 
tion it may be noted that V,/V,r is equal to: 


V./Vr = (1 — Vi/V2) / (1 + Vi/V2), 


and that the smallest V;/V2 ratio of 0.333, as indicated 
in Fig. 14, corresponds with the greatest value of V,/V7, 
namely 0.500. 

Further, there is some hope that the correlational 
method developed by the authors for their disk friction 
tests, on the basis of their wo V.V7?/W-criterion, may be 
reconciled to some extent with the correlational method 
set up by the discussor (B1) for the gear tooth friction 
tests of Ohlendorf (B3). 

Finally, if it should prove that the authors are right in 
their contention that partial hydrodynamic lubrication 
would have prevailed in their tests, some interesting con- 
clusions could be derived from the following formula, 
which was established by Vogelpohl (B4)—(see also 
Equation [5], in reference (B5)—for the coefficient of 
friction, f, in the regime concerned) : 


f=(Q—y)-ft+y hs 


In this formula, f, is the coefficient of contact (bound- 
ary) friction, which may be considered independent of 
load, sliding or sum velocity, and viscosity. Further f), 
denotes the coefficient of hydrodynamic friction in the 
interstitial oil pockets that remain between the areas 
where direct contact occurs. Finally, y stands for the so- 
called “hydrodynamic load ratio,” which by definition is 
equal to the ratio between the part of the total load that 
is borne hydrodynamically and the total load itself. 

In cases that do not approach marginal hydrodynamic 
lubrication too closely, that is, where y does not ap- 
proach unity too closely, the formula may be simplified 
to a good approximation by: 


f=(—y) * fe 
so that y can be found, to a similar approximation, from: 
Y= (fe—f) / fe 


Once the coefficient of contact (boundary) friction, f,, 
would be known, it would thus be a simple matter to 
determine, for instance from Fig. 14, the hydrodynamic 
load ratio. If it is assumed, by way of example, that f, 
would have amounted to 0.10, conditions where log 
(uo V, Vr?/W) amounts to about 2.6, that is, where 
f = 0.08 (compare Fig. 14), would have corresponded 
with y = (0.10 — 0.08) / 0.10 = 0.20. Accordingly, 
under such conditions only 20% of the load would be 
borne by the hydrodynamic formation of pressures in the 
interstitial oil pockets, so that the remainder, 80%, would 
have been borne by direct contact. 














70 G. H. BENEDICT AND B. W. KELLEY 


REFERENCES 


B1. Brox, H., “Hydrodynamic Effects on Friction in Rolling 
with Slippage.” Paper read at the Symposium on Rolling- 
Contact Phenomena, held under the auspices of the Research 
Laboratories of General Motors Corporation, Warren, Michi- 
gan, on October 10 and 11, 1960. The proceedings will be 
published by Elsevier, Amsterdam, Holland. 

B2. Drerricn, G., “Reibungskrafte, Laufunruhe und Gerdusch- 
bildung an Zahnradern.” Deut. Kraftfahrtforschung (Ber- 
lin) No. 25 (1939). 

B3, Outenvorr, H., “Verlustleistung und Erwarmung von Stirn- 
radern.” Doctoral thesis, 62 pp. University of Technology, 
Munich, West Germany, 1958. For an abridged version see 
the article of G. Niemann and H. Ohlendorf, VDI-Zeitschrift 
102, 216-224 (1960). 

B4. Vocetrpout, G., “Hydrodynamische Theorie und halbfliissige 
Reibung.” Oecel und Kohle 12, 943-947 (1936). 

B5. Brox, H., “Fundamental Mechanical Aspects of Thin-Film 
Lubrication.” Ann. N. Y. Acad. Sci. 58, Article 4, 779-804 
(1951). 


AuTHors’ CLOSURE: 


We would like to thank Prof. Hersey and Prof. Blok 
for their interesting comments. They both indicate some 
of the areas that remain to be explored before we can 
have a complete understanding of the friction phenomena 
in gear teeth. 

In reply to Prof. Hersey’s comment on the influence 
of pressure and temperature coefficients of viscosity, we 
should say that there is probably little discernible effect 
in the data presented here. The reason for this is that 
the oils were chosen from the same base stock and are 
in the same homologous class as defined by Prof. Blok 
(C1). Since the pressure coefficients and temperature co- 
efficients are very nearly constant for the same atmos- 
pheric viscosity, their effects would be difficult to dis- 
tinguish as was found with Misharin’s results (12) Our 
correlation is based on the viscosity of the oil entering 
contact and includes the necessary variables that will 


effect the viscosity in the contact zone, therefore tem- 
perature and pressure coefficients are swallowed up in the 
over-all correlation. From a practical point of view, Eq. 
[1] should hold for a wide range of lubricants as long as 
they are of the same homologous class. It may be dif- 
ficult to find a petroleum-base lubricating oil in com- 
mercial usage which would give significantly different re- 
sults than those shown here. 

Prof. Blok brings out the point that we do not know 
from our results the true state of lubrication, whether it 
be hydrodynamic, elasto-hydrodynamic, or partial hydro- 
dynamic. In our analysis, we have chosen partial hydro- 
dynamic lubrications as a simple model which helped 
visualize the results. In order to determine precisely the 
state of lubrication it would appear to be necessary to 
determine by some more direct observation not only the 
thickness of the oil film but also its continuity. This poses 
quite formidable experimental problems. 

While it would be informative to know the state of 
lubrication, from the practical standpoint on gears it is 
not necessary in order to successfully apply the flash tem- 
perature formula. Experimental and theoretical evidence 
have not as yet pointed to a sufficient film thickness to 
invalidate the assumption made by Prof. Blok in 1937. 

It is interesting that, in Prof. Blok’s correlation of 
Misharin’s data, the line is higher and of steeper slope 
than the one we found in Fig. 14. This leads to the con- 
clusion that Misharin’s rollers were probably rougher 
than ours. In fact, this seems to be the effect of increased 
roughness as evidenced by our Fig. 17 and also by some 
of our most recent test results. Again, this effect can be 
anticipated by the concept of partial lubrication and by 
Vogelpohl’s equation. 
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Scuffing Tests on Gear Oils in the FZG Apparatus* 
By G. NIEMANN,’ H. RETTIG,? and G. LECHNER® 


The FZG test is a usual and standardized method in West Germany to evaluate the antiscuffing 
properties of oils for reduction gears, hypoid gears, automatic transmission gears, etc. The paper 
gives a brief survey of the test apparatus, the test gears, and the test procedure. It describes 
also the criteria of failure and the evaluation of the results, taking into account not only the load- 
carrying capacity but also the wear performance of an oil. The repeatability and the scattering 
range is discussed with respect to the test conditions. The field of application for standardized 
gear rigs is pointed out. This is followed by a discussion of results showing the effect of tooth 
profile, mineral and synthetic oils, pitch line velocity, temperature, and surface treatment on the 
load-carrying capacity. 

Furthermore the paper presents a formula to transfer the obtained test results to other gears. 
Results of the FZG apparatus are compared with values obtained on Ryder and IAE machines. 








Nomenclature 0 = Q¢ Or/(0¢ + Op) = equivalent profile 
Wr = transmitted work, hp-hr rad. of curvature, mm or inches 
Dp = pitch diameter of pinion, mm or inches k = Wy/ 2eL = contact stress, kg/ mm? or 
L = face width, mm or inches se . 
Wy = total load, normal to surface; kg or lb E = elastic modulus of steel = 30 X 10° psi 
Wy = load per unit width, normal to surface; Pu = VkE/ 2 -86 = Hertzian stress, kg/mm? 
kg/cm or Ib/inch or psi 
Bo = Wy/LDp = theoretical load coeff., fe = pu Ue emax = Almen factor, kg/sec or 
kg/mm? or psi Ib/min 
| = BoC = real load coeff., kg/mm? or psi my = gear ratio, dimensionless 
C = constant which accounts for impacts, mn = module = 1/(diametral pitch) in the 
dynamic tooth loads, load distribu- normal plane of the surface, mm 
tion; usual range 1—2.25 depending Np = revolutions of pinion, rpm 
on driving motor and gear tooth qual- Mrest = scuffing torque, mkg 
ity; dimensionless Sr = security against scuffing, dimensionless 
c = tooth spring constant, kg/micron or t = tip relief, microns 
ae for 1 mm or inch face V es wear, mg 
€ = contact ratio, dimensionless Vs = specie wen, mg/h pt : 
Ca x = addendum modification coeff., dimen- 
€p, €g = distance between pitch point and out- sionless 
side diameter of pinion or gear on Yo,vr = coefficients which account for contact 
length of action, path of approach, stress, tooth profile; dimensionless 
| path of recess; mm or inches Vr = coefficient for helical gears, dimension- 
| Ug = sliding velocity, meter/sec or ft/min less 
0g = gear tooth profile radius of curvature $ = working pressure angle, deg 
at pitch point, mm or inches y = helix angle, deg 
Op = pinion tooth profile radius or curvature SUBSCRIPTS 
at pitch point, mm or inches P = pinion 

* Presented as an American Society of Lubrication Engineers G eae a 
paper at the Lubrication Conference held in Boston, Massachu- Introduction 
setts, October 17-19, 1960. - 

1 Prof. Dr.-Ing., 2 Dr.-Ing., and 3 Dipl.-Ing., Technische Hoch- So far 6 different gear test apparatus of the power 
schule Miinchen, Munich, West Germany, Forschungsstelle fiir circulating type for the test of gear oils are known: IAE, 
Zahnrader und Getriebebau. Thornton, FZG, Shell, Ryder, and Western Gear. Of 
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these setups primarily three, namely the IAE, Ryder, 
and FZG* tests are currently used for quality tests of 
gear oils. The paper presented here deals especially with 
the FZG test. In contradiction to the two other methods 
this test takes into account as criteria not only the 
scuffing load and the kind of gear-tooth damage, but 
also the wear of the gears caused by the lubricant. A 
pair of straight spur gears with high sliding velocity is 
used as test specimens in order to be able to measure the 
failure load of extreme pressure oils. By means of spe- 
cial regulations for the production of the test gears it 
was possible to reduce the scattering range of test re- 
sults substantially. The FZG test was developed in 1950 
and is now the usual one in West Germany; over 1200 
tests for oil firms and consumers in Europe and the 
USA have been carried out at the Research Laboratory 
for Gears and Gearing Design of the Technische Hoch- 
schule Miinchen alone. All well-known oil firms in Ger- 
many develop oils with their own FZG apparatus. The 
results are also transferable to helical and hypoid gears 
with the same general operating conditions (1, 2). 


Test apparatus, test gears, procedure, evaluation, 
scattering range 
Test APPARATUS 


The setup is a power circulating type gear test rig 
(Fig. 1) with a center distance of 3.6 inch. The gears 
are dip-lubricated in an oil sump. A heating coil for 





Fic. 1. FZG power-circulating rig (gear box opened). 1 
‘pinion shaft; 2 = gear shaft; 3 = load lever with weight; 4 
plate with bearings for gear box; 5 = heating coil; 6 = switch 
off thermometer. 


heating of the oil is located in the gear box and is regu- 
lated by a thermostatic switch. The test apparatus is 
loaded by a lever and weights while standing still. The 
load is controlled by means of a calibrated torsion shaft 
which is installed in the apparatus. 





* Forschungsstelle fiir Zahnrader und Getriebebau. 


Test GEARS 


The FZG tests are primarily carried out with the 
tooth form A (Fig. 2). Because of the long addendum, 
this form has a high sliding velocity at the top of the 





Tooth Profile A \ 




















Tooth Profile Ryder-Test Tooth Profile |AE-Test 





Fic. 2. Tooth profile of test gears, for FZG, IAE and Ryder 
tests in the same scale. Values for ep—see Table 1. 


pinion (Table 1) so that the failure load of almost all 
gear oils from mineral oils to extreme pressure oils can 
be measured. Based on past experience, binding rules for 
the production of the gears were established. They pre- 
scribe the following: 


Production in series of at least 200 pieces. 

Material: 20 MnCr 5. 

Thermal process: Case hardening. 

Microstructure: Fine martensite. 

Tooth grinding process: Maag criss-cross grinding. 

Surface roughness: CLA 0.4-0.6 microns (center 
line average 16 to 24 microinches). 


There are also regulations for the hardness and the 
gear tooth quality. For each pair of gears a tooth profile 
diagram is made. Two check tests with reference oil are 
carried out with every new series of gears. For tests 
with oils of extraordinarily small scuffing load the tooth 
form C (equal addendum teeth, Fig. 2, top right) is 
used. It is similar to the test gears of IAE and Ryder. 


TEST PROCEDURE 


The normal test A is carried out with a velocity of 
1450 rpm at the gear (velocity of the pinion 2175 rpm). 
The test gears dip in the oil to be tested, in the oil sump 
of the gear housing. The oil temperature is first raised 
to 194F by means of the heater. During the test runs 
the minimum, but not the maximum, oil temperature is 
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TABLE 1 
Gear Data and Reference Factors For FZG, IAE, and Ryder Test Gears 
Term Symbol Dimension FZG test A IAE® test Ryder test 
Center distance inches 3.6 3.25 3.5 
Face width L inches 0.79 0.188 0.25 
Diametral pitch _ inches—1 5.64 4.769 8 
Number of teeth —_ — 16° 15 28 
_— 24° 16 28 
ee ; tp — 0.8635 +0.375 0 
Addendum modification coefficient tq ae —o5 40.494 0 
Working pressure angle d deg 22.5 26.317 22.5 
Maximum sliding velocity Ug ft/min 0.51 "p 0.38 np 0.26 np 
Max. Hertzian stress (on pinion top) Py Ib/in? 5,715 \/ Wy 10,150 \/ Wy 8,520 \/Wy 
Distance between pitch point and out- 
side diameter along line of action e inches 0.584 0.374¢ 0.248¢ 
Almen factor fr Ib/min 20,300%p \/Wy 17,350mp \/Wy 6,590mp \/ Wy 
Pinion speed Np rpm 2175 2000/ 10,000/ 
4000, 6000 
@ Tip relief on pinion 7.6 microns; on gear 12.7 microns. @ Path of recess. 
> Pinion. ¢ Path of approach. 
© Gear. f Usual test speed(s). 
TABLE 2 
Sequence of Load Stages of the FZG Test 
Load stage 1 2 3 4 5 6 7 8 9 10 11 12 
Torque, pinion M (mkg) 0.34 1.4 3.5 6.0 94 13.4 174 241 308 393 461 54.5 
Normal load Wy (Ib) 22 83 202 358 618 883 1,138 1,580 2,010 2,560 3,000 3,550 
Almen factor 10-9 f, (Ib/min) 0.212 0.42 0.68 0.81 | 1.3 1.52 1.77 2.0 2.24 2.45 2.66 





controlled. In this way the machine operates in a man- 
ner similar to an automobile gear. The load is brought 
up stepwise. For the investigation of one oil 12 load 
stages between 22 and 3550 lb tooth load are provided 
(Table 2). The operating time for one load stage is 15 
minutes. The gears are removed after each load stage 
and the wear is measured on a balance with an accuracy 
of + 1 mg. At the same time the gears are checked for 
evidence of scuffing or scoring. The test run is con- 
tinued through the 12th load step unless there appears 
heavy damage or extremely high wear at the tooth flanks 
in an earlier stage, so that the test can be ended. 


EVALUATION OF THE TEST 
The load-carrying capacity of an oil is judged by: 
(1) The flank failure appearing during a test 
period. 
(2) The wear of the gears. 


(1) After each load step the tooth flanks are checked 
for certain defined changes of the surfaces (scratching, 
scuffing, scoring, polishing, and coloring by corrosion). 
The damages which appear most frequently are scuffing 
or scoring (Fig. 3). The position and the extent of the 
damage at the teeth are recorded (eventually by photo- 
graph and roughness measurements). The exact observa- 
tion of the failures and their increase with increasing 


load is a necessary condition for a reproducible evalua- 
tion of the test. 

(2) After each load stage the test gears are weighed 
separately and the wear in milligrams is determined as 
weight loss per load stage. At the end of the entire test 
the sum of the wear, V, of the pinion and gear is plotted 
in a test diagram versus the work transmitted by the 
gears up to the end of each load stage. From this one 
obtains the wear curve as the connecting line of the 
plotted V values. Figure 4 shows the wear curves of a 
mineral, a medium doped, and an EP oil. One has to 
distinguish between load stages of low wear and load 
stages of high wear. One speaks of high wear range if 
the wear curve is bending upward in a parabolic way 
as a consequence of the beginning of flank failure. Fur- 
thermore, the specific wear 


ieee AV 
AWx 


is drawn in the low wear range as a mean slope of the 
wear curve and calculated (Fig. 4). The initial wear 
is not taken into account for the evaluation. 

As specific factors of an oil, the following ones are 
reported: (i) the failure load, that is, the load under 
which the change to the high wear range appears; (ii) 
the specific wear, V,. 


(mg/hp-hr) 
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R=3-6 
CLA=0.5-0.8 


R=5-10 
CLA=0.7- 1.0 


R=5-10 
CLA=0.8- 1.5 


2 5p te 


——Icem£250u 






(c) 


R=5-10 
CLA=0.8- 1.5 





(d) (d) 


(A) (B) 





Fic. 3. Marked tooth flank damage of an FZG test represented by (A) flank photographs, and (B) corresponding roughness profiles 
vertical to direction of evolvements (R = max. roughness, CLA = center line average; in microns). (a) Light scoring; (b) Heavy 
scoring; (c) Scuffing lines; (d) Heavy scuffing. 
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Load Stage 
2345}6+7 e-e { uN z Se 
U 0) (D Straight Mineral Oil, SAE 80 
£. Failure Load: load stage 5 
40 
Vs=0.23 (@ Medium Doped Oil, SAE 90 
L- Failure Load: load stage 9 
20 
@ Extreme Pressure Oil, SAE 80/90 
Failure Load: above load stage 12 
ot 
@| = ei Load 
40 5 
E Vc ee | =Scuffing Load 
5 20 
= 
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0 } 
@ Van O.ing/tp-hr >) a 
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Total Work Transmitted, Wy(hp-hr) 


Fic. 4. Characteristic test results of lubrication oils of different 
quality. 


SCATTERING RANGE 


The scattering range of test results includes the 
deviations of the standard test gear production, the 
variations of the test apparatus, of the procedures, and 
of the evaluation. The investigations made for that 
purpose showed to which variations the scuffing load 


Load Stage 


6777-8 9 10 iI 





Vg =0.07mg/hp-hr 
20 


Light Scoring} 


Wear, V(mg) —~> 
re) 


20 


0 


O 20 40 60 80 100 120 140 


Light Scoring 


Light Scoring | 


Light Scoring 


and the wear answer. They resulted in a considerable 
reduction of the scattering range. The success was 
reached by strict regulations for the production and 
control of the test gears, for controls at the test appar- 
atus, and for the test procedure, as indicated for an 
example in Fig. 5. 

In order to check the operating conditions of all FZG 
test apparatus which are working in Germany a joint 
test was carried out in 1959. During this joint test 32 
tests with uniform operating conditions and with a refer- 
ence oil were carried out with 16 FZG rigs. The statis- 
tical evaluation of all tests by means of the Gaussian 
probability distribution is shown in Fig. 6. The total 
result of this joint test allows one to state the follow- 
ing about the magnitude of the scattering range: 


(1) Reproducibility. Variability associated with dif- 
ferent operators working in different laboratories, each 
obtaining single results on identical test material, is as 
follows by the theory of probability: 

At a level of 95% confidence, the scatter is less than 
+ 1 load stage. 

At a level of 68% confidence, the scatter is less than 
+ 0.5 load stage. 


(2) Repeatability. Variation that a single operator in 
any one laboratory would show in obtaining successive 
repeat results with the same apparatus. 

At a confidence level of 88% the scatter is less than 
+ 0.5 load stage. 


12 





Vg = 


Vs=0.09 





160 180 200 


Total Work Transmitted, W,(hp-hr) 


Fic. 5. The scattering range of FZG tests with the same test apparatus. Results of FZG normal 
test A/8.3 with 4 extreme pressure oils, the identity of which was not known before. 
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Fic. 6. Scattering range of FZG tests with different test ap- 

paratus. Distribution of errors of the failure load with frequency 

curve by Gauss. 








Fields of application 


The practical application of the test proved to be 
useful especially in the following fields: 

(1) DEVELOPMENT AND SELECTION of gear oils with 
respect to scuffing load and wear behavior, e.g., for hy- 
poid and gear oils in the automotive field, for gear 
polishing or “run-in” oils, for hydraulic transmission 
oils, and for high power or high velocity gears in the 
field of large reduction gears. 

(a) To insure the unchanging performance of a lubri- 
cant, e.g., during changeover to quantity production of a 
newly developed oil, change to other additives, or for 


investigation of oil fatigue after a long running time in 
the gearing (as in ship drives). 

(b) For compliance with delivery specifications of 
oils for particular applications and for testing of batches. 

(2) CHECKING OF GEAR CONSTRUCTIONS with respect 
to scuffing load and wear behavior, especially in the 
case of changed tooth profile, or changed material, or a 
different way of production or finish of the tooth flanks; 
to clarify and correct causes of damage in gears, so far 
as they are wear or scuffing failures. 


Test results 


Of the great number of tests carried out thus far, 
some of the essential ones are reported below: 


STANDARD TESTS ON THE INFLUENCE OF THE OIL 
COMPOSITION 


The influence of the oil composition can be completely 
classified and judged with respect to the load-carrying 
capacity and wear behavior by the standard test with 
gear profile A. 

The three tested oils in Fig. 4 stem from a series of 
developments of the years 1956-60. They differ mainly 
by the magnitude of the failure load. While the pure 
mineral oil 1 with a specific wear of V, ~ 0.23 mg/hp- 
hr fails in the 4th load stage, the extreme pressure oil 3 
with V, ~ 0.1 mg/hp-hr runs through all 12 load stages 
without scuffing failure. Oils with this characteristic 
also satisfy the demands made by highly loaded hypoid 
gears in actual practice (e.g., Spec. MIL-L-2105a). In 
Table 3 reference values for the scuffing load of numer- 
ous kinds of oil investigated by the standard test are 
compared. Low viscosity oils which have been devel- 
oped by means of the FZG-test have attained special 
importance for hydraulic transmission gears. With the 
help of suitable extreme pressure additives they reach 
the load-carrying capacity of SAE 90 oils with their 
high failure load and make a calm and wearless run of 


TABLE 3 
Reference Values for the Failure Loads Reached by Different Kinds of Oil in the Normal Test A 





Almen factor 





Load stage Pinion torque 10—*f, 

Oil Type Viscosity of failure (mkg) (Ib/min) 

° 4 SAE 80 4-6 6.0-13.4 0.8 -1.29 

Miswenl off SAE 90 5-7 9.4-17.4 1.1 -1.29 

R P SAE 80 7-10 17.4-39.3 1.37-2.24 

Beene ape a8 SAE 90 8-10 24.1-39.3 1.77-2.24 

Extr Py SAE 80 above 11 above 46.1 above 2.44 

a SAE 90 above 12 above 54.5 above 2.66 

Extreme-pressure polishing oil SAE 902 above 12¢ above 54.5 above 5.3 

Oil for steam turbine reduction gear 30-68° 10-12 39.3-54.5 2.24-2.66 
122°F 

Hydraulic transmission oil with EP-additive 17-30? 8-11 24.1-46.1 1.77-2.44 
122°F 





@ Tested at 3,000 rpm. 


> Centistokes. 
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Fic. 7. Characteristic wear curve of FZG test for extreme pressure oils with equal wear 
without creation of scoring and scuffing. Oil 1: hypoid oil; oil 2: polishing oil (lead-soap) ; 


oil 3: hypoid oil with strong corrosion wear. 


the tooth flanks possible. The flanks are in great scuffing 
danger in these gears. 


In addition to the load-carrying capacity, oils also 
differ in the test with regard to their specific wear. As 
an example, EP oils of the hypoid kind (Fig. 7, oil 1), 
or EP polishing oils with a higher chemical wear (oil 2), 
and oils with highly corrosive wear (oil 3), show clear 
differences in their wear curves, in the magnitude of the 
specific wear V,, and also in the flank roughness reached. 
For oils with eminent polishing effect the roughness after 
a run is much smaller than the initial (Fig. 7, top). 
Thus oil 2 with its chemical wear effect appears to be a 
good polishing oil in practical use, and yields, compared 
to oil 1, a smoother flank surface appearance and there- 
fore a higher failure load in hypoid gears. 


SPECIAL TESTS AND RESULTS 


In contrast to the normal test, the alternated tests 
will be better adapted to some conditions. They are 
carried out with certain changes, e.g., in the tooth pro- 
file, helix angle, sliding velocity, face width, pitch line 
velocity, oil temperature, surface roughness, material, 
flank hardness or flank treatment, etc. The tests are 
carried out under the changed conditions in an analogous 
way to the standard method. As the results show, con- 
siderable changes of the failure load are obtained with 
these tests. In the following paragraphs some of the 
influences investigated are presented. 


Influence of Gear Tooth Design 


The gear tooth design may vary in tooth profile, 
diametral pitch, length of contact, tip relief, face width, 
and helix angle. Figure 8 shows how the test results 
change if the test is carried out with tooth profile B 
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Fic. 8. Influence of tooth profile on failure load and wear for 
a pure mineral oil. 
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(medium sliding velocity) or C (low sliding velocity) 
instead of A (high sliding velocity). One observes that 
the failure load decreases with increasing sliding ve- 
locity of the tooth profile (increasing tooth addendum), 
while the Almen factor f, = pu * Ug * ep (Ib/min) (ref- 
erence 8) remains nearly constant. The influence of 
tooth form A and C versus pitch velocity is shown in 
F'g. 9. Hence the influence of the sliding ratio of the 


Pitch Line Velocity (ft/s) 
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Fic. 9. Influence of pitch line velocity and tooth profile on 
failure load for 2 medium doped oils of different viscosity and 
equal additives. 


tooth profile is getting smaller with increasing pitch line 
velocity. Analogous results were observed in tests con- 
ducted with gears of altered diametral pitch (D.P.). An 
increase of the D.P. yields a higher increase in load- 
carrying capacity for low velocities than for high ones. 
These findings were also confirmed by Borsoff (3). 

From the observation of the flank damage in the test 
and from the curve of the Almen factor versus the length 
of the line of action (Fig. 10) it appears that for profile 
A the pinion tip and gear root are in greatest scuffing 
danger. Tooth forms with small scuffing danger which 
are designed according to the Almen factor relation have 
approach portions of the line of action ep which are 
as small as possible (compare Fig. 2). Investigations 
with differently reduced working depths of the pinion A 
prove that the load-carrying capacity increases nearly 
with the magnitude of the changed Almen factor of the 
tooth profile. Tip relief affects the load-carrying ca- 
pacity in an analogous way. Figure 11 shows the failure— 
load ratio of tooth profiles A and C with tip reliefs up 
to 60 microns (0.0024 inch) compared to the standard 
tooth form for a run with a medium doped oil. The 
indicated load-carrying capacity of 100% refers to the 
uncorrected tooth forms for loads Wy = 1430 lb (profile 
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Fic. 10. Almen factor for combinations A, B, and C versus 
line of action. (The 3 tooth profiles differ only by the teeth 
addendum.) Profile B: xp = 0.5635; x, = —0.2. Profile C: 
Xp = 0.1817; xg = 0.1817. 


220 





8 


160 


nm 
° 





Failure-Load Ratio (per cent) 











80 4 
a a 
40-- “a 
fe) | | | | 1 N 
fe) 10 20 30 40 50 60 70 


Tip Relief (microns) 
Fic. 11. Influence of tip relief on the scuffing load. 


A) and Wy = 2980 lb (profile C). The greatest increase 
in failure load (~ 110%) occurs for a tip relief of 
60 microns for tooth form A, while for C only an in- 
crease of 60% has been observed. 

For other velocities and failure loads different tip 
reliefs proved to be more useful. Usually an optimum 
value of tip relief for the greatest scuffing load was 
obtained. In general the optimum tip relief ¢ is calcu- 
lated for theoretical exact contact of flanks under load 
from the equation 
W’y 


t= (microns) 





where W’y represents the load in lb per inch width of 
gear, ¢ the contact ratio or theoretical number of teeth 
in contact, and c the tooth stiffness in Ib per micron 
deflection for one inch face width. 

Investigations on the influence of face width with 
gears of width 0.39 and 0.79 inch show that the scuffing 
load does not increase proportionally with the tooth 
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width. A general tendency exists for the scuffing load 
(Ib per inch) to decrease with increasing face widths. 
The reason for this is mainly the better heat conduction 
of the thinner gears. The transferable load for helical 
gears decreases with increasing helix angle for the same 
reason (Table 4), because the effective face width in- 
creases to L/cosw compared to straight spur gears. 


TABLE 4 
Dependence of Scuffing Load on Helix Angle 


Failure load 











Pinion 
torque Normal load 
M (mkg) Wy (Ib) 
Spur gears, tooth profile A 30.8 2,010 
Helical gears, tooth profile 
similar A, helix angle yw = 30° 24.1 1,580 
Helical gears, tooth profile 
similar A, y = 42° 20.0 1,300 





Influence of Pitch Line Velocity 


In order to investigate this effect, special tests with 
velocities between 4 and 47 m/s (750-12000 rpm) were 
carried out. Figure 12 is an idealized family of curves 
showing the trend of permissible contact stress as affected 


Pitch Line Velocity (ft/s) 
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Fic. 12. Curve of scuffing load factor kp,,, in dependence of 
pitch line velocity for oils with different scuffing loads (pinion 
torque My...) in the FZG test. 


by speed, for a great number of oils in the A test. But 
it occurs sometimes that curves of different oils cross, 
and the failure load may increase with increasing 
velocity after it has reached a minimum. This behavior 
appeared most noticeably in the test range for very low 
viscosity oils. The velocity dependence of synthetic oils 
was in general the same as for mineral oils; the latter 
oils are important primarily because of their low fric- 
tion factor (Fig. 13; reference 4). For a reliable state- 
ment about the influence of the velocity on the failure 
load for a certain oil it will be necessary to make test 
runs with several velocities, as long as the physical laws 
of gear lubrication are not known with sufficient exact- 
ness. 
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Fic. 13. Influence of lubricant on the relative tooth power loss 
for equal operating conditions (according to Ohlendorf). B = 
mineral oil without additive. D = mineral oil B with gear oil 
additive. E = mineral oil B with extreme pressure additive. 
F = synthetic oil (Polyether). 


Based on the existing results a constant critical tooth 
flank temperature can be considered in a first approxima- 
tion, as the reason for the scuffing limit in order to trans- 
fer the limit load obtained in the test to other gears 
and operating velocities. However, an exact considera- 
tion of the test results shows that the limiting tempera- 
ture increases with pitch line velocity and is different 
for different materials and oils. 


Influence of Temperature and Viscosity 


According to our tests, which have been undertaken 
for 140°, 194°, and 266°F, the operating temperature, 
that is, the oil sump temperature, and the oil viscosity 
affect the failure load limit and the specific wear in dif- 
ferent ways depending on the oil composition. For pure 
mineral oils the failure load decreases with the decrease 
in viscosity resulting from the increase of oil tempera- 
ture. For doped oils an increase of the scuffiing load 
with higher temperatures can occur, apparently because 
of better chemical reaction of the additives. But the 
load-carrying capacity decreases again after having 
reached an optimum value. This effect may be considera- 
ble for doped oils. Further statements about the influ- 
ence of the oil sump temperature and the operating and 
reference viscosity on the load-carrying capacity and the 
wear of gears have been given in the literature in de- 
tail (2). The failure load of an oil increases approxi- 
mately with the square root of the indicated viscosity. 


Influence of Material, Flank Hardness, Roughness, and 
Surface Treatment 


Besides case hardened and cross ground flanks (profile 
A—Maag grinding) gears with fine grinding and lapped, 
bonderized, nitrided, sulfur-treated (“sulfinusized”), and 
inductive hardened, hobbed and shaved gear pairs have 
been tested. Furthermore hobbed and heat treated and 
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hobbed unhardened gears of different steels and cast 
iron and different bronzes have been investigated. Table 
5 shows the behavior of failure load and wear for lubri- 
cation with mineral oil (M), medium doped oil (G), and 
extreme pressure oil (H) as affected by various variables. 
The following variables have to be emphasized: 
Influence of surface roughness. For mineral oils or 
medium doped oils the failure load decreases considera- 
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bly for greater roughness. The load-carrying capacity 
changes approximately with the square root of the rough- 
ness ratio. But for EP oils with their greater run-in 
effect the influence of the initial surface roughness on 
the failure load is much smaller. Furthermore the spe- 
cific wear is greater for greater roughness. 

Surface treatments. Phosphating and tufftriding raise 
the failure load as compared to an untreated surface, 


TABLE 5 
Changes of Wear and Scuffing Load Factors with Material Combination and Flank Surface 

















Surface Failure 
: Maximum hardness load pinion 
Material roughness VPN. Specific wear torque 
No. Pinion Gear Surface (microns) Hardening (kg/mm?) Oil type mg/hp-hr (mkg) 
A. Case Hardened Steel 
1 20 MnCr 5 Maag-ground 0.8-2.6 Case hardened 800 M, 0.23 13.4 
800 G, 0.22 24.1 
800 H, 0.18 46.1 
2 20 MnCr 5 Maag-ground 0.8-2.6 Case hardened 800 M, a 3.5 
versus fine 800 G, 0.13 17.4 
ground 800 H, 0.15 46.1 
3 20 MnCr 5 Fine ground _ Case hardened — M, — 17.4 
phosphatized -- G, — 24.1 
—_ H, — > 54.5 
4 20 MnCr 5 Cut and lapped ca. 4 Case hardened 800 M, 1.0 9.4 
800 G, 0.63 > 46.1 
800 H, 0.54 > 54.5 
B. Heat Treated Steel 
5 34 Cr 4 Maag-ground 0.8-2.6 Tufftrided 580 G, 0.3 54.5 
6 3 MN 10 Maag-ground 0.8-2.6 Tufftrided 450 Gy 0.8-1.0 54.5 
unmagnetized 
7 Ck 45 Cut and shaved 0.8-3.2 Inductive 650 M, 1.57 39.3 
hardening 650 G, 1.14 39.3 
Cut ca. 6 Inductive 650 H, 0.65 > 46.1 
hardening 650 H, 0.96 > 54.5 
8 42 MnV7 32 MnS Cut ca. 6 Heat treatment 250-290 M, —- 9.4 
Gy 13 24.1 
H, 1.0 > 24.1 
9 42 CrMo4 38 MnSi5 Cut ca. 7 Heat treatment 230-270 M, a 1.4 
Gy 1.2 17.4 
H, 1.2 > 30.8 
10 37 MnSi 5 Cut ca. 6 Unhardened 230 M, 2.45 24.1 
230 G, 1.4 > 46.1 
230 H, 2.03 > 46.1 
11 3 MN 10 Maag-ground 0.8-2.6 Heat treatment 250-290 G, 0.63 13.4 
unmagnetized 
austenitic 
12 GG 26 20 MnCr 5 Pinion cut ca. 6 Unhardened 200 
Cast iron versus case Gear ground 0.8-2.6 Case hardened 800 M, 1.4 > 24.1 
hardened steel H, 1.3 > 24.1 





® M = mineral oil; G = medium doped oil; H = extreme press 


ure oil. 
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especially for mineral oil and medium doped oil. A 
higher failure load is reached for nitriding than for 
case hardening. For austenitic gears (nonmagnetic steel), 
which are in great danger of scuffing, the higher load- 
carrying capacity reached by tufftriding is very essential. 
For unhardened steels the failure load, for equal rough- 
ness, is insignificantly less than for case hardened gears, 
but the specific wear is about ten times as high. But 
the high wear range is mostly caused by pitting and 
scoring. 


Lonc TIME WEAR TESTS 


Parallel to the short time tests, long time tests with 
constant load (about 75% of the failure load) are car- 
ried out. They are undertaken to determine the influ- 
ence of running time on the specific values obtained by 
the short time test (limit load, specific wear, and initial 
run-in behavior). 

The existing results of these tests show: 


(1) The specific wear in the long time run amounts 
to about 1/10 of the wear observed in the short 
time test (Fig. 14). 
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Fic. 14. Wear for long time run (constant load) and for short 
time test (increasing load) for oil 1 and 2. V,, (mg/hp-hr) = 
specific wear of short time test. V,, (mg/hp-hr) = specific wear 
of long time test, approx. value. V.y» = V,,/15 to V,,/7. The 
oil 1 with smaller V,,; shows a smaller V,, in the long time 
test. 


(2) The limit load is higher and the wear smaller 
for the long time run if a first run with polish- 
ing oil has been undertaken before the begin- 
ning of the measurements. 


Transfer of results to full scale gearing 


By means of the FZG test and the statements made 
in the preceding section it is possible to check the se- 
curity against scuffing of an arbitrary gear set with 
arbitrary operating conditions. Furthermore the neces- 
sary oil (mineral oil, medium doped oil, or extreme pres- 
sure oil) for the lubrication of the gearing can be 
determined (5). 


The security against scuffing of a gear is: 


_ kp __ Rest * coswp Mg 
etal Ex (1] 
kw Bu*Yo* yr (m+ 1) 
For a gear designed for long period runs the se- 


curity S» against scuffing should attain values from 3 to 
5 with respect to impacts and dynamic loads. 


WyC 1 
a = Bes 30 mn (™**) 
2-o°L My 





s, = 


(kg/mm?) [2] 


= effective contact stress for the gear to be 
calculated. 


b pas Rerest > h COSp 

2 oes 
Yr 

= admissible contact stress for a certain oil. 


(kg/mm?) [3] 


Rrest — specific value of the lubricant in depend- 
ence of the failure load M+,. and pitch 
velocity which was determined by FZG 
test according to Fig. 12. 


Ww 
P a : Dp 
Yo = I/sin ¢ cosd 





- C (kg/mm?) = load coefficient 


12.7 m,+1\. 


YF = (+ met NEL + (emue/10)*] Vm 
EXAMPLE 


Numerous cases of damage, which occured at practical 
operating conditions, have been eliminated by means of 
control tests and the use of suitable oils. For example, 
a case of failure was observed in the second stage of a 
9000 hp ship’s turbine reduction gear. The gear had 
been lubricated with a highly refined steam turbine oil. 
An investigation of this oil by a FZG test showed a 
scuffing load of Mies = 1.4 mkg. Figure 12 yielded a 
Ryest Of about 0.05 kg/mm? for a pitch line velocity of 
the gear of 25.2 meter/sec. A computation of the secur- 
ity against scuffing with help of Eqs. [1-3] yielded a 
security of 0.9 and showed that the lubrication of the 
gear with the steam turbine oil was insufficient. The use 
of a medium doped oil of equal viscosity (My. = 9.4 
mkg, Rrest = 0.32 kg/mm?, Sy = 5.2, example in Fig. 
12) in this reduction gear brought about a fundamental 
improvement of the total state of the gear after a com- 
paratively short running time. No more new scuffing 
damage occurred and the old scuffing marks began to 
get smoother. 


Comparison with IAE tests (6) and Ryder tests (7) 


Independent from the FZG test similar tests have 
been developed in England and the USA—in England the 
IAE test and in the United States the Ryder test. With 
these tests the scuffing load of straight spur gears is de- 
determined in power circulating rigs too, but no wear 
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curve is plotted. Moreover the data of gears, the veloci- 
ties, the procedures and evaluations of the tests are 
different. For comparison the gears used are presented 
in the same scale in Fig. 2; in Table 1 the gear data 
and the specific values of the gears are noted and in 


TABLE 6 
Comparison of Failure Load Values for the Same Oils in the 
FZG, IAE, and Ryder Tests 


Failure load 
W,/L (1b/inch) 





Almen factor 
10—°®f, (Ib/min) 








Oil no. FZG IAE Ryder FZG_ IAE Ryder 
1 510 -— 1,529 0.88 — 0.93 
2 778 2,500 1,920 1.1 1.68 1.47 
3 1,111 2,500 1,920 1.3 1.68 1.47 
4 2,500 3,800 3,000 2.0 2.06 1.83 
5 2,500 — 3,010 2.0 — 1.84 
6 3,820 8,111 4,600 2.45 3.0 2.1 





Table 6 the scuffing loads of 6 oils are indicated for the 
3 different kinds of tests. 
For comparison of the tests one has to consider: 


(1) The differences with respect to test velocities, 
length of the line of action, sliding velocity, tip 
relief, running time per load stage, kind of lubri- 
cation (dip or injection), oil quantity, load stage 
distance and definition of the scuffing load. 

(2) The test results are comparable only for the 
scuffing loads obtained (the best way is using the 
Almen factor) because specific wear numbers are 
not determined with the IAE tests and the Ryder 
tests. 

(3) The succession of the scuffing loads obtained is, 
for the oils investigated, the same for all 3 


kinds of tests: The scuffing loads increase from 
oil No. 1 to No. 6. 

(4) The absolute magnitude of the Almen factors 
attained is a maximum for the IAE test and is 
almost equal for the Ryder and the FZG test. 
The larger Almen factors can be explained by the 
tip relief of the IAE gears. 

(5) It is worth noting that the Almen factor serves 
as a useful first approximation for comparison 
of scuffing loads of the different tests in spite of 
the different test conditions. 
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DISCUSSION 


E. A. BANtAK AND R. S. Fern (Texaco, Inc., P.O. Box 
509, Beacon, New York): 


The authors have compiled a great deal of useful, in- 
formative data on the FZG gear test. In view of the ever 
increasing emphasis and widespread interest in gear lu- 
bricant testing in the aircraft, marine, and automotive 
industries, the information presented in this paper is 
considered timely and interesting. 

In the following, we would like to first consider certain 
aspects of the FZG test technique and results. Secondly, 
we would like to point out certain similarities between 
the authors and other gear experience and results of basic 
lubrication studies on somewhat simpler machines. 


Test Technique 


As a means of quality control, the authors state that 
gears are produced in series of at least 200 pieces. With 
each new series of gears, two check tests are made using 
a reference oil. This implies that during the interval of 


making 100 test oil runs, only two reference runs are 
made. Based on the experience of the discussors’ com- 
pany with the Ryder and IAE gear rigs, this is considered 
most inadequate. 

Under the normal test procedure, an additional meas- 
urement of wear as well as scuff or score limit provides 
data which may be useful for some purposes (e.g., run-in 
oils as discussed by the authors or perhaps oils for gear 
sets which are operating continuously in transient con- 
ditions). Although the wear data would be useful in 
certain instances, the discussors wonder if the time re- 
quired to obtain this additional data can be justified. 
Since it is necessary to remove the gears, to clean and 
weigh them, and then to reassemble the unit between each 
load step, the testing time must be doubled or tripled 
over that which would be required if wear were not ob- 
tained. When considering the large number of sample 
blends usually involved in oil development programs, the 
time and expense required to obtain the additional wear 
data may become exorbitant. 
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One of the interesting aspects of the test gears is the 
technique used to obtain high sliding velocities in a small 
center-distance rig. This was done by modifying the tooth 
profile to provide a long addendum. This permits per- 
formance measurements under conditions more closely 
simulating those in larger gear sets or gear types with 
higher sliding components (e.g., hypoid). This modifica- 
tion to the FZG rig is considered to be an important ad- 
vantage over the Ryder and IAE Rigs. As shown in 
Table Al, our experience using CRC reference gear oils 














TaBLe Al 

Comparison of Ryder and IAE Ratings on CRC Reference Gear 
Oils 
Ryder IAE 
Lubricant (ppi) (Rel) (ppi) (Rel) 

RGO-100-57 2835 101 4570 183 
RGO-108-57 >5800 >208 110002 440 
RGO-110-57 — — 94504 380 
RGO-115-57 = oo 82402 330 





® Gears failed due to chipping and/or pitting. 


in the Ryder and IAE rigs has not been entirely satis- 
factory. Little or no difference was shown among the oils 
in the IAE Test except for the lower rating on the non- 
additive oil, RGO-100-57. The Ryder rig showed a simi- 
lar difference between the nonadditive oil, RGO-100-57, 
and the mildest EP oil, RGO-107-57. The two higher EP 
oils were not run in the Ryder. It is apparent that even 
the least effective of the additive oils, RGO-108-57, went 
to the effective limit of these two tests. It would be very 
helpful in assessing the FZG test if the authors could 
arrange to run these same oils in the FZG rig. 

In addition to the tooth profile modification, it is note- 
worthy that since the effect of tooth face-width is not 
accounted for by W/F (load/unit width of tooth), the 
use of wider face gears in the FZG rig should provide 
more valid results than narrow face-width gears such as 
the Ryder and IAE. 


Test Results 


The repeatability and reproducibility data based on 
32 tests on 16 rigs is not as good as it appears. For the 
data shown, the mean failure load stage was 9. Since at 
the 95% confidence level the reproducibility was less 
than + 1 load stage, this says that at a mean value of 
2545 pounds per inch (ppi) load the reproducibility is 
less than + $95 ppi (approx.). Experience on the Ryder 
rig indicate that for a given reference oil, the reproduc- 
ibility at the 95% confidence level was about + 500 ppi. 
This test is currently under study by the ASTM and 
CRC. The accuracy of the IAE rig is not available but 
a program is currently being conducted under the direc- 
tion of the IP IAE Working Group which should provide 
this information. 

In regard to test machine correlations, we believe the 
authors were very fortunate in having six lubricants that 
rank in the same order by the FZG, Ryder and IAE rigs. 


In order to compare the Ryder and IAE tests, our results 
from 19 oils, representing blends of various types were 
tabulated. These results are shown in Table A2. From 


TaBLe A2 
Comparison of Ryder and IAE Gear Test Data 





Average Rating (ppi) 








Blend IAE Ryder 
1 3660 2375 
2 3810 7060 
3 4110 3075 
4 4730 2700 
5 4730 3560 
6 4880 3610 
7 4880 5440 
8 5060 3500 
9 5490 3455 

10 5490 3465 
11 5490 7250 
12 5800 7400 
13 6900 2750 
14 7320 3820 
15 7620 2885 
16 8720 3275 
17 8720 4690 
18 10540 4600 
19 11290 6050 





this work it was concluded that no useful correlation 
exists between the Ryder and IAE Gear Tests. 


Scaling Technique 


The authors’ scheme for estimating the FZG perform- 
ance of the lubricant which is required to lubricate a gear 
set in a practical machine appears to be very useful. 
However, validity of method would be enhanced, if the 
authors showed more data supporting this method of 
“scaling” lubricants. 


Basic Aspects 


As indicated previously, in addition to comments on 
the FZG test technique and results we would like to show 
some similarities between gear experience and results of 
fundamental studies. These fundamental studies on simple 
pin-on-disc and four-ball machines indicate that two 
separate relationships govern the conditions for lubrica- 
tion failure. These relationships are given by the follow- 
ing equations. 


For the lubricant-metal characteristic: 
1/T; = B log (W/V) + D [1] 
and for the approximate temperature characteristic: 
T,=Ts+Gf/WV (“Point” contact) [2] 
T, =T3+ Hf \/(W/F)*V (“Line” contact) [3] 


Each lubricant—metal combination shows a character- 
istic transition or failure temperature at the surface which 
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increases with increasing speed and decreases with in- 
creasing load (not pressure). This is consistent with the 
authors’ observation that flash temperature at failure in- 
creases with speed. The change in surface temperature at 
failure T; with load W and speed V has been found to 
follow Eq. [1] where the constants, B and D, seem to 
be dependent on the lubricant—-metal combination and 
not on the machine. 


The temperature achieved at the sliding surface de- 
pends on the bulk material temperature T,. It is fur- 
ther increased by frictional heating which depends on the 
coefficient of friction f characteristic of the lubricant— 
metal combination, sliding speed V, and the pressure 
between the surfaces. The pressure depends on the load 
W for “point” contact and load per unit face width W/F 
for “line” contact. The constants in these equations de- 
pend on the geometry of the particular machine and the 
thermal characteristics of the sliding surfaces. 


In essence these equations show that speed tends to 
increase both the permissible surface temperature for 
effective lubrication and the actual surface temperature 
while load tends to decrease the permissible surface tem- 
perature and to increase the actual surface temperature. 
In many gear tests, bulk temperature T, is held essen- 
tially constant while the limiting load is determined at 
one or several speeds. The limiting load as a function of 
speed at constant bulk temperature may be determined by 
simuitaneously solving these two separate relationships. 
The solution is shown in Fig. Al along with limits repre- 
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Fic. Al. Comparison of limit shapes from transition and 
gear data. 


senting gear set experience. The agreement is remarkable 
—load carrying capacity increases with speed until fric- 
tional heating becomes important, then decreases with 
speed, finally going through a minimum at high speed. 
In addition to showing a trend in load carrying capacity 
with speed in agreement with gears, solution of the basic 
relationship indicates that load carrying capacity per unit 
face-width in line contact should decrease with face- 
width as shown in Fig. A2. This is in agreement with the 
authors’ results. 


From the qualitative agreement shown here, it appears 
that gear sets may follow relationships similar to those 
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deduced from basic studies. In this case, it is not sur- 
prising that different gear tests differ in their ratings of 
a lubricant’s load-carrying capacity. To properly rate a 
lubricant, it appears necessary to separate the lubricant 
characteristics from the test machine characteristics by 
determining the constants in Eqs. [1, 2, 3]. 


LOAD PER UNIT FACE WIDTH 
AT TRANSITION 


or 





i i LS. j 


TOOTH FACE WIDTH 


Fic. A2. Effect of face width on transition limited load carry- 
ing capacity. 





In summary, the authors show that compared to simi- 
lar gear tests the FZG test provides: 


1. Wear as well as scuff or score data; 

2. High sliding velocities in a small center-distance rig 
by use of modified tooth profile; 

3. More valid data by using wide tooth face width 
gears; 

4. A scaling technique for transposing FZG results to 
gear sets in practical machines. 


We feel that more frequent reference oi] runs and an 
improvement in test reproducibility are highly desirable. 

Similarities between gear experience and results of fun- 
damental studies using simpler machines suggest reasons 
for different gear tests ranking oils differently. 


H. Brox (Professor of Mechanical Engineering, Univer- 
sity of Technology, Delft, Holland): 


The authors are in an unusually good position to assess, 
by means of flash temperature theory, the temperatures 
in the conjunction areas between the meshing teeth at 
which scoring occurred with various kinds of oils in their 
FZG spur gear rig. This is so because results both on 
tooth friction losses or, say, average coefficients of tooth 
friction, and on bulk temperatures have been obtained, at 
their own Institute, on a similar gear rig and in a wide 
range of operating conditions.’ 





1 Compare, H. OnLeNporF, “Verlustleistung und Erwarmung 
von Stirnradern.” Doctoral thesis, 62 pp. University of Tech- 
nology, Munich, West Germany, 1958. See for an abridged ver- 
sion, G. Niemann and H. Ontenporr, VDI-Zeitschrift 102, 216- 
224 (1960). 
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If the authors should already have applied flash tem- 
perature theory in the above sense, it would be important 
to have some information on their results and conclu- 
sions, in particular as regards the validity of the postulate 
about the constancy of scoring temperature with non-EP 
additive petroleum oils. 


V. N. Borsorr (Shell Development Company, Emery- 
ville, California) : 


This interesting paper adds greatly to the amount of 
published data on gear scoring and means of its evalua- 
tion. Brief comments will be offered on the test appa- 
ratus and procedure used by the authors, on the results 
of their tests and the general formula for scuffing devel- 
oped by them. 

The FZG rig and the test gears appear to be well 
designed. The binding rules for production of the test 
gears are well taken, however, this discussor thinks that 
the requirements for hardness and tolerances should be 
included, because variations in accuracy and hardness of 
gears can greatly influence the results. 

Combination of the evaluations of load-carrying capac- 
ity and wear in one test is interesting. This discussor, 
before the adaption of the Radioactive Gear Wear Test 
technique, also weighed his test gears while testing lubri- 
cants for load-carrying capacity. The results, however, 
were rough, giving distinct differences only for oils widely 
different in viscosity and between straight and EP com- 
pounded oils. It was thought that removal of the gears 
for weighing and then reinstalling them changed the align- 
ment of the gears and unfavorably affected the repro- 
ducibility of score load determinations. Perhaps, the 
authors developed a special method to insure proper 
alignment. If so, it would be interesting to learn how 
this is done. The Radioactive Gear Wear testing tech- 
nique proved to be highly superior to wear determinations 
by weighing or measuring in profile testing machines. 
The sensitivity of wear determinations is increased ap- 
proximately 100 times; not only the total wear is meas- 
ured but the rate of wear is constantly observed through- 
out the test. This technique is a great saver of time and 
eliminates errors due to misalignment. 

With respect to the results presented by the authors, 
the first mention should be on the differences in nomen- 
clature of the surface failures. Referring to the photo- 
graphs in Fig. 4, what the authors called “scoring’’ is 
classed as “abrasion” by this discussor, and authors’ 
“scuffing” closely resemble what is generally termed as 
“scoring.” To this discussor, “abrasion” is removal of 
metal by shear, while scoring (or scuffing) is associated 
with melting of the surface layer of metal. 

The results of the special tests, including that on the 
effect of pitch line velocity, face width, surface finish, 
hardness, etc., are generally in agreement with that of this 
discussor (Ref. 3). This, indeed, is highly encouraging. 
Unfortunately, the lack of space does not permit a more 
detailed discussion of the effect of each variable. 


Finally, the authors’ Eq. [1] for security against scuff- 
ing is interesting. This is an empirical equation and its 
validity should be checked. However, it should be pointed 
out here, that we recognize scoring (or scuffing) as an 
all-inclusive phenomenon, since many gear geometry and 
construction factors, lubricant characteristics, and oper- 
ating variables are acting simultaneously in affecting 
scoring. Only a few of these variables are included in 
the equation. 


AuTHors’ CLOSURE: 


The authors wish to thank the discussors for their kind 
comments, interest, and criticism. 

We are indebted to Mr. Baniak and Dr. Fein for pre- 
senting their own data. Some comments, however, con- 
cerning the FZG-test require clarification. First, Mr. 
Baniak and Dr. Fein said that the number of reference 
tests carried out to check the test gears and the test rig 
is far inadequate. We want to point out that there are 
exact specifications as to the precision of the test gears 
and the quality of every test gear is checked. Besides the 
two reference tests carried out for every new 200 test 
gears, there are joint tests for every FZG rig with refer- 
ence oils to check the performance of the rigs. Concerning 
the discussors’ second objection we take the view that it is 
justified to weigh the gears because (a) the measurement 
of the wear confirms the observation of the tooth damage 
and helps greatly to determine the scuffing load exactly, 
and (0b) the greatest part of the test costs is caused by 
the test gears and not by the test time. 

Regarding Mr. Baniak’s and Dr. Fein’s comments con- 
cerning the test reproducibility we want to point out that 
their data is obtained on the same gear rig while the tests 
are evaluated by different operators; our data is obtained 
on different gear rigs working in different companies. 
The comparable reproducibility value for the FZG-test at 
the 95% confidence level is at least about + 500 ppi. 

In their Table A2, Mr. Baniak and Dr. Fein show a 
lot of test results indicating that there is not sufficient 
correlation between the IAE and Ryder machine. We 
would think it would be very interesting to run FZG-tests 
on some of these oils. Also the Institute of Petroleum, 
London, is planning a research program to evaluate the 
extent of correlation between the Ryder, IAE, and FZG- 
machine. In addition to the results presented in Table 
3, we want to point out that in order to get an idea of 
the correlation of different gear rigs, it is necessary to 
take into account the different geometry, sliding, and 
pitch line velocities and roughness of the test gears, too. 

With the results of the discussors’ fundamental studies 
we are in agreement, and thank them for presenting these 
essential observations. 

As to Prof. Blok’s comments, we plan to measure the 
exact flash temperatures on the gear flanks. Only in this 
way is a sufficient application of the flash temperature 
theory possible. 
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The comments of Mr. Borsoff were especially gratify- 
ing. In addition, we want to point out that there are 
binding specifications for the hardness and the quality of 
the test gears. The hardness of the gears is 60 Ro, the 
maximum pitch error is 7 u, and the concentricity is 
better than 20 u. Concerning the radioactive wear meas- 
urements, we agree with Mr. Borsoff that these measure- 
ments are more exact. However, these radioactive meas- 
urements require a lot of preparations as to time, ap- 
paratus, and money and are therefore justified for certain 


research work only. The nomenclature of the gear damage 
has been chosen according to the English specifications, 
the conflict with American definitions mentioned by Mr. 
Borsoff is a verbal and not a fundamental one. 

Since the calculation of the scuffing load is very diffi- 
cult, the equation is based on our test results. Therefore, 
for the practical application, the influence of geometry 
and pitch line velocity only have to be considered. The 
influence of lubricant-characteristics, material, and sur- 
face treatment is already contained in the test result. 
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The Behavior of Lubricating Oils in Inert Gas 
Atmospheres* 


By A. BEERBOWER! and D. F. GREENE? 


The interactions of five gases (helium, hydrogen, nitrogen, argon, and carbon dioxide) with mineral 
and synthetic lubricating oils were studied. The imteractions examined included gas solubility, 
foaming, entrainment, evaporation of oil into gas, stability of oil in presence of gas, and effect of 
dissolved gas on oil viscosity. Several of the gases showed behavior (appreciably different from 


that of air) that was not predicted by conventional theories. 


No important differences were 


found between mineral and synthetic (diester) oils in these respects. The additives used can have 
appreciable influence on the foaming and entrainment characteristics, and evaporation rates, of 


both types of oils. 


THE growing world-wide applications of gas-cooled nu- 
clear reactors and gas turbines places increasing interest 
on the behavior of lubricants in contact with the gases 
used in these systems. Although much information is 
available on the performance of lubricating oils in con- 
tact with air, relatively few data have been reported 
for oils in contact with such gases as carbon dioxide, 
helium, argon, hydrogen, and nitrogen. Information 
concerning the effects of these gases on the foaming 
characteristics, evaporation rates, viscosities and other 
lubricating oil properties is of interest alike to equip- 
ment designers, operators, and petroleum suppliers. 
This report reviews some of the pertinent published 
data and presents the results of new experimental work 
done in this field. Based on this information, some gen- 
eral conclusions are drawn concerning the behavior of 
lubricating oils in contact with various gases. 

The gases of major interest include helium, argon, 
nitrogen, hydrogen, and carbon dioxide. (While the 
latter two are scarcely “inert” in the broad sense, they 
are so classed in contrast to oxidizing atmospheres.) 
All of these gases have been compressed for cylinder 
shipment for many years, and no special compressor 
lubrication problems have arisen. Carbon dioxide has 
a long history as a refrigerant, and both hydrogen and 
nitrogen have been handled for ammonia synthesis with- 
out excessive difficulty. However, there is a scarcity 
of published data on solubilities, etc., of even these 
materials in lubricating oils and practically no data on 
the effects of the gas on the performance of the lubri- 
cant. For this reason, it was of interest to check possible 
points of interaction between oils and gases, including 
cases in which some past experience was available. 

The forms of interaction discussed in this report are: 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1,2 Esso Research and Engineering Co., Linden, New Jersey. 
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Solubility of gases in lubricating oils. 
Effect of dissolved gas on oil viscosity. 
Foaming in various oil—gas systems. 
Entrainment of gases in oils. 

Entrainment of oils in gases. 
Evaporation of oils into gases. 

Stability of oils in contact with gases. 
Lubricating quality of gas-saturated oils. 


CONAN PWN 


All of these effects were investigated for some of the 
gases, including air as a reference point; other gases 
were merely given spot checks. Because of their im- 
portance in the nuclear reactor field, helium and carbon 
dioxide were given the most attention. 

The oils selected for study were a light petroleum oil 
of the type used for steam turbine service and a com- 
plex diester of the type used for jet aircraft turbines. 
The properties of these are shown in Table 1. The 
petroleum oil was tested without additives (designation: 
“Mineral”) and also with typical corrosion inhibitor, 
antioxidant and defoamer (designation: “Mineral A”’). 
The “Diester” contains antioxidant, defoamer, and anti- 
wear additives. The defoamers used are of the silicone 
type. 

The following sections discuss the findings in testing 
these three oils with the several gases in each of the 
categories of interaction listed above. 


Solubility of gases in lubricating oils 
LITERATURE VALUES 


A rather extensive literature survey (over 45 refer- 
ences) was made on this subject. From this, a good 
picture on the solubility of gases in light hydrocarbons 
(Cig and lighter) emerged, but there were relatively 
little data on higher molecular weight oils of the types 
listed in Table 1. However, theoretical considerations 
appear to justify some extrapolation of the data that 
are available on heavy hydrocarbons to temperatures and 
pressures not covered in the literature. The methods of 
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TABLE 1 
Properties of Oils Studied 








Mineral 
and 
Property mineral A Diester m-Terpheny] 
Viscosity (cs) at 
77F 59.50 60.10 — 
100 F 32.33 37.50 me 
204 F 5.85 8.45 — 
210F 5.42 7.80 3.95 
Density at 
77F 0.854 0.962 1.164 
100 F 0.846 0.953 oo 
204 F 0.808 0.912 - 
Pour point (°F) +15 —65 +185 
Flash point (°F) 400 475 405 
Viscosity index 113 156 _ 





Burrows and Preece (1) appear to be generally satis- 
factory for this purpose. Figure 1 shows the results of 
this extrapolation procedure and includes data from 
references (1-5). 
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TEMPERATURE, °F 
Fic. 1. Solubility of gases in lubricating oils. 


The effects of pressure on gas solubility appear to be 
predicted quite closely by Henry’s law and related equa- 
tions based on the assumption that gas solubility is 
directly proportional to the absolute pressure. This is 
the basis for the “Ostwald Coefficient,” a single value 
of which defines completely the solubility of a gas— 
liquid pair at any given temperature. While there is 
some ambiguity in the literature concerning the use of 
this term, it is generally accepted to mean “the volume 
of gas, measured at the test temperature and pressure, 
dissolved at saturation in a unit volume of liquid 
measured at the test temperature,” and will be so used 
in this paper. 

The temperature extrapolation depends largely on an 
interesting application of the Clausius-Clapeyron equa- 
tion (1a), 

— d(InL)/d(1/T) = (AH/R) 
in which L is the Ostwald coefficient, T is °Kelvin, AH 
the heat of solution in calories per mole of gas and R 


the perfect gas constant. (A further correction for 
surface tension may be made (1) but was not con- 


sidered necessary for the present purposes.) As indicated 
by Burrows and Preece (1), the lines appear to con- 
verge at a remote point when In L is plotted against 
1/T. This fact was used in Fig. 1 to aid in drawing 
lines for some gases where data were sparse; the point 
was empircally selected as 800 F and L= 0.31. 

An attempt was also made to extrapolate the data 
using the method of Jolley and Hildebrand (6), who 
correlated the solubility of gas with the solubility para- 
meter of the liquid. This parameter, also known as 
cohesive energy density, is expressed as 


AH’ — er)" 
a 


where V is the molal volume and AH’ the molal heat 
of vaporization of the liquid. The results were some- 
what disappointing, as the computed slopes were not 
consistent with known data. However, the solubility 
parameter concept might well prove useful for this pur- 
pose as more experimental data become available to 
compare with the theory. 


EXPERIMENTAL 


The apparatus used consisted of a stainless steel bomb 
and calibrated pressure gauge, fitted with a tight valve. 
The system was tested for helium leakage with a mass 
spectrometer. Its volume was determined by filling it 
with oil of known specific gravity and weighing at 
several pressures; the volume was found to change 0.16 
cc in 276.0cc (0.058%) per 100psi. (Most of this 
change probably occurred in the pressure gauge.) The 
bomb was then charged with a known weight of oil, 
pressured to somewhat above the desired level, and 
equilibrated in temperature without shaking. Experi- 
ments indicated no significant amount of solution took 
place during this equilibration period. Shaking to pres- 
sure equilibrium was then carried out, 4 to 1 hour 
being required on an intermittent manual basis. The 
solubility was calculated from the pressure drop, the 
weight of oil, the density of the oil, and the bomb volume 
at this pressure. 


CoNCLUSIONS ON GaAs SOLUBILITY 


The experimental points obtained in this study are 
plotted in Fig. 1. They tend to fall slightly below the 
literature values. This may well be due to the decreased 
solvency of the oils used in this work as compared to 
the lower molecular weight oils discussed in some of 
the references. However, the present experimental data 
bear out in general the predictions made from the litera- 
ture. Helium is outstandingly low in solubility and might 
therefore be expected to show minimum interactions 
with the oils. Carbon dioxide is by far the most soluble 
of the gases tested, and might therefore be anticipated to 
show greater interactions with the oils. For a given 
situation, say 500 psia and 100 F, the volume percentage 
of dissolved gas measured under these conditions would 
be as shown in the following tabulation. 
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Examples of Gas Solubility 








Solubility 
Gas (% by vol.) 
He 2.0 
H, 5.6 
N, 10.0 
Air 15.0 
A 24.5 
CO, 94.0 





Effect of dissolved gas on oil viscosity 


No entirely satisfactory system exists, it appears, 
for predicting the viscosity of oils saturated with gases. 
The published data and correlation method of Rutledge 
(7) is limited to Freon, methyl formate, and sulfur 
dioxide. Accordingly, it appears necessary to determine 
this effect experimentally for each system of interest. 

The experimental setup used in this work consisted 
of the solubility bomb (discussed in the previous section) 
which was adapted for this work by inserting a vibratory 
viscometer probe through a screwed fitting at the op- 
posite end from the pressure gauge. The instrument is 
a viscometer which senses the viscosity of the fluid by 
measuring the rate of damping in a longitudinally vibrat- 
ing reed. The signal is computed automatically into 
the product up, where p is the viscosity in centipoises, 
and p the density. A complete description and theoreti- 
cal discussion of the technique is given in reference (8). 

The tests were conducted by partly filling the bomb 
with the oil at temperature and calibrating the instru- 
ment to the known value of the viscosity-density product 
(from conventional measurements). The pressure was 
then applied and the instrument read again. These read- 
ings were used to formulate an expression for the probe 
pressure sensitivity. This was up = pop (1 + 7.5 & 10-5 
P,), where P, is the pressure in psig. The bomb was 
then shaken to saturation and the pressure and the 
viscosity-density product read. These results are shown 
in Table 2. 


TABLE 2 
Effect of Dissolved Gases on Viscosity of Gas Saturated Oil 


Viscometer reading 








Ratio Final 





Temp Final- Press 
Gas Oil (°F) Final Initial (psig) 
He Diester 204 6.3 0.94 630 
He Diester 75 56 1.02 728 
He Mineral A 204 3.5 0.95 630 
He Mineral A 78 43.4 0.99 549 
CO, Mineral A 80 12.7 0.31 390 
A Mineral A 78 28.6 0.64 445 





It appears from Table 2 that the change in oil vis- 
cosity caused by dissolved helium (—6 to +2%) is 
almost within experimental error, since the readings are 
uncorrected for three factors: 


1. The instrument accuracy is about +1%. 


2. The oil alone has a viscosity-pressure coefficient 
of about +1.5% per 100 psi. 

3. The oil density probably decreases slightly due 
to the dissolved gas phase. 


However, in the cases of argon and carbon dioxide, there 
appears to be little question as to the reality of the 
viscosity drop. The decrease with CO, is approximately 
that predicted by the Rutledge (ASTM Chart) method, 
although this may be fortuitous (the prediction required 
extrapolating 144 inches off the margin of Chart D341- 
43D). 

During preparation of this paper, the results of a 
related independent study by Dickerson et al. (5) were 
presented at the 1960 ASLE Annual Meeting. Their 
data on carbon dioxide, even though a different mineral 
oil was used, appear to be quite consistent with the 
results in Table 2. They also reported that the Chew 
and Connally (8a) method of viscosity correlation gave 
a satisfactory fit for extensive data on carbon dioxide, 
ethane, and methane. This method is superior in one 
respect to that of Rutledge in that it handles gases above 
their critical point. On the other hand, the Chew- 
Connally method is essentially an extrapolation tech- 
nique and hence cannot be used for predictions without 
a few experimental points. No tests were run with hy- 
drogen, nitrogen, and air, as past experience plus the 
solubility data from Fig. 1 indicated viscosity effects to 
be negligible with these gases. 

The conclusion drawn from the present series of tests 
is that dissolved helium (and by interpolation, hydrogen 
and nitrogen) will not cause any appreciable loss of 
viscosity, while dissolved carbon dioxide and, to a lesser 
extent, argon would be expected to reduce oil viscosity 
and thereby perhaps to reduce the load-carrying ability 
of bearings as predicted by the lubrication number 
ZN/P. This criterion (where Z is the viscosity in poises, 
N the rpm and P the bearing load per unit area) is a 
measure of the ability of a system to maintain hydro- 
dynamic lubrication. For carbon dioxide and argon sys- 
tems, then, bearings properly designed for air systems 
might be in boundary lubrication and perhaps more sub- 
ject to scuffing, and overdesigned bearings may be neces- 
sary to provide an adequate safety factor. Professor 
Rylander, in his presentation (5) indicated that ex- 
periments with actual bearings had produced results in 
line with these predictions. 


Foaming in various oil-gas systems 


The question of foaming in the presence of various 
gases did not appear to be answerable from either 
theoretical or experience viewpoints. A preliminary ex- 
periment using the ASTM D-892-58T foam test ap- 
paratus (the porous-stone “sparger” technique) indicated 
that helium, carbon dioxide, and air all gave the same 
amounts of foam with Mineral A (that is, foam volumes 
of 130 ml at 75 F, 15 ml at 200F, and 130ml at 75F 
after test at 200 F on an 180 ml sample, with complete 
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foam collapse in less than one minute in all cases). 
From this, it is concluded that foaming under these con- 
ditions is independent of gas type. 

Most of the measurements of foaming tendency were 
made, however, by discharging the solubility bomb 
(discussed above, in the first section) into a graduated 
cylinder as rapidly as possible, the discharge time being 
about one second. This technique, described as “explo- 
sive decompression,” is believed to be more appropriate 
than the cited ASTM technique for simulating the most 
severe case that would be encountered in a lubrication 
system in actual service. The results are listed in Table 3. 

The foaming characteristics discussed in Table 3 are 
compared on two different bases. “Gas on oil” is the 
volume of dissolved gas, calculated at 77 F and 1 at- 
mosphere, per hundred volumes of settled oil. The term 
“foam on oil” is used to denote the quantity “(volume 
of foaming oil minus the settled oil volume) per hundred 
volumes of settled oil,” and is the foaming parameter 
most generally employed. The term “foam on gas” is 
calculated, analogously, on the basis of volume of gas 
expelled by the oil in dropping from the final pressure 
to one atmosphere. This value is probably of more 
theoretical than practical interest, and serves chiefly 
as a useful correlation factor as shown below. 

The data indicate (Table 3) that, with the exception 
of carbon dioxide which is discussed later, ‘foam on oil’ 
is essentially proportional to gas solubility. Thus, helium 
gave the least foaming and argon the most foaming, with 
air and hydrogen intermediate in this respect. On the 
“foam on gas” basis, on the other hand, a remarkable 
degree of constancy exists. With exception of three 
points, which may be in error due to experimental diffi- 
culties, and the data for carbon dioxide, all values fall in 
the range 40 to 55% regardless of oil type, gas type, or 
temperature. The oils all gave the same results despite 


A. BEERBOWER AND D. F. GREENE 


the presence of defoamer in Mineral A and Diester and 
its absence in Mineral. 

A most unexpected result was the low “foam on gas” 
data with carbon dioxide, which was comparable to 
helium on a “foam on oil” basis. The high solubility of 
CO. would have led one to expect maximum foaming 
tendencies. No complete explanation can be offered for 
this effect. It seems unlikely that the viscosity decrease 
brought about by the dissolved CO, could have caused 
it. The viscosity decrease does not amount to as much 
as that caused by heating an oil from 78 F to 204 F, yet 
in the case of helium no decrease in foaming resulted 
from the lower viscosity at 204F. Argon, which also 
reduces oil viscosity, gave foam in proportion to its 
solubility. 

It was suspected that a surface tension effect might 
be causing these “foam on gas” anomalies and therefore 
tests were made using Mineral and Mineral A in the 
surface tensiometer (9, 10) at 77 F with various gases. 
As the principle of the instrument is to measure the 
pressure required to force a bubble of gas into the liquid, 
it is a fairly good simulation of the foaming situation. 
Table 4 shows that no significant effects beyond experi- 
mental error were found. 

Thus, none of the physical properties measured ac- 
count for the relative freedom from foaming in the 
CO,-oil system. 

In regard to the foam life, there is considerably more 
variation in the results shown in Table 3. The life is 
expected to be related to oil viscosity, on the basis of 
experience with the ASTM-D-892-58T method, and this 
is confirmed by the comparison of high and low tempera- 
ture tests on Mineral A and Diester. No particular 
trend is noticeable due to differences in gas; even carbon 
dioxide gives results comparable with the other gases. 
There also appears to be little systematic difference be- 


TABLE 3 
Foaming Tendencies of Various Gas-Oil Systems 
(Results of Explosive Decompression of Saturated Oil Solution) 





Percentages by volume 








Entrain- 

Saturation Gas Foam Foam Foam ment 

Temp pressure on on on life time 

Oil Gas (°F) (psig) oil oil gas (min) (min) 
Diester He 204 623 115 64 55 1.5 — 
Diester He 76 728 105 46 44 6.2 — 
Mineral A He 204 425 100 25 25 1.3 _ 
Mineral A He 78 549 60 25 41 2.8 24 
Mineral He 75 653 67 50 75 2.3 16 
Diester Air 79 554 348 243 70 4.6 — 
Mineral A Air 76 505 181 78 43 5.7 _ 
Mineral Air 77 610 191 100 52 1.8 a 
Mineral A co, 77 369 1970 66 eS 4.5 15 
Mineral co, 77 375 1940 57 2.9 1.8 10 
Mineral CO, 77 390 1780 34 1.9 1.4 11 

Mineral A A 78 445 510 204 40 8.1 < 8.1 

Mineral A 77 400 550 269 47 1.9 3.5 
Mineral H, 77 495 187 104 51 3.4 9 
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TABLE 4 
Surface Tension® (Surface Tensiometer) 
Atmosphere Mineral Mineral A 
Air 30.25 29.86 
Helium 30.46 30.07 
Air (Check) 30.25 30.07 





@ In dynes/cm. 


tween Mineral A and Diester, both of which contain 
defoamer. However, Mineral, which has no defoamer, 
shows foam lives averaging about half those observed 
with the other oils. The effect is attributed to the ab- 
sence of defoamer, as past experiences with the antioxi- 
dant and corrosion inhibitor have given no reason to 
suspect them of influencing gas-oil interactions of this 
type. It appears, therefore, that under explosive decom- 
pression conditions the defoamer may have the reverse 
of its usual effect in these low viscosity oils. Further 
testing would appear desirable to clarify this point. 

The influences of (a) the type of gas present in the 
discharge vessel (as contrasted to the type of gas dis- 
solved in the oil itself), and (b) the diameter of the 
discharge vessel on foaming behavior were also studied, 
inasmuch as these variables could be of significance in 
relating laboratory test results to actual field applica- 
tions. The program shown in Table 5 was conducted to 
evaluate these variables. All tests were run with Mineral 
A, except as noted in two cases. Helium was used for 
saturating the oil, from a charging pressure of 620 psig 
to a saturation pressure of 550 psig, giving 60% helium 
by volume at 77F and 1 atmosphere. Either air or 
helium was used to prefill the receiver. 

The data indicate no appreciable effect of the type 
of atmosphere in receiver prior to discharge of the 
saturated solution. From this result, for example, it 
would not appear that the presence of air in a settling 
chamber would affect the rate of separation of a helium— 
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oil foam. Concerning the effect of container size, it 
appears that up to fairly large diameters the life of the 
foam is roughly inversely proportional to diameter, as 
indicated by the relative constancy of the product di- 
ameter < foam life. Total volume of foam is essentially 
independent of this factor. In addition, the oil Mineral 
(which contains no defoamer) gave about the same 
amount of foam as Mineral A, but the foam broke more 
rapidly in the former case. 


The over-all conclusions relative to foaming are: 


a. No unusual problems would be expected with 
either oil and any of the gases investigated except pos- 
sibly argon. 

b. Defoamer appears to have very little effect in 
reducing foam volume in these oils under explosive de- 
compression. 

c. Foam life might be minimized by omitting de- 
foamer and maximizing receiver diameter. 


Entrainment of gas in oil 


The entrainment of gas in oil, with attendant loss of 
pump suction, has been a problem in some gas turbine 
engines. There is evidence that the defoamer contributes 
to this difficulty. Observations on entrainment were made 
during the latter part of the series of tests reported in 
Table 3 and all of those in Table 5, and are summarized 
below in Table 6. The time reported is that required 
for all visible bubbles to leave the oil at 77 + 2F. The 
pressures are listed in Table 3 and are essentially con- 
stant for each gas, but vary between gases. The longest 
times noted were with helium, while argon had the 
shortest entrainment time. Defoamer universally had 
an adverse effect where comparisons are possible. (While 
no exact data on the entrainment of air were obtained 
in this series, the times were qualitatively the same as 
for helium.) 


The problems caused by entrainment are generally 


TABLE 5 
Foam Tests—Effect of Container Diameter and Prefill Atmosphere 
Mineral A with helium, explosive 
decompression at 77 F 











Percentages 
by volume 
Prefill Diameter Foam on Foam on Foam life Diameter x Entrainment 
atmosphere (inch) oil gas (min) foam life time (min) 
Air 0.59 26 43 13.1 7.7 70 
1.00 21 35 5.6 5.6 45 
2.384 25 41 2.8 6.7 24 
6.00 37 61 2.6 15.6 8 
Helium 1.00 28 46 6.9 6.9 48 
1.00 29 48 6.8 6.8 42 
2.384 32 53 3.2 7.6 20 
2.389 28 46 2.0 48 16 





@ Same diameter as used in Table 2. 
> Using mineral (without defoamer). 
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TABLE 6 
Entrainment of Gas in Oil 
(Minutes To Clear) 








Gas Mineral Mineral A 
co, 10, 11 15 

A 3.5 < 8.1 
He 16 20, 24 





associated with pumping at low net positive suction head, 
where the expansion of the tiny bubbles is sufficient to 
cause cavitation and loss of flow. This condition may be 
caused by low atmospheric pressure, improper design of 
the suction piping for the viscosity and flow rate desired, 
an excessive lift by suction of the fluid being pumped, 
or combinations of these factors. It is not likely that 
properly engineered power plants operating at or near 
sea level will be seriously concerned with entrainment. 
However, as in the case of foaming, maximizing receiver 
diameter and perhaps elimination of defoamer help to 
minimize any problems that might arise. 


Entrainment of oil in gas 


Fogging, or entrainment of oil in gas, was rated by 
qualitative observations during the explosive decom- 
pression of the bomb in the foaming tests (see above, 
third section). There was no evidence of fogging with 
four of the gases. However, all tests with COs, pro- 
duced some fog. This was much more pronounced with 
Mineral A than with Mineral itself, indicating that de- 
foamer unexpectedly also affects this property. As the 
defoamer is believed to exist in the form of emulsified 
drops which seek any surface, such phenomena are not 
difficult to explain, though hard to predict. 

The data indicate that fogging does not occur with air 
under these test conditions. Field experience has indi- 
cated, however, that oils of the type of Mineral A may 
contribute to fogging in air compressors. The conclu- 
sion from the present work, therefore, is that in applica- 
tions where air does not present a fogging problem, there 
is little reason to expect fogging with any of the gases 
tested, except possibly with CO.. Where air does give 
fog, CO. would probably give even more. The other 
gases, on the other hand, might or might not give fog. 


Evaporation of oils into gases 


It is frequently desirable to estimate the extent to 
which a lubricating oil will vaporize or evaporate into 
a gas stream. This is of interest, for example, in gas- 
cooled nuclear reactor applications for estimating the 
amount of hydrocarbon that might be carried by the 
recirculating coolant gas to the fuel elements and is of 
interest as well in applications where gases are moved 
by oil lubricated compressors or pumps. 

Were lubricating oil a “pure compound,” it would be 
a relatively straightforward problem to compute the 
evaporation rate from the vapor pressure, using the con- 
ventional mass transfer correlation employed in diffu- 
sional operations. The fact that even synthetic lubri- 


cating oils are mixtures of components with varying 
vapor pressures, and may also contain additives and 
contaminants that affect vapor pressure, makes it rather 
difficult to predict evaporation rates from vapor pressure 
measurements. Therefore, it is often desirable, if not 
necessary, to measure evaporation rates directly for this 
purpose. Indeed, a companion paper by one of the 
present authors (11) reviews techniques for determining 
vapor pressures of complex mixtures and concludes that 
computation from measured evaporation rates is one 
of the most precise techniques for determining vapor 
pressure. 

From a variety of techniques considered (11), the 
ASTM D-972-56 “Evaporation Loss of Lubricating 
Greases and Oils” method was selected for this study. 
This method consists in principle of flowing the desired 
gas through a chamber containing a shallow pool of the 
lubricant (lubricating oil in this case). The weight loss 
of the oil sample is plotted vs. time, the slope of this 
curve giving instantaneous evaporation rate. This tech- 
nique was first employed using commercial m-terphenyl 
of known vapor pressure as a standardization com- 
pound. It was anticipated that saturation of the gas 
with m-terphenyl would be achieved in the ASTM 
Evaporation tester, and that the data would therefore 
follow the relation based on Dalton’s Law: 


W. 
Pe = x 17,000 





M,Q 
where, 
ps = partial pressure of m-terphenyl in mm. 
W, = weight of m-terphenyl evaporated in unit 
time 
Q = volume of gas delivered in unit time 
M, = mol. wt. of m-terphenyl (= 230) 


The values of W, observed experimentally, however, 
were smaller than predicted by this relation, indicating 
that saturation was not being achieved. This is shown 
in Fig. 2 which indicates that the departure from equili- 
brium (or “saturation efficiency”) is dependent on gas 
flow rate, gas type, and temperature. 

In view of this, it was necessary to make an assump- 
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tion in order to use the ASTM evaporation test method 
for determining the vapor pressure of a lubricating oil 
sample. The assumption made was that the same per 
cent saturation existed for the test sample as for the 
standard sample (m-terphenyl), under given test con- 
ditions. This assumption appears reasonable in view of 
the close similarities in physical properties of m-ter- 
phenyl and the Mineral sample (Table 1), and (as 
discussed later) appears justifiable in view of the good 
accord between test results and those obtained by totally 
independent methods (11). With this assumption, the 
following equation results: 

W M, 
W, M 


where W and M are the evaporation rate and vapor 
molecular weight of the test sample, and # is its ap- 
parent vapor pressure. 

This equation is applicable for computing apparent 
vapor pressures of the test oil from measured values of 
W, W,, and known or computed values of M,, M and f,. 
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Values of p so computed from ASTM evaporation test 
data for several oils and various gases are plotted in 
Fig. 3. These p values are plotted against per cent of 
the test oil sample evaporated, illustrating the great 
influence of a small, highly volatile “front-end” fraction. 
[Experiments in which the 0-0.1% fraction has been 
collected have indicated that it is composed largely of 
dissolved air and water vapor. Other test methods are 
more suitable for determinations in this range (1/).] 
It is also evident from Fig. 3 that the type of additives 
employed in a lubricating oil can have an appreciable 
influence on its vapor pressure. This factor may be 
important where contamination of the gas with organic 
vapor must be controlled. 


Estimating Amount of Oil Vapor in Gas under 
Saturation Conditions 


The data in Fig. 3 can be used to estimate the 
amounts of lubricating oil that might be contained in 
saturated gas streams in various practical applications. 


For example, for a hypothetical gas-cooled reactor de- 
sign the following estimates have been made. Assuming 
that the gas recirculates at 500 psig and returns to the 
reactor elements at 100 F saturated with oil vapor, the 
organic vapor concentration will be as shown in Table 
7, based on the curves in Fig. 3 with the assumption 
that the 0.1% front end has been previously removed. 








TABLE 7 
Effect of Oil Type on Evaporation into Gas 
Oil in gas at 
saturation 

Oil type (ppm) 
Mineral 0.03 
Mineral A 0.14 
Mineral B¢ 0.06 
Diester 0.02 





¢ Mineral B means Mineral using low volatility additives, as 
symbolized in Fig. 3. 


As shown, Mineral and Diester each would be expected 
to produce approximately the same low organic vapor 
concentration in the circulating gas, under the hypo- 
thetical conditions selected. In addition, the influences 
of additive type on extent of evaporation is again illus- 
trated. 


Estimating Amount of Oil Vapor in Gas in the 
General Case (Nonsaturated) 


The example in Table 7 illustrated how vapor pres- 
sure data may be used to estimate the amount of oil 
vapor in gases under saturation conditions. In many 
applications, of course, the gas will not become satu- 
rated with oil vapor. Estimation of oil evaporation rate 
may be made by utilizing the mass transfer equations 
conventionally employed in diffusional operations. For 
a gas in laminar flow over a pool of oil, for example, the 
mass transfer analog of the Pohlhausen heat transfer 
solution (12) may be used for this purpose: 


= m y = 0.664 








iy © pD (Re)2/3 
where 
Ka’ = mass transfer coefficient, moles/hr/ft? mole 
fraction 
Gy = main stream gas velocity, moles/hr/ft? 
t= gas viscosity (lb/ft-hr) 
p = gas density (lb/ft*) 
D =} diffusion coefficient of oil vapor in test gas, 
ft?/hr 
Re = Reynolds number (based on length of con- 


tact zone), dimensionless. 


As Kg’ times the vapor pressure p equals the evapora- 
tion rate W, then by consolidating the variables, a 
simplified equation results: 


W = Chp-1!* Gy}/? 


While the factor “C” contains a function of gas vis- 
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cosity 4 and also those parts of the diffusion coefficient 
D not involving gas molecular weight, these are nearly 
constant in the region studied. Thus, “C” is dependent 
largely on apparatus design. Verification of the density 
relationship was attempted by empirically fitting the 
present data for m-terphenyl and Mineral, plus a greater 
amount of unpublished work using air at reduced pres- 
sure, to the above form. The exponent of p so obtained 
averaged —0.62 with a standard deviation of 0.03. This 
indicates that the flow situation in the ASTM Test Cell 
is considerably more complicated than the idealized model 
of the theoretical equation. For example, as the flow 
is radial, Re obviously varies inversely with the radius. 

The relationship of W to Gy is more difficult to define, 
as the empirical exponent for Gy varied from 0.12 to 
0.61 in a manner indicating dependence on other vari- 
ables. It is therefore only possible, at the present state 
of knowledge to state that 


W = pp-° f(u,T,Gu) 


where f(u,7,Gy) is an undefined function, with p and 
T having minor effects in the region studied. 

The empirical expression confirms the expected result 
that an oil will evaporate most rapidly into a low molecu- 
lar weight gas and least rapidly into a high molecular 
weight gas. Thus, in the present experimental work, it 
was found that the gases ranked as follows in order of 
increasing rate of oil evaporation: COe, A, air, He, He 
(the values for Hz and A being estimated). 

(As an example of the utility of this equation, con- 
sider a compressor handling gases into shipping cylin- 
ders. With an oil of 1.0mm vapor pressure at operating 
temperature, carbon dioxide is being handled with 0.1 
ppm organic contamination. What maximum vapor 
pressure may a lubricating oil have if the pump is to be 
used to handle helium at the same volumetric delivery 
rate and at the same level of contamination? Assuming 
that the above empirical equation for the ASTM test 
cell is applicable to compressors, the result is 1.0 x 
(44/4) —°-82, or 0.23 mm vapor pressure.) 


Stability of lubricating oils in contact with gases 


It would be anticipated that lubricating oils would be 
more stable against deterioration in a helium or a CO, 
environment than in an air atmosphere. To confirm this 
anticipation, the ASTM Turbine Oil Oxidation test 
(D-943-54) was conducted on an oil similar to Mineral 
A using helium and carbon dioxide instead of air. (In 
this test, the gas is bubbled through an oil-water mix- 
ture at 203 F in the presence of a Cu-Fe catalyst.) 
The data shown in Table 8 were obtained. 

Neither helium nor carbon dioxide produced any sig- 
nificant effects in the oil or toward the metal catalysts, 
whereas the test with air produced substantial changes 
in these respects. (The slight oil acidity noted with 
COz was undoubtedly due to dissolved gas, as it reached 
this level in 24 hours and did not increase thereafter.) 
The test results indicate that little or no chemical change 


TABLE 8 
Effect of Gas Type in Oxidation Stability Test 


Conditions at end of test 


Hours Oil acidity, 
test (mg KOH/ 








Catalyst corrosion 








Gas duration gm) Steel Copper 
Air 1500 2.00 Rusted Black 
Helium 2160 0.02 None Slightly 
Blue 
Carbon dioxide 3624 0.10 None Slightly 
Blue 





would be expected in a lubricating oil operating in a CO. 
or in a helium atmosphere. It is possible, though, that 
certain additive components might be reactive with 
carbon dioxide under some field conditions, and this 
should be considered in any specific situation. Such 
interactions have been demonstrated, for example, in the 
case of metallic soap greases (13). 


Lubricating quality of gas-saturated oils 


Although no experimental work was done in this 
study on the actual performance quality of lubricating 
oils saturated with the various test gases, the recent 
literature has been surveyed for reported information 
of this type. While some studies under laboratory con- 
ditions (14,15) indicated that lubrication in the total 
absence of oxygen was difficult, the case histories on 
compressors showed no such problems under the rela- 
tively light unit loads used. As mentioned above, all of 
these gases (plus countless others in the “inert” class) 
have been successfully handled without undue lubrica- 
tion problems. 

One interesting study, reported by Ku [see Baber e¢ 
al, (16)] and summarized in Table 9, suggests that 
inert atmospheres may be desirable in preventing gear 
scuffing. The studies were made in the Ryder Gear Rig, 
which is a high speed test of fairly long duration at an 
elevated temperature. For this reason, the favorable 
results obtained with mineral oils may be associated 
with the prevention of oxidation of the relatively un- 
stable uninhibited mineral and white oils used. This 
mechanism is confirmed by the observation that in- 


TABLE 9 
Effect of Gas Type on Ryder Gear Test Performance 





Ryder gear scuff load 
(number per inch) 








Lubricant Air Nitrogen Argon 
Mineral? 1060 2000 1650 
Mineral + 5% 

tricresylphosphate 1740 3420 3250 
White Oil 740 1710 1600 
White Oil + 5% 

tricresylphosphate 1580 2720 2630 
Diester? 2800 3090 —_ 





® Data of Ku [see Baber et al. (16) ]. 
> Similar to but not identical with oils in this paper. 
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hibited diester oils did not show any improvement in 
inert gas, within the repeatability of +250 Ib/inch. 
In any event, the data of Ku(16) suggest that an inert 
atmosphere is not detrimental. 

Another study by Glaeser (17) on ball bearings sup- 
ports this conclusion. The loaded bearings were run in 
helium, hydrogen, and nitrogen plus 5% hydrogen. In 
all cases, the results were equal to or superior to those 
obtained in tests using air under comparable conditions. 


Conclusions 


The conclusions drawn from this study are sum- 
marized below. (A) First, the conclusions are given for 
each of the gas—oil interactions studied. Then, these 
same conclusions are reviewed from the view points of 
(B) effects of gas type, and (C) effects of lubricating oil 
type. 

A. Gas-—Or INTERACTIONS 
1. Solubility of Gases in Lubricating Oils 
(a) Predicted quite well by theory. 
(b) In order of increasing solubility: He, H,, air, A, CO.. 
(c) Nearly independent of oil type for Mineral, Mineral 
A, and Diester. 


2. Effect of Dissolved Gas on Oil Viscosity 
(a) Nearly directly proportional to gas solubility. 
(b) In order of increasing reduction of oil viscosity, gases 
rank as in 1(b) above. 
(c) Nearly independent of oil type. 
3. Foaming in Various Oil-Gas Systems 
(a) Theoretical predictions appear unsatisfactory. 
(6) In order of increasing foam tendencies: He, CO., Ho, 
air, A. 
(c) No major effect of oii type. Defoamer additives may 
be undesirable under some conditions. 


4, Entrainment of Gas in Oil 
(a) Not predicted well by theory. 
(b) In order of increased entrainment: A, H,, COs, He, 
air. 
(c) No important effect of oil type. Defoamer additives 
may increase entrainment. 


5. Entrainment of Oil in Gas (Fogging) 
(a) No satisfactory theory is known. 
(b) No fogging obtained with A, H,, He, or air. Heavy 
fogging obtained with CO,. 
(c) No major effect of oil type. Defoamant additives 
may cause fog to persist longer. 
6. Evaporation of Oils into Gases 
(a) Not predicted well by theory. 
(b) At equal volumetric flow rates, in order of increased 
oil evaporation rate: CO, A, air, He, Ho. 
(c) Evaporation rate directly proportional to oil vapor 
pressure. 
7. Stability of Oils in Contact with Gases 


(a) Predicted well by theory. 

(6) CO, and He appear to have little or no effect on oil 
stability at usual temperatures. 

(c) Certain lubricants might react chemically with CO.. 


B. GENERAL CHARACTERISTICS OF GASES IN CONTACT WITH 
LusBRICATING OILS 


Gas Apparent disadvantages relative to air 
Helium Entrainment, high oil evaporation rate 
Hydrogen High oil evaporation rate 
Argon Foaming, reduces oil viscosity 
Carbon dioxide Fogging, reduces oil viscosity 





C. CHARACTERISTICS OF OILS IN CONTACT WITH GASES 


Mineral oil and diester oil appear to behave quite similarly 
with respect to foaming, oil evaporation rate, etc. The effect of 
“defoamer” additives appears to depend on the physical situation: 
in explosive decompression of a gas-saturated oil, “defoamer” 
may actually increase foam life, and may increase fogging. Miner- 
al oil is very stable chemically in the presence of helium and 
carbon dioxide under severe conditions. 


ACKNOWLEDGMENT 


The authors wish to express their appreciation to S. J. Paster- 
nak and G. Handler of the Westinghouse Electric Corporation 
for their many valuable suggestions, and cooperation in verifying 
certain points, during the work on this project. 


REFERENCES 


1. Burrows, G., and Preece, F. H., “Correlation of the Solu- 
bilities of Gases in Low-Vapour-Pressure Liquids by an 
Evaporation Analogy.” J. Appl. Chem. 3 (10), 451 (1953). 

1a. Houcen, D. A., and Watson, K. M., “Chemical Process Prin- 
ciples,” Part II, p. 683. Wiley, New York, 1947. 

2. Ropman, C. J., and Mavupe, A. H., “Effects of Gases in 
Transformer Oil.” Trans. Am. Electrochem. Soc. 47, 71-88 
(1925). 

3. Derry, L. D., Evans, E. B., FAutHuER, B. A., and JEtrs, 
E. C. G., “Vapor and Air Release from Aviation Fuels.” 
J. Inst. Petrol. 38, 475 (1952). 

4. SzepeHELy, V. G., “Relation Between Gas Evolution and 
Physical Properties of Liquids.” J. Appl. Phys. 22, 627-628 
(1951). 

5. Dickerson, L. R. Jr., RyLanper, H. G. and Crawrorp, 
G. W., “Viscosity, Gas Absorption and Density of Several 
Multiphase Lubricants.” ASLE Preprint, 60 AM 6A-3 (April 
21, 1960). 

6. Jortey, J. E., and Hizpepranp, J. H., “Solubility, Entropy 
and Partial Molal Volumes in Solutions of Gases in Non- 
Polar Solvents.” J. Am. Chem. Soc. 80, 1050 (1958). 

7. Ruttepce, O. C., “Viscosity of Oils Diluted with Refriger- 
ants.” Refrig. Eng. 35, 31-36 (1938). 

8. Rots, W., and Ricu, S. R., “A New Method for Continuous 
Visccsity Measurement: General Theory of the Ultra- 
Viscoson.” J. Appl. Phys. 24 (7), 940-50 (1953). 

8a. CHEW, J. N., and Connattiy, C. A., “A Viscosity Correla- 
tion of Gas Saturated Crude Oils.” J. Petrol. Technol. 11, 23 
(1959). 

9. CassetL, H. M., U.S. Patent No. 2,448,768 (September 7, 
1948). 

10. Jarvis, N. L., and Zisman, W. A., “The Stability and Sur- 
face Tension of Teflon Dispersions in Water.” NRL Report 
5306 (May 6, 1959). 

11. BEERBOWER, A., “The Vapor Pressure of Complex Mixtures.” 
Paper to be Presented at Am. Chem. Soc. Meeting, New 
York, September 11-16, 1960. 














14. 





A. BEERBOWER AND D. 


. Perry, J. H., “Chemical Engineers’ Handbook,” 3rd ed., p. 


545. McGraw-Hill, New York, 1950. 


. Acuts, P. J., and Morris, A. L., “The Effect of Radiation 


and Other Environmental Conditions on the Performance of 
Greases.” ASLE Preprint 60 AM 5B-2 (April 21, 1960). 
Bowpen, F. P., and Taxsor, D., “The Friction and Lubrica- 


tion of Solids,” Chapter 7. Oxford Univ. Press, London and 
New York, 1954. 


a8. 


16. 


17. 


F, GREENE 


Cocks, M.., “The Role of Atmospheric Oxidation in High Speed 
Sliding Phenomena—II.” ASLE Trans. 1(1), 101-107 (1958). 
Baber, B. B., LAtster, G. W., SmitH, H. R., Beane, G. A., 
and Ku, P. M., “Gear Lubrication in Inert Atmospheres.” 
ASLE Preprint 59LC-6 (October 20, 1959). 

GtaEser, W. A., “The Behavior of Lubricated Ball Bearings 
in Controlled Atmospheres.” Lubrication Eng. 16 (2), 56-60 
(1960). 


























ASLE TRANSACTIONS 4, 97-108 (1961) 


The Effect of Lubricant Viscosity and Composition on 
Engine Friction and Bearing Wear* 


By E. H. OKRENT! 


This paper investigates the effect of lubricant composition on engine friction and connecting-rod 
bearing wear. Special attention has been given to polymer-thickened (VI improved) oils since 
these oils are characterized by shear-dependent viscosity and a simultaneous occurrence of viscous 
and elastic properties. The variables investigated in this study included lubricant viscosity, 
polymer type, and concentration. 

Two sets of engine studies were conducted, one to determine engine friction, the other to 
measure connecting-rod bearing wear, using irradiated bearings. For Newtonian fluids, the engine 
friction and wear response can be predicted from classical lubrication theory—that is, (a) friction 
decreases with increaing viscosity until a viscosity is reached where friction is a minimum; 
beyond this viscosity, further increases in viscosity result in increased friction. (b) Bearing wear 
decreases with increasing viscosity, but as a step function, not linearly, and the transition viscosity 
(of the step) corresponds to the viscosity which gives a minimum engine friction. 

The addition of polymeric VI improvers (non-Newtonian fluids) to mineral oil base stocks 
reduces engine friction and lowers bearing wear—the amount of friction and wear reduction de- 
pending on the polymer type and concentration. This paper demonstrates that polymer-thickened 
oils actually give better bearing wear performance than their comparable mineral oil counterparts 
despite the fact that they have a lower apparent viscosity at high rates of shear. In addition, 
it appears ihat temporary viscosity loss is not the sole cause of the reduced engine friction of 





polymer-thickened oils. 


Introduction 


Tue ability to lower mechanical friction and prevent 
wear between moving metal surfaces are prime requisites 
for a good automotive lubricant. Therefore, the lubricant 
formulator constantly strives to produce oils which will 
possess these important characteristics and give the con- 
sumer superior fuel economy and longer engine life. Be- 
cause of the wide variety of base stocks and additives, 
and the lack of a really fundamental picture of their 
action in engines, obtaining the optimum combination of 
desirable properties becomes extremely difficult. This 
paper reports on the status of a continuing research effort 
aimed at developing a picture of the lubricant parameters 
which affect the friction and bearing wear characteristics 
of automotive lubricants. 

The friction and wear properties of non-Newtonian 
polymer-thickened (VI-improved) oils have been given 
special attention in this study because these oils exhibit 
a number of unusual properties which are important to 
their performance and hold the key to future lubricant 
improvements. For example, oils containing polymeric 
viscosity-index improvers can undergo temporary vis- 
cosity loss due to alignment of the polymer molecules in 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1 Senior Engineer, Products Research Div., Esso Research and 
Engineering Co., Linden, New Jersey. 
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a shear field; that is, their viscosities are dependent on 
the shear rate and shear stress existent in the machine 
(1, 2). This temporary viscosity loss has been shown to 
improve the cold-starting ability of these polymer oils 
(3) and is believed to be responsible for the reduction in 
motored friction obtained with polymer oils compared to 
mineral oils of the same low shear (capillary) viscosity 
(4, 5). In addition, under certain conditions oils con- 
taining polymers exhibit elastic properties (7, 8) and 
normal stress effects—that is, they behave in part like 
an elastic solid. The effects of polymer viscoelasticity on 
engine friction and bearing wear is not entirely under- 
stood. 

From a more practical point of view, definitive work 
in this area is of considerable importance since there has 
been some question about the load-carrying ability of 
polymer-thickened oils in hydrodynamic bearings. This 
is especially important since the petroleum industry has 
advocated and is actively pursuing the VI improver route 
in lubricant formulation. These apprehensions stem from 
the fact that these oils exhibit temporary viscosity loss. 
The reasoning was as follows: The hydrodynamic theory 
of lubrication predicts that, for a given bearing configura- 
tion, load-carrying ability increases with increasing lu- 
bricant viscosity. Since polymer-thickened oils are known 
to exhibit temporary viscosity loss under shear stress, 
these oils should have poorer load-carrying ability than a 
single grade oil of the same viscosity. Limited data in the 
literature indicate that this pessimistic view is not cor- 
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rect. DuBois and associates (9) measured the friction 
and eccentricity of a journal bearing and found that 
although the friction with a polymer-modified oil was 
reduced below that of a straight mineral oil of the same 
viscosity, the bearing eccentricity was not increased, in- 
dicating no loss in load-carrying ability. Savage and 
Bowman (10) have presented data which also indicate 
that the load-carrying ability of polymer-thickened oils 
was not impaired. Their data showed that a 10W-30 oil 
(containing VI improvers) gave lower bearing wear than 
an SAE 30 oil. It is evident then that more experimental 
information is required to establish what the load-carry- 
ing ability of polymer oils really is. 

Both friction and bearing wear have ‘been studied in 
V-8 engines. In the friction study, the total engine fric- 
tion was determined by measuring the torque required to 
motor or drive an engine which had been previously run 
at road-load conditions to attain temperature equilib- 
rium. This motored friction is one of the factors which 
govern fuel economy. In the bearing wear studies, a 
radiotracer technique was used to measure connecting- 
rod bearing wear rates. 


Friction measurements 
TECHNIQUES 


Friction losses in an internal combustion engine arise 
from two sources, gas pumping and mechanical friction. 
The gas pumping loss is due to the pressure drops across 
the intake and exhaust systems, while mechanical friction 
losses result from boundary and fluid film friction be- 
tween moving parts. Mechanical friction losses can be 
minimized at least to some extent by the lubricant, and 
this can be translated directly to improved fuel economy 
(12). The minimum friction and maximum economy that 
one can hope to obtain through lubricants is dictated by 
the amount of mechanical friction. Youngren (11) has 
estimated that approximately 50% of the total friction 
horsepower results from mechanical friction. Of this, 
33% comes from the piston and ring area. The high fric- 
tion in this area is no doubt caused by boundary lubrica- 
tion conditions during part of the piston stroke. 

There are various methods for measuring friction in an 
internal combustion engine, each with its inherent ad- 
vantages and disadvantages. Of these methods, the ad- 
vantage of measuring the torque required to motor (drive 
without ignition) a preconditioned engine outweighs the 
inherent limitations of the technique. 

In this study, a V-8 engine was run on a dynamometer 
test stand at speeds and loads comparable to those found 
in highway operation (2000, 2500, 3000 rpm at road 
load). This operation established temperature equilib- 
rium. The engine was then motored and the torque re- 
quired for operation was measured and recorded with a 
strain gauge recording system. Test conditions are shown 
in Table 1. The system was equipped with a switch which 
allowed the selection of the time at which the friction is 
measured. For these experiments, the engine friction 
was measured between 0.05 and 0.20 minutes after the 








TABLE 1 
Engine Friction Test Conditions 
Speed, rpm Load, bhp 

3000 52 

2500 34 

2000 21 
Oil sump temperature: 210F + 3 
Water jacket temperature: 180F + 3 
Air intake temperature: 110F + 5 





ignition and fuel were turned off. During this period, the 
recorded torque remained constant. No measurements are 
possible prior to 0.05 minutes because of an impulse 
loading due to the shift from absorb to drive conditions. 
After 0.20 minutes the friction readings tend to increase 
due to temperature changes, as was also observed by 
McLeod (12). The addition of this switch also improved 
the measurement by limiting pen travel and freezing the 
recorder pen at the previously measured torque until the 
next motored cycle. 

Although other investigators (12, 13) have questioned 
whether the motoring technique gives a true indication 
of engine friction under firing conditions, we have found 
that there is a close correlation between friction when 
motoring, and fuel consumption when firing. At 3000 
rpm, the relationship is given by the linear equation: 

Fuel cons. (gal/hr) = 3.08 + 0.07 (fhp) 
(+0.01 at 95% confidence) 


Therefore, at least from a relative point of view, the 
motoring technique is giving a true picture of friction 
during normal operation.? The equation also means that 
any reduction in friction will result in more miles per 
gallon. 

EXPERIMENTAL 


Straight Mineral Oils 


Applying the motoring technique previously described, 
engine friction data have been obtained with mineral oils 
ranging in viscosity from 1.4 to 33.7 cs at 210F. These 
oils were run in duplicate sequences to determine if 
engine history (test sequence) affected the measured 
friction. Comparison of these two test groups indicated 
that engine friction decreased with increasing test num- 
ber as can be seen in Fig. 1. This dependence of friction 
on engine history complicates testing since it required pe- 
riodic referencing to determine the actual engine friction 
level. 

Figure 2 shows the effect of lubricant viscosity on 
engine friction for mineral oils of 100-107 VI for three 
different speed-load conditions. (The composition, vis- 





2 The above equation can also be written: Fuel cons. = 0.06 
bhp + 0.07 fhp. The fact that the two coefficients are nearly the 
same is an indication that the motoring technique is giving a 
good picture of the absolute level of friction as well. 

3 The semilog plot was selected for convenience in presenting 
low viscosity data—a linear coordinate plot of these data would 
show that the friction—viscosity curve is linear above 7.4 cs. 
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Fic. 2. Effect of mineral oil viscosity on engine friction. 


cosities, and friction data of these oils are shown in 
Table 2.) This figure is a semilog plot of corrected* 


Viscosity, cs Corrected friction hp 
Composition 100F 210F 3000 2500 2000 
Cetane 3.04 1.4 30.0 _— — 
Paraffinic distillate A 14.1 3.322 24.7 18.9 14.0 
258 188 14.1 
Paraffinic distillate B 23.0 4.34 23.6 17.2 12.7 
24.3 18.1 13.5 
Paraffinic distillate C 35.3 5.74 234 180 13.3 
23.9 18.2 13.0 
23.7 180 13.4 
Paraffinic distillate D 54.3 7.42 24.1 184 14.2 
24.0 18.3 13.9 
Paraffinic distillate E 72.0 8.87 245 19.2 14.0 
24.7 19.5 14.2 
71% Paraffinic distil- 119.0 12.4 25.1 19.7 14.2 
late E® 24.9 19.4 14.5 
29% Bright stock F 
60% Paraffinic distil- 149.00 14.6 25.7 19.5 14.1 
late E 25.7 20.2 14.6 
40% Bright stock F 
34% Paraffinic distil- 240.00 19.4 272 -280:° 18a 
late E 26.9 21.1 15.6 
66% Bright stock F 
14% Paraffinic distil- 355.00 25.4 265. 2828-352 
late E nS 3 Ba 
86% Bright stock F 
Bright stock F 49500 314 29.3 22.9 16.6 
29.2 22.9 16.6 
Bright stock G 525.00 36.7 299 238 173 








4 See Appendix. 


@ Per cent by volume. 


engine friction (FHP) versus the lubricant viscosity at 
210F (the crankcase oil temperature). 


The friction-viscosity curves obtained (Fig. 2) have a 
shape similar to the classic Stribeck curve. Starting at 
the lowest viscosity tested (1.4 cs) increasing lubricant 
viscosity resulted in a decrease in engine friction. This 
decrease in friction continued until a minimum in the 
curve was obtained at 5.74 cs; above 5.74 cs further in- 
creases in viscosity resulted in increased engine friction. 


Apparently at viscosities below 5.74cs boundary lu- 
brication conditions exist in the engine; increasing the 
viscosity creates a more hydrodynamic condition with 
less metallic contact and less friction. At 5.75 cs, the 
viscous drag of the lubricant becomes more important 
than any further reduction in metallic contact so that 
the curve again goes up. 


Effect of Lubricant Type 


The effect of lubricant type (paraffinic vs. naphthenic) 
was also investigated. No difference was found as shown 
in Table 3. This is particularly interesting since the 
naphthenic oil has a much higher pressure-viscosity co- 
efficient. 
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TABLE 3 been observed in cold-starting tests or high-shear vis- 
Mineral Oil Type Has No Effect on Engine Friction cometers. 

ers Corrected In order to learn more about the engine friction re- 
ee friction hp sponse of these polymer-thickened oils, an examination 
100F 210F 3000 rpm was made of the effect of polymer concentration using 
Paraffinic oil 119 12.42 26.4 polyisobutylene as the polymer. For this experiment we 
Naphthenic oil 197 12.48 26.2 selected two low viscosity base stocks (cetane and par- 





V1-Improved Oils 


Polymer-thickened (VI-improved) oils gave much less 
frictional drag than that obtained with straight mineral 
oils of the same viscosity. This is indicated in Tables 4 
and 5. Friction horsepower was 3-4 hp lower correspond- 
ing to an increase in fuel economy of 6%. 








TABLE 4 
Effect of Polymers on Engine Friction of 12.4 cs Oils 
“ Rr Corrected 
Viscosity, cs friction hp 
100F 210F at 3000 rpm 
Distillate B 23 4.3 22.6 
Distillate B + 
14% polyisobutylene? 72 12.3 22.9 
Distillate B + 
10.5% polymeth- 
acrylate A 60 12.5 22.7 
Straight mineral oil 120 12.5 26.4 





® Results from tests in another dynamometer and slightly dif- 
ferent test conditions. 

» Per cent by volume of VI improver including diluent oil 
(see Table 10). 


TABLE 5 
Effect of Polymers on Engine Friction of 12.4 cs Oils 








Vi H Corrected 

macoaity, ¢s friction hp 
100F 210F at 3000 rpm 

Distillate C a SBF 5.8 23.5 

Distillate C 

3.0% Polyisobutylene® 

5.0% Polymethacrylate A 73 12.2 22.4 

Distillate C 

8% Multifunctional 

VI improver S 70 12.2 23.3 

Straight mineral oil 120 12.5 26.4 





® Results from tests in another dynamometer and slightly dif- 
ferent test conditions. 

> Per cent by volume of VI improver including diluent oil 
(see Table 10). 


These data indicated that the polymer-thickened oils 
behaved as if they had the viscosity of the base oil rather 
than that of the final blend. In fact, one of the polymer 
oils actually gave an engine friction value which was 
below that of its base stock. If this reduction in friction 
is due to temporary viscosity loss then the shearing stress 
in the engine must have been high enough to cause 100% 
temporary viscosity loss. This is a higher value than has 


affinic distillate A), with viscosities below the 5.7 cs 
minimum in the friction—viscosity curve (Fig. 2). Thus 
if temporary viscosity loss occurred with some of the 
polymer-thickened oils made from these base stocks (i.e., 
7-8 cs blend viscosity), we would expect the friction to 
increase rather than decrease. The results of this study 
are summarized in Fig. 3 for data at 3000 rpm. Similar 
plots can also be made for the data at 2500 and 2000 
rpm; however, the 3000 rpm data are the most precise. 
Detailed data are summarized in Tables 6 and 7. 
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Fic. 3. Effect of polymeric VI improvers on engine friction 
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TABLE 6 
Engine Friction of Polymer Oils 
Base Stock: Paraffinic Distillate A 


Viscosity, cs 





Corrected friction hp 








Weight per cent 
polyisobutylene 100F 210F 3000 2500 2000 
7.4 31.2 5.7 23.0 17.6 13.2 
10.7 36.1 7.4 22.6 17.1 13.1 
13.3 45.2 8.94 23.3 18.3 13.4 
16.2 55.4 10.7 23.1 18.2 13.5 
18.4 64.6 12.3 23.4 18.3 13.6 





* Per cent by weight of VI improver including diluent oil 
(see Table 10). 
TABLE 7 
Engine Friction of Polymer Oils 
Base Stock: Cetane (ASTM ) 





Viscosity, cs Corrected friction hp 








Weight per cent® 

polyisobutylene 100F 210F 3000 2500 2000 
12.8 8.79 3.23 23.1 18.3 13.5 
18.5 13.57 4.68 22.7 17.5 13.1 
25.0 22.16 7.16 22.9 18.6 13.4 
35.0 43.9 12.96 23.0 18.0 13.3 





@ Per cent by weight of VI improver including diluent oil 
(see Table 10). 
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An examination of these 3000 rpm data indicates that 
all of the polymer oils gave engine friction values below 
that of either their base oils or their mineral oil counter- 
parts. Furthermore, there seems to be a single friction— 
viscosity curve which characterizes all of the polymer- 
modified oils tested, which is independent of base stock. 

It is obvious that the reduction in friction for these 
low-viscosity blends cannot be attributed to temporary 
viscosity loss. Rather it appears that polymer-modified 
oils can maintain hydrodynamic lubrication (i.e., prevent 
metal-to-metal contact) better than straight mineral oils 
of the same viscosity. 

This raises a question as to the cause of the friction 
reduction of high-viscosity polymer-thickened oils. Al- 
though temporary viscosity loss is a valid explanation 
for these oils, it may be that here, too, the drop in fric- 
tion is due to less metal-to-metal contact. This second 
explanation becomes more probable in the light of bear- 
ing wear measurements which are discussed later in the 
paper. 

Used oil viscosities were obtained after friction tests 
to ascertain that the friction data (and conclusions) were 
not unduly influenced by the permanent breakdown of 
the polymer or by crankcase dilution. For mineral oils 
below 7.5cs the used viscosities were 3-4% below 
that of the fresh oil, while above 7.5 cs there appeared 
to be a 5-9% viscosity decrease as a result of engine 
operation. Polymer oils showed between 7 to 10% vis- 
cosity decrease due to dilution and permanent polymer 
breakdown. Thus it would seem that both the polymer 
oils and mineral oils showed about the same viscosity 
loss in the engine under the conditions of the test. Crank- 
case dilution for all oils tested ranged from 0.6 to 1.0%. 


Bearing wear 


Most journal bearings have to operate with some de- 
gree of dynamic loading, that is, they must operate under 
loads which vary in magnitude or direction as a function 
of time. In fact, the load vector can rotate around the 
journal center with an angular velocity which is different 
from that of the bearing. An excellent example of such a 
dynamic system is the connecting-rod bearing of an 
internal combustion engine, since in this system the load 
varies in magnitude and direction, and the relative ve- 
locity between the journal and bearing is also variable. 
This, of course, is the reason the author selected the 
connecting rod bearing of a V-8 engine as the bearing 
test rig. 

The lubrication requirements of these dynamically 
loaded bearings have received little attention in the past 
because of the theoretical and mechanical difficulties in- 
herent in these systems. This takes on more importance 
when the unusual properties of polymer-modified oils are 
considered. These oils are characterized by a shear de- 
pendent viscosity and the simultaneous occurrence of 
viscous and elastic behavior. This phase of the study will 
attempt to determine the effect of this non-Newtonian 
behavior on the performance of dynamically-loaded jour- 


nal bearings under “rubbing-wear” conditions. All of the 
results which will be discussed are for rubbing-wear and 
not for fatigue or wiping, which account for most pre- 
mature bearing failures in the field. 


TECHNIQUE 


Connecting-rod bearing wear rates were obtained in a 
1956 V-8 engine equipped with tri-metal Babbitt bearings 
(Babbitt copper-nickel, steel). The technique somewhat 
resembled that of Savage and Bowman (10) in that the 
wear of irradiated connecting-rod bearings was measured 
by counting the amount of radioactive Sb‘** in the oil. 
All eight bearings were irradiated at Oak Ridge for seven 
days at 4  10'! neutrons/cm? sec. Each bearing con- 
tained 3.24% antimony by weight. The counting proce- 
dure was that given in a previous paper (175) and used a 
single-channel scintillation spectrometer. 

A spot sampling technique was used to determine the 
concentration of wear debris in the crankcase oil because 
it permitted a more detailed examination of the oil 
sample under carefully controlled counting conditions. 
In addition, the crankcase oil was continuously monitored 
by a single-channel recording spectrometer, since the 
bearing wear rate is markedly affected by transients such 
as misfire and load and speed variations. This latter 
equipment was used for control purposes only because of 
the temperature sensitivity of the scintillation detector 
(15). Details of the oil flow system are shown in Fig. 4. 
Note that no oil filter cartridge is used in this system. 
This system allows control of the temperature and flow 
rate to the recording spectrometer during continuous 
running. However, temperature transients at startup can- 
not be completely controlled. 

The oil circulation pump shown in Fig. 4 serves a dual 
purpose: (a) to minimize startup wear and surface dam- 
age by providing a partial hydrostatic lift at the journal 
and to provide a positive oil film with the first engine 
revolution and (0) to replace the oil flow which goes to 
the counting well. Placing a rotary gear pump in parallel 
with the engine oil pump provided a satisfactory solution 
to these two requirements. 

Samples representative of the engine oil are obtained 
from the oil cooler and are subsequently counted with a 
sodium iodide scintillation counter (134 inch crystal) 
attached to a single-channel spectrometer set at the 0.605 
mev y-ray peak of Sb’**. The wear/time curve may then 
be computed from the sample activity as discussed in 
reference (15), and the slope of the linear portion of the 
wear/time curve is obtained by least squares analysis. 

The test conditions are shown in Table 8. These con- 
ditions (90 ihp, and 3000 rpm) were selected to produce 
approximately the same bearing load as exists in the fric- 
tion test engine at 3000 rpm, since the friction test engine 
was a 1957 model with a somewhat higher compression 
ratio and displacement. A three-hour test duration was 
selected since it provided sufficient time to establish 
equilibrium wear conditions and still obtain five oil 
samples on the linear portion of the wear/time curve. 
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TABLE 8 S60) ae ae, wi, SE Ok ek eA TE 
Test Conditions for Bearing Wear Study © oo al 
Duration: 3 hr Sampling: 0, 10, 20, 30, 60, g f+ ied ‘ 
Speed: 3000 rpm 90, 120, 150, 180 min Seal. ————— a 
Load: 90 ihp + “hp Test chg.: 5 qt wi os * | 
ChE ii VDLALS Be AB RECS MUNA 5 axe deai Sanat Fa ‘ : . 
T t a e = 
emperatures < eats re 
Jacket out: 180F + 5 = 8+ sme ~~ 
Oil sump: 210F + 3 2 5 nies ane as 4 
Air intake: 110F + 3 © 4b a 
Counting well: 190F . a a 
Initial oil temperature: 150F ° ae ot | te LER ee le ae: 


Flushing procedure 


1. Test oil circulated 15 min and drained. 
2. Test oil run 30 min and drained. 
3. 5 qt test charge filled. 








This test duration is adequate for mineral oils and poly- 
mer-thickened oils where no “carry-over” effects have 
been observed. 


EXPERIMENTAL 


Connecting-rod bearing wear data have been obtained 
on a wide variety of mineral and polymer-thickened oils 
which included the same range in viscosity as in the 
engine friction program. Some of the data on paraffinic 
mineral oils are summarized in Fig. 5, which is a plot of 
test number versus bearing wear rate. (Wear rate is the 
sum of the wear rates of all eight bearings.) From these 
data it is evident that test severity is gradually decreasing 
with increasing test number. This lessening in severity 
with test history is probably due to mating of the bearing 














ee Se ee ee io 12 14 16 18 20 22 24 
TEST NUMBER 
Fic. 5. Bearing wear rate vs. test number (1956 V-8, 3000 
rpm, 90 ihp). 


and journal, since the initial severity level could be par- 
tially regained by an extended run at 2000 rpm and full 
throttle. More important than the test sequence effect, 
however, is the fact that the mineral oils divide them- 
selves into two groups which for the purpose of this dis- 
cussion shall arbitrarily be called the “high wear” and 
“low wear” oils. 


Effect of Lubricant Viscosity 


The physical feature which differentiates the two 
groups from each other can be discerned from Fig. 6, 
which is a plot of bearing wear rate (corrected for test 
number)® versus lubricant viscosity at 210F. These data 





5 See Appendix. 
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indicate that, for these straight mineral oils, viscosity is 
the controlling property which determines whether an oil 
is in the high or low wear group. “High wear” oils have 
viscosities below 5.9 cs at 210F; “low wear” oils have 
viscosities above 6.5 cs at 210F. Within a given group 
the wear rates exhibit only a small decrease with in- 
creasing viscosity. In the critical transition zone, be- 
tween 5.9 and 6.5 cs, small changes in viscosity produce 
large changes in bearing wear rate. 

It is interesting to note that the minimum in the en- 
gine friction viscosity curve (corresponding to the transi- 
tion from predominantly boundary to predominantly hy- 
drodynamic condition) occurred at approximately the 








TABLE 9 
Effect of Mineral Oil Viscosity on Connecting Rod Bearing 
Wear Rate 
Corrected 
bearing 
Viscosity, cs wear rate 
Composition 210F (mg/hr) 
Paraffinic distillate A 3.2 2.49 
Paraffinic distillate B 43 2.40 
Paraffinic distillate C 5.74 2.38 
33% Paraffinic distillate Be 6.13 1.79 
67% Paraffinic distillate D 
24% Paraffinic distillate B 6.47 141 
76% Paiaffinic distillate D 
Paraffinic distillate D 7.42 1.38 
Paraffinic distillate E 8.87 1.21 
71% Paraffinic distillate E 12.42 
, 1.40 
29% Bright stock F } 
60% Paraffinic distillate E 146 1.02 
40% Bright stock F 
34% Paraffinic distillate E 19.4 1.21 
66% Bright stock F 
14% Paraffinic distillate E 25.4 1.19 
86% Bright stock F 
Bright stock F 29.4 0.90 





@ Per cent by volume. 


same viscosity as the transition zone in the bearing wear 
study (5-6 cs from engine friction data, 5.9-6.5 cs from 
bearing wear data). Detailed mineral oil bearing wear 
data are summarized in Table 9. 

It should also be noted that the wear level of the low 
wear oils was not zero, but a finite value. This is probably 
because in a dynamically loaded bearing, where the 
direction and speed of the load vector is constantly 
changing, there exist times when the oil film can carry 
no load. Stone and Underwood (16) showed that: 





| 2N1 
Wop — (1 —— =) Ws 
Ne 
where 
Wp = load-carrying capacity of a dynamic 
bearing 
Ni =} velocity of the load vector 
Ns = bearing speed 
Ws =} load-carrying ability of the equivalent stat- 


ically-loaded bearing operated at a 
speed N B- 


The factor 2 N;/Nz is equal to plus one a number of 
times during each cycle of engine operation. When this 
occurs, the bearing, in theory, can carry no load, and 
wear could take place. It is also possible that the finite 
level of wear observed above the transition zone is due 
to erosion or corrosion. 


Polymer-Thickened Oils Give Reduced Wear 


In view of the foregoing—that wear increases as vis- 
cosity decreases—and the fact that polymer-modified oils 
undergo temporary viscosity loss at high rates of shear, 
it might be expected that these polymer-modified oils 
would give higher wear than straight mineral oils of the 
same low shear viscosity. However, such was not the 
case. In fact, polymer-modified oils gave lower wear 
rates than their mineral oil counterparts. The polymers 
used in this study are listed in Table 10. 








TABLE 10 
Polymeric VI Improvers Used in the Bearing Wear Study 
Weight 
per cent? Intrinsic 
active in- viscosity in 
Code Polymer gredient toluene 
P Polyisobutylene 20 0.50 
Q Polymethacrylate B 38.4 0.55 


S Multifunctional copolymer 39 — 
@ Approximate—by dialysis. 





In one set of experiments, a series of oils was made to 
a blend viscosity of 12.4 cs at 210F using base oils of 
different viscosities. For this study the two polymers 
selected (polymer P and Q) were found to give the same 
result. Figure 7 shows that wear decreases with increasing 
polymer thickening—that is, the lowest wear was ob- 
tained with oils that were made with the lightest base 
stocks. These same oils would be expected to undergo the 
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Fic. 7. Effect of polymer thickening on bearing wear of 12.4 
cs oils. 


greatest amount of temporary viscosity loss. From these 
data it may be concluded that either (a) temporary vis- 
cosity loss is not an important parameter of bearing wear 
or (6) the actual temporary viscosity loss was not suf- 
ficient to cause the polymer oils to exhibit the increased 
wear of the transition or high wear oils. 

In a second set of experiments, a single base stock 
(paraffinic distillate A) was thickened to various degrees 
by different polymers. Final blend viscosities ranged 
from 5.32 to 12.4 cs—that is, the range covered both 
sides of the transition zone between high and low wear 
oils. These results are shown in Fig. 8. All of these poly- 
mer-modified oils gave lower wear than their mineral oil 
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Fic. 8. Effect of blend viscosity on bearing wear rate (3000 
rpm, 90 ihp—paraffinic distillate A base oil). 


counterparts. Furthermore, the transition zone has shifted 
to the left by about 1.5 cs. This means that a 5.5 cs oil 
would be a “high wear” oil if it were a straight mineral 
oil, but a low wear oil if it were a polymer-thickened oil. 
Detailed data may be found in Table 11. 

It can be concluded from these studies that polymers, 
far from being detrimental, are actually beneficial in 
reducing bearing wear. Apparently, even if temporary 
viscosity loss is occurring, it is being overshadowed by 
some other effect. 

It may be that the polymer is acting as a mild EP 





TABLE 11 
Effect of Lubricant Viscosity with Polymer-Thickened Oils 
Base Stock: Paraffinic Distillate A 








Weight Corrected 
per cent Polymer type Viscosity, cs wear rate 
; polymer designation 210F (mg/hr) 
4.8 S 5.32 1.48 
6.6 P 5.46 1.12 
9.66 P 6.77 1.09 
6.9 Q 6.79 0.95 
8.5 S 12.14 0.76 
13.7 Q 12.28 0.95 
18.4 P 12.40 0.94 





additive, but this seems unlikely. It is more probable 
that the polymer-modified oils can somehow maintain 
hydrodynamic lubrication conditions under dynamic 
loading conditions more readily than straight mineral oils. 
One obvious possibility is that the bearing temperature 
may be well above 210F (the inlet temperature) and 
that the viscosities of a higher temperature should have 
been used in the wear correlation. Polymer oils, having a 
high viscosity index, will have a relatively higher vis- 
cosity at high temperature. This could account for some 
of the enhanced load-carrying ability observed; however, 
even a 200F temperature rise in the bearing (400F op- 
erating temperature) could not account for the superior 
performance of the polymer-modified oils. 


Polymer Type and Concentration Are Parameters 
of Bearing Wear Reduction 


The next phase of the study of polymer-modified oils 
was concerned with an examination of the effect of poly- 
mer concentration and type on the wear reduction ob- 
served with polymer oils. 

An indication of the effect of polymer concentration is 
shown in Fig. 9, which is a plot of bearing wear rate 
versus polymer concentration (active ingredient bases) 
for polymers P, Q, and S, using base stocks from 1.4 to 
8.9 cs at 210F. For these polymers (P, Q) the observed 
wear rates correlate with polymer concentration even up 
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Fic. 9. Effect of polymer concentration on bearing wear re- 
duction (12.4 cs blended oils). 
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to 7 weight per cent polymer. Apparently the wear/con- 
centration curve becomes asymptotic to a wear rate 
value of 1 mg/hr above 2.2% polymer. This is more 
remarkable since polymers P and Q represent markedly 
different molecular species. 

A particularly interesting point in Fig. 9 is the cetane- 
polymer P blend (7% polymer) which gave approx- 
imately the same wear rate as the 3.8% polymer blend 
in a higher viscosity base stock (paraffinic distillate A). 
This is especially noteworthy when one considers that the 
bearing wear rate of pure cetane was approximately 66 
mg/hr, and the engine could be run only 1.5 hours be- 
fore failure. 

In the data presented thus far, no differentiation be- 
tween polymer type has been made because with con- 
ventional VI improvers (Polymer P, Q) the polymer 
species does not affect the observed wear reduction. This 
is shown both in Fig. 9 and Table 12. The data of Table 
12 indicate that both the polyisobutylene (P) and poly- 


TABLE 12 
Comparison of Polymeric VI Improvers 
Base Stock: Paraffinic Distillate C 








Corrected bearing 

Viscosity, cs wear rate 

Polymer type 210F (mg/hr) 
P 12.32 0.98 
Q 12.28 0.96 
Ss 12.14 0.76 

71% Paraffinic distillate E 

29% Bright stock F 12.42 1.40 





methacrylate (Q) polymers gave the same wear reduc- 
tion when compared to a mineral oil of comparable vis- 
cosity. However, the multifunctional copolymer (S) does 
show some advantage over either of the more conven- 
tional VI improvers. Obviously, this indicates a route to 
improved bearing wear performance. 


The engine friction and bearing wear data present a 
self-consistent picture of the performance of mineral and 
polymer-thickened lubricants in engines. Data have been 
presented which indicate that automotive engines are 
sensitive to changes in lubricant viscosity, and that in- 
creases in viscosity can result in transition from predom- 
inantly boundary to predominantly hydrodynamic con- 
ditions. This transition occurs at approximately the same 
viscosity in both the friction and wear measurements, 
5-6.5 cs. At this viscosity, engine friction is a minimum 
and a marked reduction in bearing wear occurs. 

The addition of polymeric VI improvers to paraffinic 
mineral oil base stocks gives a reduction in both engine 
friction and bearing wear, when these oils are compared 
with either their base oils or mineral oils of comparable 
low shear viscosity. 

From high shear viscometer measurements, one would 
expect polymer oils to exhibit some temporary viscosity 


loss under the shear conditions existent in an engine. This 
would result in a reduction in friction through a reduc- 
tion in the viscous drag and could yield friction values 
below the minimum obtained with straight mineral oils. 
However, this cannot account for the low friction of the 
cetane—polymer blends. If temporary viscosity loss con- 
trolled the engine friction of polymer oils, these cetane 
polymer blends should have given increased friction and 
possible engine failure. Quite the contrary, these oils 
gave very low friction values. 

In the bearing wear study, all attempts to find an 
effect for temporary viscosity loss indicated that tem- 
porary viscosity loss is a negligible factor in the bearing 
wear performance of these oils. In fact, these polymers 
reduce bearing wear, even for oils in “low-wear” range. 
Since this reduction in wear means less metal-to-metal 
contact, there should also be less friction. In other words, 
even in the “hydrodynamic” region, the lower friction of 
polymer-modified oils may be due to less metal-to-metal 
contact rather than to temporary viscosity loss. This 
means that a single factor can account for both friction 
and wear reduction. 

This factor is as yet unknown but it could be one of 
the following: (a) the polymer-thickened oils undergo a 
temporary viscosity loss—this would result in increased 
oil flow rates and could upset the energy balance in the 
system causing the polymer oil to have a different 
(lower) operating temperature in the bearing despite the 
same inlet temperature; (b) under the short loading 
times present, the lubricant may respond elastically 
rather than viscously; or (c) the apparent viscosity of 
the polymer-thickened oils may be much higher than that 
of straight mineral oils due to surface effects which be- 
come important at small clearances (14). 

The first of these—the effect of non-Newtonian be- 
havior on load-carrying ability—cannot be assessed until 
much more is known about the phenomena involved. 
More information is needed on such factors as normal 
stresses (Weissenberg effect), viscosity at high pressures 
and high rates of shear, viscoelasticity and heating ef- 
fects. When such information is available, a mathe- 
matical solution of the load-carrying ability of bearings 
can be attempted. The first step toward this solution is 
already being taken in the author’s laboratories—the 
case of the finite width, adiabatic, dynamically-loaded 
journal bearing—taking into account the dependence of 
viscosity on temperature and rate of shear. 

The latter two possibilities, viscoelasticity and surface 
phenomenon, are also under study at the author’s lab- 
oratory, since these two phenomena could provide a 
single explanation for both the engine friction and bear- 
ing wear results. 


Conclusions 


The data presented show that for Newtonian fluids, 
the engine friction and wear response could be predicted 
on the basis of classical lubrication theory—that is (a) 
friction decreases with increasing viscosity until a vis- 














cosity is reached where the friction is a minimum; be- 
yond this viscosity further increases in viscosity result 
in increased friction, (6) Bearing wear decreases with 
increasing mineral oil viscosity but as a step function, 
not linearly; and the transition viscosity corresponds to 
the viscosity which gives a minimum engine friction. 

The addition of polymeric VI improvers (non-New- 
tonian fluids) to mineral oil base stocks (a) results in 
reduced engine friction and lower bearing wear, and (d) 
the amount of friction and wear reduction observed is 
dependent on polymer type and concentration. 

These data demonstrate that temporary viscosity loss 
is not an important factor in the bearing wear perform- 
ance of multigrade lubricants. In addition, it appears 
that temporary viscosity loss is not the sole reason for 
the reduced engine friction obtained with polymer-thick- 
ened oils. 


Appendix: Test sequence correction method 


FRICTION MEASUREMENTS 


Since the test sequence response generates a series of 
parallel lines, we may correct back to test #1 as follows: 


Corrected fhp = Fr, + (Fr, — Fr,) 





where 

Fr, = Computed friction value of reference oil 
(paraffinic distillate E) at test #1 
obtained from least square analysis 
of all reference tests. 

Fr, = Measured friction at test n. 

Fr, = Computed friction value of reference oil at 
test n, from regression equation used 
to obtain Ri. 


BEARING WEAR MEASUREMENTS 


Since the test sequence response generates lines that 
converge at zero, a somewhat different technique was 
required. Wear is expressed as the fraction of the wear 
of the reference oil, corrected back to the wear at test 
#1: 





: W 
Corrected Bearing Wear Rate = —“" . Wp, 
Ry 
where 
Wr, = Measured bearing wear rate at the test oil 


at test n. 

Wr, = Computed bearing wear rate of the “high 
wear’ reference oil (paraffinic distil- 
late A) at test #1, obtained from a 
least square analysis of all reference 
runs. 

Wr, = Computed wear rate of reference oil at 
test n. 
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DISCUSSION 


D. C. Mircuett (Johnson Bronze Co., New Castle, 
Pennsylvania) : 


The paper by Mr. Okrent is an extremely valuable 
addition to the information on some of the factors which 
affect the friction and wear of internal combustion en- 
gines. 


In Fig. 5 of the paper, it is shown that the bearing 
wear rate, as measured by the level of radioactive anti- 
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mony in the oil, decreases as the test number increases. 
It can be inferred from this figure that as time of testing 
increases the rate of bearing wear decreases so that the 
relationship between wear and time is that shown in 
Fig. Al. 
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Fic. Al. Weight loss wear. (From E. H. Okrent, Fig. 5.) 


From our own testing with V-8 engines, in which very 
careful dimensional measurements were made of the bear- 
ings during testing, the results in Fig. A2 have been 
obtained. The plotted results are the average values for 
14 test runs with the engine operating at full throttle 
and being cycled over each 30 hour-period at various 
speeds between 2600 and 4400 rpm. 


2.0 x10~* 








Wear (in.) 











Gain (in.) 





! 
(9) 20 40 60 80 100 120 
Hours on Test 


Fic. A2. Dimensional wear (SAE 14). 


The most interesting point about Fig. A2 is the initial 
increase in the bearing wall thickness. This increase is 
statistically significant compared to our measurement 
error and does not appear to be related to general surface 
roughness. 


At first sight, the two results shown in Figs. Al and A2 
appear to be contradictory. In fact they are complimen- 
tary. In Fig. Al the curve shows the loss of radioactive 
antimony from the bearings as the test proceeds, and 
Fig. A2 shows the change in bearing wall thickness as the 
test proceeds. The two methods of measuring the bearing 
wear are not the same and need not be expected to give 
the same results. Now it has been shown earlier by Roach 


(A1) and Baker and Brailey (A2) that in engines the 
bearing materials pick up a considerable amount of dirt 
from the oil stream. This dirt is embedded into the bear- 
ing surface and consists primarily of particles of ferrous 
materials. The sources of these ferrous materials are 
firstly machining chips left after manufacture or overhaul 
of the engine and secondly iron wear particles coming 
from other wearing parts of an engine. 


Now in Fig. Al, which is a replot of Fig. 5 by Okrent, 
it is shown that as the test proceeds the rate of loss of 
antimony decreases with time. This is due to the fact 
that as the test proceeds the composition of the bearing 
surface is changing due to the pick up of dirt particles 
from the oil. 


Initially there is no contamination of the bearing sur- 
face by dirt, so the wear process removes a large amount 
of babbitt and hence antimony; but as the particles of 
dirt become embedded in the bearing surface, less and 
less antimony is removed as it represents less and less of 
the bearing surface which is being subjected to wear. 
On the other hand, these embedded particles of dirt will 
give rise to an initial increase in the measured wall thick- 
ness of the bearing material as shown in Fig. A2. This 
increase in wall thickness will continue until the point 
is reached when the rate of loss of dirt particles from the 
bearing surface is equal to the rate of embedment. 


It should, therefore, be borne in mind when studying 
the wear rate figures of the author that these apply 
strictly to the rate of loss of antimony and probably, if 
no corrosion is taking place, also to the rate of loss of 
babbit. They do not show the changes which are taking 
place in the dimensions of the bearings. It is the dimen- 
sional changes which are of practical importance. 


It would be interesting to have the author’s results 
for the wear rates of the earlier test numbers and also 
to know whether the author attempted to make accurate 
dimensional measurements of the bearings during the 
tests. It is appreciated that any measurements on radio- 
active bearings present many practical difficulties. 


The hypothesis that the bearing and crankshaft wear in 
an engine is due primarily to the abrasive action of 
particles of iron can also account for the similarity be- 
tween the friction-viscosity curves given in Figs. 2 and 3 
of the author’s paper and the viscosity-bearing wear curve 
given in Fig. 6. The author quoted [Youngren (A3) 1958] 
that 33% of the mechanical horsepower loss in an engine 
was due to friction between piston rings and cylinders of 
the engine. It is probable that it is in this area that the 
majority of iron particles are entering the engine oil 
due to the wear of the piston rings or the cylinders. These 
iron particles are carried by the oil to the bearings where 
they cause the dimensional wear. 

In Figs. 2 and 3 of the paper it is shown that as the 
oil viscosity is decreased to about 5 cs, the engine friction 
decreases. After this point, as the viscosity is decreased 
even further the engine friction increases. Now since the 
pistons and rings constitute by far the largest single pro- 
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portion of the engine friction it is reasonable to assume 
that the curves in Figs. 2 and 3 apply to the friction 
between the piston ring and cylinder wall. As pointed 
out by the author, these curves are similar to the classic 
Stribeck curve and it can therefore be inferred that with 
oils of low viscosity (below 5 cs) the lubrication between 
the piston rings and the cylinder walls becomes primarily 
boundary lubrication for a very large part of the engine 
stroke. 

If the latter is the case, then the rate of entry of the 
iron wear particles from the rings and the cylinder walls 
into the engine oil will increase very markedly for an 
oil of a viscosity below 5 cs. This increase in the rate 
of entry of dirt to the oil will in turn give rise to an 
increase in the rate of wear of the bearings and the 
crankshaft. This accounts for the similarity of the engine 
friction-oil viscosity curves and the bearing wear-oil vis- 
cosity curves. They are both due to a common cause: the 
change in the lubrication conditions which exist between 
the piston rings and the cylinder walls of the engine. 

It is also possible that the effect of the different poly- 
meric VI improvers can be explained along the same lines. 
In the piston ring area the polymeric materials are in- 
terfering mechanically in the wear process occurring at 
the ring—wall interface. They get trapped between the 
two metal surfaces when no local oil film is present and 
prevent a loss of iron particles which could eventually 
cause bearing wear 

All of the author’s results can apparently be explained 
if it is assumed that the major engine friction is occur- 
ring between the piston and the cylinders and that the 
lubrication conditions in this area determine the rate of 
wear of the piston rings and the cylinder walls. The 
wear particles generated by the piston ring-cylinder wall 
wear are carried by the oil stream to the bearings where 
they cause abrasive wear of the bearings and crankshaft. 
This means (i) that, regardless of how the engine is 
operated, wear of the bearings and the crankshaft will 
occur; (ii) that the bearing wear will be asymptotic to a 
steady wear rate if the piston-cylinder wear is steady; and 
(iii) that rate of bearing wear (neglecting corrosion) will 
change directly in proportion to the rate of cylinder wear 
which in turn is dependent on the type and viscosity of 
the lubricant being used and the conditions of operation 
of the engine. 


It would be most interesting to know whether the re- 
lationship between oil viscosity and oil type and the 
piston ring and cylinder wall wear has been investigated 
by the author or his colleagues and whether the rate of 
bearing and crankshaft wear follows closely the rate of 
piston assembly wear. 
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AuTHOR’s CLOSURE: 


Mr. Mitchell suggests that connecting rod bearing wear 
is due to abrasion of the bearings by wear debris from 
other parts of the engine. This is an attractive hypothesis, 
since it could explain why the minimum in the engine- 
friction/viscosity curve coincides so well with the transi- 
tion from high to low wear rates in the bearings. In this 
hypothesis it is suggested that the wear debris from the 
ring zone is responsible for the wear observed in the 
engine bearings, that the polymer oils prevent ring and 
cylinder wear, and that in this manner they reduce the 
bearing wear. 

We do not know of any data that indicate that 
polymers would either increase or decrease ring and cyl- 
inder wear. In our particular engine, such measurement 
would be impossible without resorting to the use of radio- 
active pistons. The dimensional change in a 3-hour test 
would be much too small to measure by any other means. 


There are a number of reasons for believing that the 
antiwear action of the polymer is in the bearing itself, 
and not a secondary effect from wear elsewhere in the 
engine. Firstly, Ocvirk and his associates have shown 
that polymer oils give lower eccentricity ratios in stati- 
cally loaded bearings, suggesting that polymers are pre- 
venting wear by increasing the separation between the 
journal and the bearing. Secondly, the wear debris, as it 
builds up in the oil as the test progresses, should cause 
the bearing wear rate to increase similarly; this is not 
observed. Finally, it is difficult to see how the relatively 
small amount of wear debris from the cylinder could 
significantly affect bearing wear, when one considers the 
larger amount of contaminants getting into the oil from 
dust in the air and decomposition products from the fuel. 

Mr. Mitchell also indicates that the wear rates he ob- 
served (by dimensional change) first were negative (bear- 
ing growth) and then increased linearly with time. He 
attributed this growth to embedment of dirt from turn- 
around and wear debris from other parts of the engine. 
In our test procedure this is minimized because (a) the 
radioactive bearings are never installed in a newly over- 
hauled engine until after the engine break-in and flushing 
is completed on a detergent oil, and (5) the test duration 
is sufficiently short (3 hours) so that large quantities of 
wear debris do not accumulate in the engine oil. We feel 
that the reason the wear rate slowly diminishes over 
several hours of operation is that our test is a constant- 
speed, constant-load operation which allows the bearing 
surfaces to mate, while the discussor used a cyclical pro- 
cedure which, as we have shown, prevents mating. 

We have not tried to measure the dimensional change 
of the bearing and compare it with the radioactive meas- 
urement. Again the amount of wear would be too small 
and, in addition, it would involve disassembly of the 
engine after each test. However, the dimensional change 
should be proportional to the loss of radioactive bearing 
metal—embedment of dirt particles should not change 
this relationship. 
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Transient Lubrication of an Accelerated Infinite Slider* 


By F. A. LYMAN! and E. A. SAIBEL? 


An analytical solution is obtained for the transient pressure developed in a slider bearing without 
side leakage when one of the bearing surfaces is accelerated tangentially. The lubricant is assumed 
to be incompressible and to have constant viscosity, and the film thickness is assumed to remain 
fixed in time. Asymptotic solutions for small and large values of time are found to describe 
the transient pressure adequately and yield expressions for pressure and load-carrying capacity 
in closed form. The results show that the pressure rise is negligible until a certain time after 
the bearing begins to be accelerated, but afterwards the pressure approaches a steady state 
rapidly, and the total duration of the transient is quite short. 


Nomenclature 
x,y = coordinates 
t = time 
u,v = velocity components in directions x,y re- 
spectively 
p = pressure 
m = viscosity 
p = density 
y = © = kinematic viscosity 
p 


po, % = steady-state pressure and velocity 
fi, % = transient pressure and velocity 

h(x) = bearing clearance 

B length of slider 

h(O) = inlet clearance 

h(B) = outlet clearance 


ho 


© =s 


B 


ho 

hy 

B = loga 

U(t) = velocity of lower bearing surface 

Uo = constant component of U 

U,(t) = U(t) — Uo 

Q(t) = rate of flow across plane normal to x-axis per 
unit width of slider 


eo 


ar oy 
Wl 


f =L£{f}= f e~**f dt = Laplace transform 
6 

s = transform variable 

Q@, = positive roots of Eq. [17] 





* Presented as an American Society of Lubrication Engineer 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1 Graduate Assistant in Mechanics, Rensselaer Polytechnic In- 
stitute, Troy, New York. 

2 Professor of Mechanics, Rensselaer Polytechnic Institute, 
Troy, New York. 
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4vt 
0 = 7 = dimensionless time variable 
0 
.. 
0) = Ge" 
iy of 
. ia 
W = = load carried per unit width of slider 
5 
™m = 6 (a? +at+ 1) 


U; = final value of velocity in Eq. [38] 
c = arbitrary constant in Eq. [38] 
hec ; 
v it “tase dimensionless parameter 
Introduction 


THE present paper is a theoretical analysis of the hydro- 
dynamics of lubrication for a slider bearing without side 
leakage, when one of the bearing surfaces has tangential 
acceleration and the film thickness does not vary in time 
(Fig. 1). When the operating speed of a bearing is 
increased rapidly, it seems physically plausible that the 














Fic. 1. Configuration of slider bearing. 
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inertia of the lubricant would retard the pressure buildup, 
resulting in a time lag before the load-carrying capacity 
reached an equilibrium value corresponding to the new 
operating speed. The purpose of this paper is to investi- 
gate the transient character of the pressure. The essential 
feature of the analysis is that the acceleration term arising 
from the unsteady character of the flow is retained in the 
equation of motion, so that time is one of the independent 
variables, and one is faced with an initial-value problem 
involving the interaction of velocity and pressure fields. 

The problem solved here was considered previously by 
Ladanyi (1), but his analysis was based on the assumption 
that the acceleration within the lubricant film is propor- 
tional to the distance y — h/ from the stationary surface. 
This assumption reduces the equation of motion to a form 
which can be integrated easily, but the initial-value 
character of the problem is lost, and the velocity distribu- 
tion obtained by integration contradicts the original 
assumption. Furthermore, Ladanyi’s results predict nega- 
tive pressure when the ratio of the tangential acceleration 
of the bearing surface to its velocity becomes sufficiently 
high, and in the limiting case of parallel surfaces the pres- 
sure becomes uniform and negative. 

The authors felt that it was worthwhile to re-examine 
this problem without making any assumptions in addition 
to those implicit in the differential equations and found the 
exact solution presented below. 


Differential equations and boundary conditions 

The differential equations which describe unsteady two- 
dimensional flow of an incompressible lubricant in the thin 
film between the bearing surfaces are (2) 
[1] 


op 

> 0 [2] 
Ou dv 

pete Ra | 

ox oy [3] 


In addition to the assumption of a thin film, which is 
customary in the hydrodynamic theory of lubrication, the 


“ 4 ” . ou 
convective” acceleration terms ua? Vay are neglected 


in Eq. [1]. It has been shown in the case of steady flow (3) 
that neglect of these terms does not cause appreciable 
error for low Reynolds’ number. Another argument for 
dropping these terms is that we are considering very rapid 
changes in the velocity of the lower surface, so that the 
time derivative of the fluid velocity is much larger than 
the space derivatives. 
The boundary conditions are 


y= 0, u=U(t), v=0 
y = h(x), u = 0, v=0 
x= 0, pP=?Pa 


x= B, P = Pa 


In order to eliminate the variable v, the continuity 
equation [3] is integrated across the film, and because of 
the first two boundary conditions it becomes 

a 


Judy =o if 
0 


where Q is an unknown function, representing rate of flow 
across a plane normal to the x-axis. 
The initial conditions are 


u(x, y, 0) = u(x, y) 
p(x, 0) = po(x) 


where u% and # are the velocity and pressure fields existing 
prior to #= 0. For ¢ < 0, the lower bearing surface is 
assumed to have a constant velocity Up. Since m and po 
are found from Reynolds’ classical solution, they need not 
be considered here. For the solution of the transient 
problem the steady components of velocity and pressure 
are subtracted out: 


u(x, ¥; t) on u(x, ¥, t) ay Uo(x, y) 
pix, t) = p(x, 8) — po(x) 


Thus ™ and #; are to satisfy Eq. [1], a continuity equa- 
tion similar to [4] from which the steady component of Q 
has been subtracted, and the following initial and bound- 
ary conditions: 


y= 0, um = U(t) — Up = Ui(t) [5] 
y=h(x), m=0 [6] 
x= 0, ji = 0 [7] 
x= B, hh =0 [8] 
t= 0, u, = 0, fi =0 [9] 


Since only the transient problem is of interest here, the 
subscripts 1 will be dropped in the remainder of the paper, 
it being understood that w is m, p is p; and U is U4. 


Solution of the transient problem 


By applying the Laplace transformation (4) with respect 
to # to Eqs. [1] and [4], and using the initial condition [9], 
one obtains the subsidiary equations 


———ge a [10] 


Judy =%) 1] 
where 


“= £{u} = fettutz, y, t) dt 
0 


and similar notation is used for the transforms of » and Q. 
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Since p is a function of x and s alone, Eq. [10] may be 
treated as an ordinary differential equation with the right- 
hand side a constant. Its solution, which satisfies the 
transforms of boundary conditions [5] and [6], is 
— sinh g(k — 1 op 
7s qih—y) , 1 op 


“i= 





sinh gh ps Ox 
[12] 
(= q(h — y) + sinh gy _ ) 
sinh gh 
where 
s 
¢=- 
v 


Substitution of [12] into [11] and integration leads to 


10p _ s AU tanhry/s — 20rv/s 
p ox Oh ra/s — tanh rv/s 





[13] 


where 
1h 
cose 
2—Vv 
O at this point is an unknown function of s. It is 
determined by satisfying the boundary conditions [7] 
and [8] on 9, or the corresponding conditions on ». How- 
ever, it is first necessary to integrate [13] with respect to x. 
Attempts to integrate [13] in closed form for various func- 
tions k(x) were unsuccessful. Hence it was found con- 
venient to obtain the inverse transform of Eq. [13] by 
convolution and then to integrate with respect tox. This 
procedure is described below. 


The function 
rVJ/s/(r+/s — tanh rv/s) 


cannot be the Laplace transform of any sectionally con- 
tinuous function of exponential order, because it does not 
vanish as the real part of s approaches infinity. Thus 
Eq. [13] is rewritten 








a = SU(s\flx, s)— = Diyh, s) [14] 
where - 
? 1 tanh r+/s 
ey 2s rv/s — tanh r+/s [15] 
‘ oe r/s 
Safe, $) = 2s ra/s — tanh r+/s [16] 


and f;, f2 are seen to vanish as the real part of s becomes 
infinite. 

The inverse transforms of /, and jf, are found by sum- 
ming the residues of fie** and jze*' at their poles. It can 
be shown that both /; and 72 have double poles at s = 0 
and an infinite number of simple poles on the negative real 
axis in the s-plane. The latter are located at 





* For 4 = constant the integration can be performed easily and 
@ determined, but this leads to the conclusion that the pressure is 
zero, as it should. 





_ ad _ fond 
rn ae ie 
where a,( = 1, 2, ...) denote the positive roots of 
tana=a [17] 
and 
a, < ae << ag < eee 


These roots are listed in reference (5). 

The residues of fie** and jee** are found by the usual 
methods (6) and summation of the residues yields the 
inverse transforms 


1 ov — 1 Ava,2 
he) = 5+ Gt Dagon (- ep ) [18] 


3. Ov — i 4va,2 
fis, = 3+ Gt- DI exw(- =" ) [19] 


Since it is known (7) that 








@ 


els 4 
La? 10 
f(z, 0) =0 

1 
fo(x, 0) eid 2 


Thus 0p/dx is expressed in terms of the inverse trans- 
forms of jf, and fz by means of the convolution integral. 
Assuming that U(0) = 0, one obtains from Eq. [14] 


1 ap 


pax 


U'(O)fi(x, #) + i U'"'(r)fi(x,t — 7) dr 
- [20] 


. 4 Ld 
- ii [ (0)fo(x, 4) + J Q’"(r)fa(x, t — 7) 7 


The assumption U(0) = 0 means that the lower surface 
is not allowed to have infinite acceleration at = 0. If 
this assumption is not made, then a pressure gradient 
which becomes infinite as ¢~'” for all x is predicted. 

Since p = Oat x = Oand x = B, integration of Eq. [20] 
from 0 to B eliminates p and leads to the following integral 
equation for the determination of Q(?): 


B B t 
1 1 
Q’(0) Sih t) dx + fig J @'orntest — 7) drdx 
0 0 0 


i¢ [21] 
on oJ [vont t) + fw ontes — 1) ae 


0 


If ¢ is set equal to zero in Eq. [21], one finds that 
Q’(0) = 0 because fi(x,0) = 0. Thus Eq. [21] reduces to 


B t 
1 ” 2 ra 
J wa J QO" (r)fe(x,t — 1) drdx = g(t) [22] 
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where g(#) is the right-hand side of Eq. [21] and is a known 
function once U(#) is specified. 

Interchange of the order of integration on the left side 
of Eq. [22] leads to an integral equation of the form 





@ 
J s@xo-» a= s0 [23] 
0 
where @ is the dimensionless time variable, defined as 
4ut 
~ Ie 
and 





The functions K(@) and pt are known. K is obtained 
by integrating f2/h with respect to x over the interval 
(0, B), so that its exact form depends upon the slider 
profile. For all simple profiles K contains an infinite 
series of nonelementary functions. Although the method 
is valid for all reasonable functions A(x), including a 
stepped slider, it was found slightly more convenient to 
consider an exponential profile: 


h x 
ae (-2 =) [24] 
where 
B = loga 
an * 
hy 
Io = h(0) 


For this profile, one obtains 


pind 
K@ =2+" hin ee 





-1 a—1 
aoe [25] 
61S) — [Hl (aax6'") — H(an6'") 
n=1 ~" 


where H is the error integral 


H(z) = Wi; exp (—§*) df 


K has been normalized so that K(0) = 


The function f(@) depends upon the acceleration of the 
lower surface of the bearing. In order to make it explicit, 
and yet have the simplest form, constant acceleration was 
considered. 

If 

U(t) = kt 


f@) = +s +3 @ 10 
a—-1 5 (26) 


@o 


_ z = [ Bi(—ease - Bi(—a0 | 


where 


— Ei(-2z) = fea>ro 


z 


is the exponential integral, a tabulated function. 

The complicated expressions for K(@) and f(6), involving 
infinite series of higher transcendental functions, necessi- 
tate a numerical solution of the integral equation [23]. 
However, the asymptotic behavior of $(@) for both large 
and small @ can be determined with relative ease from the 
asymptotic behavior of its Laplace transform Q(s). An 
outline of the general method followed here in getting 
asymptotic solutions will be found in reference (4). 


Asymptotic solutions for small and 
large values of time 


To investigate the behavior of Q(é) for small ¢, the 
functions 7; and fz in Eq. [14] are replaced by the following 
expressions valid for large s: 


1 
h(x, s)~ SRST [27] 
ix 1 xy 
frlx, OY alga 1 [28] 


Integration of Eq. [14] with respect to x over the interval 
(0, B) eliminates % by virtue of Eqs. [7] and [8] and leads 
to the following expression for 0(s) valid for large s: 


Os) ~ U(s) i [29] 
Ot) = Jef U(t — r)r? dr 
0 


from which 


for small ¢. 
If 
U=k 

this becomes 

4 

QW) == E Ke” 

3Nar 

or 
Ny v7 2 
¢(6) = Ee (t) = =~ ata [30] 


A remarkable result is that for small 6, ¢ is independent 
of the slider profile. 

The asymptotic behavior of Q for large ¢ is determined 
by retaining only the constant and linear terms in /; and 
fe, which correspond to the residues of fie** and foe*' at the 
double pole s = 0. Thus for small s, 


fix, s) ~ ~as +S 2 (31] 


Folx,s) ~ wis + as lis [32] 
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Substitution of Eqs. [31] and [32] into [14] and inte- 
gration over (0, B) yields 
Ras aa ks 
kus + ke 





Bs) ~5 Tis) 


for small s, where 


3 fd 

x 

h=2 {== 

a tae 
0 


[33] 
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In the particular case where 
U(t) = kt 
from Eq. [33] one obtains 


k ks Rs ky _*, 
00~ Fale aX) +4 


valid for large ¢, whence for the exponential profile 


_ba@t+atl 


5 
6 ~F0+H(1 5 art 


) e~ me [34] 
for large 6, where 


m=2(¢+a+1) 


The asymptotic curves for ¢(6) from [30] and [34] are 
shown in Fig. 2 for a = 2, along with the results of the 
numerical solution of [23]. It is seen that the asymptotic 
curves describe ¢ almost completely, except for a small 
middle range. Note that the error incurred by simply 
fairing in a transition curve between the two asymptotic 
curves would not exceed 2%. Thus for most purposes it 
is sufficient to use the results of the asymptotic analysis. 

The numerical solution of [23] was obtained by an 
iteration process on the inhomogeneous Volterra integral 
equation of the second kind 


6 
YO+ fYOK'@-NHaA=/0) [35] 
0 
which is gotten by integrating Eq. [23] by parts, where 


v@ = f 90) ar 
0 


A detailed description of such an iteration solution may 
be found in (8). In the case considered here, the asymp- 
totic formula for f2 for small ¢ shows that K’(@) behaves 
as 6-'/2 near the origin. Equation [30] shows that y(@) 
has infinite slope at the origin. Thus it was necessary to 
make the proper modifications in the numerical integration. 
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Time Variable, © (dimensionless) 
Fic. 2. The function ¢(@) computed from asymptotic formu- 
las and by numerical solution of Eq. [35]. Constant accelera- 
tion. Clearance ratio a = 2. 


The asymptotic formulas [29] and [33] enable one to 
find the asymptotic behavior of the pressure for small and 
large values of time. If [29] is substituted into [14] and 
ji, f2 are replaced by the asymptotic formulas [27], [28], 
the result is 

oP 9 
Ox 


and because p = 0 at inlet and outlet, p = 0 everywhere. 
This is true regardless of slider profile and acceleration. 
Thus no pressure is developed for a small time interval 
after the lower surface begins to be accelerated. During 
this time the flow behaves like Couette flow with an acceler- 
ated wall (2). Figure 2 shows that for the case of constant 
acceleration, $(6) follows formula [30] up to 6 = 0.05, and 
from @ = 0.10 onwards it follows formula [34]. Thus in 
this case no pressure is developed up to @ = 0.05, and from 
6 = .10 onwards the pressure can be calculated by using 
the asymptotic solution for “large” values of time. Dur- 
ing the interval 0.05 < @< 0.10, the pressure slowly 
begins to rise but the pressure rise is insignificant com- 
pared to that which occurs for @ > 0.10. Therefore only 
the pressure history for “large” values of time need be 
considered. 

If the asymptotic formulas [31], [32], [33] for large ¢ 
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(small s) are substituted into [14], and the particular case 
of constant acceleration 


U = kt 
is considered, [14] becomes 
1 ap _ eee ( 1 +) kas + ks 
ia x sf BR Peat & 


where fi, ke, ks, ka are the constants defined above. The 
inverse transform is easily found, and upon integrating it 
from 0 to x one obtains 











eee. 3 ce — 1 i [SF ‘ 
oninen sip auto + — ——— atti pei em 
pkB 10°. 4 8B 2. 2. /Le~k 
9(a? — 1) dh mI t 
“oo; »| 10 8B e= 
8  .@-e-1) _ 
+45 -% @— 1 Ja — 9 
where 
Binnie 
ve 
5 


m= —(@+e+1) 


As @ becomes large, the pressure becomes linear in 6. 
Although in the case of constant acceleration there is no 
final equilibrium state, comparison of Eq. [36] with the 
“quasi-steady” solution (which is obtained from the classi- 
cal Reynolds’ solution by letting the velocity of the lower 
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Fic. 3. Pressure distribution for various values of the dimen- 
sionless time variable 6. Constant acceleration. Clearance ratio 
6.22, 2. 


surface be proportional to time) shows that the rate of 
increase of pressure at any point is identical to that pre- 
dicted by the quasi-steady solution when @ is large. 

The pressure distribution for various values of time is 
shown in Fig. 3 for a= 2. The shape of the pressure 
curve and the location of the maximum pressure remain 
approximately the same for all time. For @> 1.0 the 
pressure rises at very nearly a constant rate. The time 
dependence of the pressure is shown more clearly by the 
transient behavior of the load-carrying capacity. 

The load-carrying capacity per unit width of the slider is 

1 


w= B f pat 


and integration of (36) gives 


W 
ORB? Ci + CxO + Cse™™ [37] 
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The dimensionless load W/pkB? is plotted against @ in 
Fig. 4 for a = 2. The load was calculated from [37] for 
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Fic. 4. Load capacity vs. time. Constant acceleration. Clear- 
ance ratio a = 2. 
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620.10. For @< 0.05 the load is zero, and the curve 
was faired in for the interval 0.05 < @< 0.10. In Fig. 4 
is also shown the load vs. time curve obtained from 
Ladanyi’s equation [23] by setting 


U=Uy+ kt 


and subtracting the steady state term proportional to Up. 
Ladanyi’s result predicts a load-carrying capacity which in 
the early stages of the accelerated motion is less than that 
of the initial equilibrium state, whereas the results obtained 
here show that the load is always greater than the initial 
value. 


A significant feature of the load—time curve is the 
time lag which occurs before load-carrying capacity in- 
creases appreciably. However, the absolute numerical 
magnitude of the time lag is quite small, since for a lubri- 
cant with a kinematic viscosity of 10~* ft?/sec, and a 
maximum bearing clearance of 0.005 inch, @ = 1.0 corre- 
sponds to about 4 X 10~* seconds. 

A more realistic formula for the velocity of the bearing 
surface is 

U@) = Ul — &**) [38] 


since the velocity approaches the final value Uy. In this 
case the following expression‘ for pressure is found by 
using the asymptotic analysis for large #: 
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The first term in Eq. [39] represents the pressure dis- 
tribution in the final state, and it is exactly the same as 
the pressure distribution obtained in the steady state 
problem when the velocity of the bearing surface is U;. 








F;() = 





4 If = m this result does not hold, but different expressions for the 
last two terms are obtained. This exceptional case does not warrant 
attention here. 


The dimensionless load-carrying capacity is 


We 
4uU; 
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= D, + Dye” + Dye~™ [40] 
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Figure 5 shows the load vs. time curves calculated from 

Eq. [40] for a = 2 and various values of y. Velocity 


curves for the bearing surface are shown in Fig. 6 for com- 
parison. When y = —, the velocity of the bearing is a 
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Fic. 5. Load capacity vs. time according to Eq. [40]. Clear- 
ance ratio a = 2. 
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Fic. 6. Velocity of bearing vs. time, according to Eq. [38]. 


step function, while for finite values of y it approaches its 
final value gradually. 

For y > m, the second term in Eq. [40] is rather unim- 
portant, so that the behavior of the load-time curve is 
governed by the parameter m, which depends solely on the 
inlet-outlet clearance ratioa. The curve for y = © is 
the response of the pressure to an instantaneous jump in 
the velocity of the bearing, and represents the maximum 
rate at which the pressure can increase. 

For y < m, the load-time curve depends on m to a 
greater extent than on 7, which means that the acceleration 
of the bearing has more influence upon the pressure 
response. 


Conclusion 


The effect of tangential acceleration of the bearing is to 
increase the pressure above the initial value. There is a 
time lag before the pressure begins to increase at an 
appreciable rate, but the numerical magnitude of this time 
lag is quite small. In fact, when the velocity of the 
bearing approaches a final value, for reasonable values of 
the various parameters the time interval before the pressure 
reaches its new equilibrium value is found to be of the order 
of a millisecond. 

Finally, a few remarks should be made about the 


assumption that / does not vary with time. In practice, 
h would increase with time as the bearing surface acceler- 
ates, unless the external load were adjusted continuously 
to balance the increasing pressure. If h is allowed to be a 
function of time the problem becomes much more difficult. 
In the first place, the problem is indeterminate unless 
either / is a given function of x and ¢ or h is to be deter- 
mined from an additional condition, e.g., the impressed 
load given as a function of ¢. Secondly, the upper limit 
of the integral in Eq. [4] would become a function of f as 
well as x, so that ¢ would enter the equation in a compli- 
cated manner, precluding the use of the Laplace transfor- 
mation or other straightforward methods to solve the 
problem. 

The problem becomes tractable for 4 a given function 
of time if the inertia term du/d¢ is neglected, and in fact 
this problem has been solved by Osterle and co-workers 
(9). However, if du/dt is neglected the problem is no 
longer of the initial-value type, so that one cannot consider 
the transient response of the system, and one must be 
content to treat only the case of steady oscillations in h, 
as Osterle et al. have done. 
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Orthogonally Displaced Bearings — I* 
By DONALD F. WILCOCK! 


Journal bearings with cross sections consisting of circular arcs with centers displaced from the 
geometric bearing center along the mid-radius of the arc or lobe have been in use for many years. 
Examples are the “elliptical” bearing and the “three-lobe” bearing, the advantage sought being 
increased stability under light loads without the reduced oil flow accompanying a reduced clear- 
ance ratio. 

This paper is directed toward the apparently neglected possibility of displacing the lobe centers 
of two-lobe bearings orthogonally with respect to the mid-radius of the lobe. Analysis shows 
that when the lobe displacement is in a direction opposite to the shaft surface motion, as shown 
in Figs. 1 and 2, and the bearing is centrally loaded, shaft stiffness orthogonal to the load vector 
is substantially increased. At the same time, vertical stiffness remains essentially unchanged. 
Minimum film thickness is decreased, particularly at low loads, while oil flow is increased. The 
analysis was carried out for a bearing having in cross section two arcs each subtending an angle 
of 150°, an L/D ratio of ¥%, and with the arc centers each displaced from the geometric center 
by half the radial clearance. 








Nomenclature wn 
Units Ynits 
Symbol Description M,L,T Symbol Description M,L,T 
C_ Radial clearance, Rr, — Rs & m Bearing lobe mid-radius displace- 
D_ Bearing diameter ZL ment ratio, A/¢ ie 
H Power consumption ML?T-* € Shaft eccentricity ratio, e/C — 
H, Power consumption, 360° shaft P Average unit bearing load, W/LD ML-'T-? 
centered MUIPT-* P’ Dimensionless unit bearing load ~- 
L_ Bearing axial length L q Oil flow coefficient, 20/xnNDLC — 
N Shaft speed Fi 5 Bearing lobe orthogonal displace- 
O- Center — ment ratio, 8/C ah 
Q Oil flow, axial L’T-! a Stiffness coefficient, dP/ap pail 
R_ Radius L 8 Bearing lobe orthogonal displace- 
uN /R \? ment L 
S Sommerfeld number, 3 (=) me i Bearing lobe mid-radius displace- 
W Bearing load MLT-2 mnentt L 
‘i q Attitude angle — 
e Shaft eccentricity from center L Viscosit Saetia 
j Power consumption coefficient, H vateneieg| ML™'T 
H/Hp — 
SUBSCRIPTS 
1 Lower lobe B_ Bearing S Shaft v Vertical 
2 Upper lobe L_ Lobe hk Horizontal 





Introduction by relaxation techniques using a finite number of points 
to define the pressure field. From the pressure field ob- 
tained for a given shaft eccentricity and attitude angle 
could be obtained the direction and magnitude of the 
resultant vector (equal and opposite to the load vector), 


and, from the pressure gradients at the boundaries, the 


IN recent years, an increasing amount of attention has 
been devoted to obtaining solutions of Reynolds’ equa- 
tion for both full and partial bearings of finite length 








* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1 Consulting Engineer, Ordnance Department, General Electric 
Company, Pittsfield, Massachusetts. 
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inlet and outlet oil flows. 

Cameron and Wood (1) published results for 360° 
bearings obtained by the relaxation techniques using 
calculating machines. Wilcock and Rosenblatt (2) pub- 
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lished a few results for split bearings having two 150° 
lobes, which were obtained using a resistance network 
analysis. Raimondi and Boyd (3) obtained extensive 
solutions for bearings having arcs from 60° to 360°, 
from the use of advanced digital computers. 

These published solutions presented results only for 
the case of central loading. That is, for a given eccen- 
tricity ratio, that attitude angle was found which would 
result from central loading. Analysis of bearings with 
displaced-center lobes requires solutions for the case of 
noncentral loading on the individual lobes in order to 
find the attitude having a zero horizontal load component 
for the complete bearing. In 1956, Pinkus (4) published 
some of the first results of this type for 150° lobes, and 
in later papers (5, 6) has used these results to analyze 
elliptical, three-lobe and multiple groove bearings. Wil- 
cock and Booser (7) summarized the results available 
in 1957. Pinkus and Sternlicht (8), and Pinkus (9), 
have extended these results to a greater range of atti- 
tude angles. These latter results have made possible 
this analysis of orthogonally displaced bearings. 


Geometric relationships 


In order to apply the computed results for single 
lobes to the estimation of the performance of multiple 
lobe bearings with displaced centers, one must be able 
to compute eccentricities and attitude angles for the 
single lobes from any given eccentricity and attitude 
angle for the complete bearing. Figure 1 shows the geo- 
metrical disposition for a two-lobe bearing whose lobe 
centers are each displaced an amount 5 from the geo- 
metric center orthogonally to the load-line, and an 
amount A from the geometric center in the direction of 
the load-line. The load-line is at mid-arc of each lobe. 

The lower and upper lobe eccentricities are then: 


€; = (ce? + 8 + 22+ 28 sing + 2c cosp)'/? [1] 

€o = (e2? + 8% + 12— 28 sing — 2eA cosp)1/? [2] 

Dividing through by the radial clearance, c, the lower 
and upper lobe eccentricity ratios are: 


€; = (22+ m2 + 524 2es sing + 2em cos)? [3] 
fo = (e?-+ m? + s?— 2es sing — 2em cos@)1/? 


The lobe attitude angles are uniquely determined by 
the pairs of relations: 


: s + € sing m +- € cos@ 
sing; = aN Rate : cosq; = gee: aime [5] 
1 1 
: s — € sing m — €& COS@ 
sing2 = ine ay . cosp2 = ee [6] 
2 2 


Four two-lobe bearings, each having an L/D ratio of 
1/2 and a lobe arc length of 150°, were selected for 
analysis. The center displacements chosen are as shown 
in the tabulation. 








Bearing designation A B c D 
Vertical displacement ratio, m 0 0 0.5 0.5 
Orthogonal displacement ratio, s 0 0.5 0 0.5 





They may be named, respectively, cylindrical, displaced- 
cylindrical, elliptical, and displaced-elliptical two-lobe 
bearings, and are illustrated diagrammatically in Fig. 2. 
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Fic. 1. Geometry of displaced center two-lobe bearings. 





A. Cylindrical B. Displaced Cylindrical 





C. Elliptical 
Fic. 2. Displaced center two-lobe bearings. 


D. Displaced Elliptical 
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Note that the clearance is defined as 

C = R, — Rg 
corresponding to the so-called “major” clearance of an 
elliptical bearing. 


Lobe performance charts 








Pinkus’ results (9) are given in terms of the Sommer- 
feld number, S. However, in order to permit ready com- 
bination of results for more than one lobe, it is con- 
venient to define a dimensionless unit load as 


1 P sc 
rn 1 1 P= ~ =F) [7] 
=90 ) 90 180 S  wN\R 


Attitude Angle,¢ and further to deal with its horizontal and vertical com- 


Fic. 3. Nature of variation of P,’ and P,,’ with attitude angle ponents, so that 
@, at constant eccentricity ratio. (P',)? + (P’.)? = (P’)? [8] 


For the purposes of this paper, “horizontal” is defined 
as being in the line of the split between the two lobes, 
and “vertical” is defined as the direction of the mid- 
radius of the lobe. 


Dimensionless Unit Load, P’ 























6: In general, P’, and P’, vary as shown in Fig. 3, at 
45+ 9 os constant eccentricity, over the full range of attitude 
' 09 angle. Both are zero over the range 255° < @ < 285°, 
40 and nearly zero over the broader range 150° < @ < 300°. 
; With considerable cross-plotting and interpolation, the 
35+ curves of P’, versus @ at several constant values of ¢, 
Be shown in Fig. 4, may be obtained. Figure 5 is a similar 
239 set of curves for P’,. In like manner, the curves for 
8 axial or end-flow, q, in Fig. 6 are obtained. 
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Fic. 4. P,’ versus @ for several values of ¢; L/D = %%, 150° Fic. 5. P,,’ versus @ for several values of ¢; L/D = %, 150° 
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Fic. 6. q versus @ for several values of ©; L/D=¥%, 150° 
lobe. 
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Dimensionless Flow Coefficient, q 
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Bearing performance 


For each bearing shape, A, B, C and D, determinations 
of the net dimensionless horizontal and vertical loads 
were made for a series of attitude angles and eccen- 
tricity ratios, using Eq. [3-6] and Figs. 4 and 5. As 
an example, the results for Shape B are shown in Fig. 7. 
From curves such as these for each shape, the attitude 
angle and the net P’, were determined for four values 
of vertical load, P’, = 2.5, 5.0, 7.5, and 10.0. The four 
sets of curves in Fig. 8 show the results in terms of hori- 
zontal load vs _ horizontal displacement-from-center 
curves. 

The normal case of vertical, or central, loading is 
studied by determining the bearing characteristics when 
the net horizontal load is zero, P’, — 0. A dimensionless 
horizontal stiffness coefficient may be defined for this 
case of vertical loading as 


Estimating values of a, graphically from the curves of 
Fig. 8, one finds relative stiffnesses as shown in Fig. 9. 
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. Fic. 7. Net values of P,’ (broken line) and P,/ (solid line) 
d (P’) ; 
oo, = P’,=0 [9] for shape B (m= 0, s=0.5) versus attitude angle @ for several 
d (esin @) values of e. 
TABLE 1 
Summary of Results® 
Shape fF, e @ a), a,, at 1 Eo P2 q 
A 2.5 0.55 44.5 5.0 13 0.55 44.5 0.55 224.5 0.70 
(0, 0) 5.0 0.68 38.2 74 25 0.68 38.2 0.68 218.2 0.77 
7.5 0.74 33 8.5 34 0.74 33 0.74 213 0.76 
10.0 0.79 30 11.0 40 0.79 30 0.79 210 0.75 
B 2.5 0.35 — 40° 9.0 13 0.59 53.6 0.63 124 0.84 + 0.40 = 1.24 
(0, 0.5) 5.0 0.535 — 5.3° 9.7 13 0.70 40.2 0.765 134 0.82 + 0.44 = 1.26 
75 0.74 —13.3° 5.6 13 0.79 24.4 0.985 137.1 — 
Cc 25 0.268 81° 7.2 46 0.60 26.0 0.53 — 30.0 0.55 + 0.08 = 0.63 
(0, 5.0) 5.0 0.385 73.7° 10.8 37 0.71 314 0.54 — 43.4 0.72 + 0.04 = 0.76 
75 0.402 67° 13.9 67 0.75 29.4 0.50 — 47.0 0.71 + 0.03 = 0.74 
10.0 0.430 65° 12.8 143 0.785 29.8 0.50 — 50.9 0.74 + 0.02 = 0.76 
D 2.5 0.075 0 14.4 41 0.76 41.0 0.66 49.5 0.88 + 0.88 = 1.76 
(0.5, 0.5) 5.0 0.125 — 9.2 15.8 66 0.79 37.4 0.64 54.1 0.86 + 0.91 = 1.77 
75 0.172 —16.9 14.3 52 0.80 34.1 0.645 58.8 0.83 + 0.96 = 1.79 
10.0 0.242 —24.2 22.8 39 0.82 29.1 0.66 65.1 0.82 + 1.02 = 1.84 





@ Two-lobe (150°) bearings, L/D = 4, P,’=0. 
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Horizontal Shaft Displacement, & sin 


(d) 


Fic. 8. Net P,’ versus horizontal displacement, € sin @, for shapes A,B,C, and D. (a) at P,’ = 2.5, (b) at P,’ = 5.0, (c) at P,’ = 7.5, 
(d) at P,’ = 10.0. 
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Fic. 9. Horizontal stiffness coefficient as a function of vertical 
load for shapes A,B,C and D, at AP,’ = 0. 


Particularly at light loads, the orthogonally-displaced 
cylindrical and elliptical bearings, B and D, are stiffer 
in the horizontal direction. The orthogonally-displaced 
elliptical bearing D is remarkably good in this respect. 

In Table 1 are listed additional characteristics of each 
of the four bearings at the four values of P’, pre- 
viously selected. Figure 10 illustrates the relative ver- 
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Vertical Shaft Displacement, & cos 


Fic. 10. Net P,,’ versus vertical displacement for shapes 
A,B,C and D, at zero horizontal load. 


tical stiffness of the four bearings in a vertical load 
versus vertical displacement plot. The vertical stiffness 
coefficient, a, in Table 1, is defined as 

wel gt = @ [10] 

d (€ cos @) 

Note how much more stiff the two elliptical shapes, C 
and D, are in the vertical direction. In general, orthog- 
onal displacement seems to reduce the vertical stiffness 
slightly. 

Figure 11 shows the loci of the shaft centers for the 
four shapes. The almost vertical movement for the 
orthogonally displaced shapes is noteworthy. Bearing D 
is particularly stiff both horizontally and vertically, and 
it is interesting to see whether this is achieved at the 
expense of a smaller minimum film thickness. Figure 12 
shows the minimum film thickness, (1—,), for the 
four shapes. The minimum film thickness is indeed 
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Fic. 11. Shaft center loci for bearing shapes A,B,C and D, 
compared to limits of shaft motion. 
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Vertical Component, Dimensionless Unit Load, AP’, 
Fic. 12 Minimum film thickness (1—e,) versus load (P,,’) 
for bearing shapes A,B,C and D. 
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smaller, for bearing D, particularly at the lower loads. 
At the higher loads, there is little difference. 

The oil flow results are most interesting (see Table 1). 
Vertical stiffness (comparing C to A) may be accom- 
plished by vertical displacement of the lobe centers 
with no reduction in oil flow. Horizontal stiffness (com- 
paring B to A) may be accomplished by orthogonal dis- 
placement of the lobe centers with an accompanying 
two-thirds increase in oil flow. A bearing stiffer in both 
directions (comparing D to A) may be achieved by 
combined orthogonal and vertical displacement of the 
lobe centers, with an accompanying four-thirds increase 
in oil flow. The increased oil flow for shapes B and D 
will result in lower average oil film temperatures and 
higher average oil viscosities. This higher flow is pri- 
marily the result of greatly increased flow from the 
upper lobe. 
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The power consumptions (7) may be compared using 
the power loss coefficient, j, where 


ae € sin @ 4 3 [11] 
elke 4x’°S rs 
Z= @, [12] 


and j’; is the coefficient for each lobe. At P’, = 2.5 the 
comparison is as shown below. 








€ sin @/ 
Bearing #; j's 4n2 § j q j/Q 
A 0.648 0.244 0.024 0.916 0.70 1.31 
D 0.955 0.750 0.000 1.705 1.76 0.97 





As would be expected from the loading of the upper 
lobe, the power consumption is almost doubled in chang- 
ing from Shape A to Shape D. However, since tempera- 
ture rise is proportional to the ratio of power consump- 
tion to oil flow, bearing D will run cooler as indicated 
by the lower ratio j/q in the table above. 


It is evident that a considerably stiffer bearing, both 
horizontally and vertically, can be obtained by combin- 
ing mid-radial and orthogonal displacement of the bear- 
ing lobes in a two-lobe bearing. This stiffness is ob- 
tained without a significant decrease in minimum film 
thickness. At the same time oil flow is greatly increased, 
and the temperature rise is appreciably reduced. 

One significant restriction has been introduced with 
the orthogonal displacement. The improved perform- 
ance is obtained in only a single direction of rotation. 
The effect of direction of rotation for bearing D at 
€ = 0.2 may be seen in Fig. 13. For P’, =0, normal 
rotation gives @ —-—20° and P’, = 8.2, while for re- 
verse rotation, = 90° and P’,=0.7 for the same 
eccentricity ratio. 

All the discussion to this point has been in dimension- 
less terms. As a concrete example, suppose a 4-inch 
diameter two-lobe bearing 2 inches long with a radial 
clearance of 0.0025 inch is run at 3600 rpm (60 rps) 
on light turbine oil at 120F average film temperature. 
The oil viscosity is 2.5  10~® lb force-sec/in?. At a 
Sommerfeld number of S=0.4 (P’, = 2.5, P’,=0), 
the bearing load would be 240 psi. At S=0.1 (P’) = 
10, P’, = 0) the load would be 960 psi. Thus the values 
of P’, at which displaced center bearings are particularly 
effective in increasing bearing stiffness and oil flow, and 
in decreasing operating temperature, correspond to light 
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Fic. 13. Effect of direction of rotation on P,’ versus @ and 
P,,’ versus @ curves at ¢ = 0.2, bearing D. 


to modest vertical real loads under typical application 
conditions. 

The bearing designer will, of course, wish to investi- 
gate additional values of the center-displacement ratios 
and the L/D ratio in order to optimize his designs. In a 
future paper the author intends to analyze the influence 
of orthogonal displacement on three-lobe bearings. 
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A Novel Form of Self-Acting Gas Lubricated Thrust 
Bearing* 


By AMIR NAHAVANDI! and FLETCHER OSTERLE? 


A nonpressurized parallel-surface gas lubricated thrust bearing is analyzed with the slider in 
steady spin and precession and found to develop a load capacity. The operation of this self- 
acting thrust bearing over a range of operating conditions is studied and the results applied to 
the so-called bevel bearing. The load capacity is obtained numerically by solving the Reynolds 
equation for compressible lubricant in finite difference form on a high speed digital computer. 


It is found that this load capacity can be significant. 


Introduction 


Wirs the increasing application of the gas lubricated 
bearings in industry, the study of the performance of 
these bearings is becoming a subject of general interest. 
Two types of bearings are commonly considered: (a) hydro- 
static or externally pressurized bearings; (b) hydrodynamic 
or self-acting bearings. The successful operation of the 
hydrostatic bearings depends mainly on the continuous 
supply of a high pressure gas to the clearance space of the 
bearing which limits their range of application. Many 
types of self-acting gas lubricated bearings are used in 
practice such as the tilting pad, fixed tapered land, step 
bearings, etc., which despite their relative merits may not 
fully satisfy the demand for a hydrodynamic gas lubri- 
cated bearing with a simple design and a low manufactur- 
ing and maintenance cost. There still seems to be a need 
for investigation in the development of the bearings of 
this type. 

The authors in their study of the effect of vibration on 
the load-carrying capacity of parallel surface thrust bear- 
ings with an incompressible lubricant (/) found that small 
oscillations of the slider relative to the bearing inherent 
in the dynamics of thrust bearings can develop a hydro- 
dynamic oil film and produce a significant load capacity. 
They showed that a steady precession of the slider corre- 
sponding to an amplitude of vibration of the order of the 
oil film thickness can provide the necessary self action. 

The purpose of this paper is to evaluate the self action 
developed by a nonpressurized parallel-surface gas lubri- 
cated thrust bearing as a result of steady precession of the 
slider and to apply these results to the bevel bearing 
introduced by the authors in an earlier paper (J). 





* Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 


1 Fellow Engineer, Atomic Power Department, Westinghouse 
Electric Corporation, Pittsburgh, Pennsylvania. 

2 Professor of Mechanical Engineering, Carnegie Institute of 
Technology, Schenley Park, Pittsburgh, Pennsylvania. 


Nomenciature 
6ure?(Q — 2w) 
he* po 
: : No \? 
modified bearing number, G (2) 
film thickness . 
minimum film thickness 
film thickness at center of slider 


G bearing number, 


mPrPr D 


dimensionless film thickness, . 


; 5 ie 
k radius ratio, — 
it) 


. Tor Io =. lim 
n attitude, — = ———— 
ho ho 


p gas film pressure 

Po atmospheric pressure 

p dimensionless pressure (pressure excess over ambient 
in atmospheres) 


P load capacity per unit area, . 


TT? 
r radius 
ri inside radius 
Yo outside radius 
e . ‘ ° r 
r dimensionless radius, — 
it) 
W load capacity 
_ , ; _ W 
W dimensionless load capacity, —ses 
Potro 


w angular velocity of precession 

2 angular velocity of spin 

d angle of inclination of the slider to the bearing or 
vice versa 

p gas density 

po gas density at atmospheric pressure 

p’ dimensionless gas density 

6 polar angle 

m gas viscosity 

n bevel, 2rod 
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Basic equations 


Consider a parallel-surface thrust bearing (Figs. 1, 2), 
with the slider spinning and precessing with constant 
angular velocities 2 and w, respectively. With respect toa 
polar coordinate system rotating with the precession angu- 
lar velocity, the motion is steady, i.e., zero time derivatives. 
The Reynolds equation for a compressible lubricant in 
this frame of reference assumes the following form 


9, 9P\ , 9 (eM OP’ _ 6 Wo 24) 2 
° (ori YS (ee) em ae 1h 


The viscosity has been assumed constant corresponding 
to isothermal flow. The film thickness is given by 


h = ly — rd cos 8 [2] 






ROTATING ELEMENT (SLIDER) 





STATIONARY ELEMENT ( BEARING) 
2 
Fic. 1. Parallel surface thrust bearings with a steady precession. 
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Fic. 2. Rotating frame of reference. 


In dimensionless form, Eqs. [1] and [2] can be written 


rr prH® =) + ( = ) = Gr — (pH) [3] 
and 


H = 1— nr cos@ [4] 


with G the bearing number and » confined to the range 
0 to 1. For a perfect gas lubricant uader isothermal 
conditions the pressure-density relation is given by 
ee 
P Po 


(5] 
which, in dimensionless form, is expressed 


p=1+p [6] 


The boundary conditions on Eq. [3] are that } vanishes 
when 7 is either 1 or & for all 6, and that # is a single 
valued function of @. 


Numerical solution 


In a manner similar to that employed for gas lubricated 
journal bearings (2), Eq. [3] can be expressed in finite 
difference form for the grid shown in Fig. 3 as follows 

— i ae ee i -_— ? 

ps 7a Hy —? = or tr Hb Pe : 
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be Hy? 
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where the subscripts (B, 6), (7, #), (R, r), and (ZL, /) refer 
to bottom, top, right, and left points surrounding ? as 
shown in Fig. 3. Equation [7] can be rearranged to give 
the pressure at a point on the grid in terms of the pressures 
at the four adjacent grid points. The resulting equation 
was solved by iteration on a high speed digital computer. 
The iteration was continued until four figure convergence 
on the pressure was obtained. Twenty mesh points in 
the circumferential direction were used and anywhere from 
ten to twenty mesh points in the radial direction. More 
radial mesh points were needed for the higher, bearing 
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Fic. 3. Presentation of the grid points. 
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numbers to assure stability. In some cases convergence 
was accelerated by the following device (3): the value of 
pressure after each iteration was adjusted according to 
the following equation 


Pi 6 = VA(Pi.j)m — (Pi,jm—al + (Pi, )m—t [8] 


where 7 is a constant between zero and unity called the 
convergence factor, and m is the number of iterations. 


Presentation of results 


The governing dimensionless parameters and their range 
of variation are as follows 


19.0 PSIA 











radius ratio k, 0 to 1 
attitude , 0 to 1 
bearing number G, — © to + 


The pressure distribution was calculated for all combina- 
tions of the following values of the parameters 


k = 0.25, 0.50, 0.75 
n = 0.40, 0.60, 0.80 
G = —2, —20, —100 
The pressure distribution for positive values of G can 


be obtained by reflection of the pressure distribution for 
the corresponding negative value of G on the @ = 0,7 line. 





Fic. 4a. Lines of constant gas pressure (isobars) for n = 0.4, k = 0.5, G = —100. 
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The load capacity for +G is equal to the load capacity 
for the corresponding —G. 

The lines of constant gas pressure for the following two 
typical cases are shown in Figs. 4a and b. 


Case 1: k = 0.50, n = 0.40, G = —100 
Case 2: k = 0.50, n = 0.40, G = —20 


The dimensionless load capacity was computed from the 
pressure distribution by numerical integration according to 


1 2r 
W=> > >prardo [9] 
rF=k @=0 


from which“the_load“per unit area was calculated accord- 
ing to 











127 


P= [10] 


«|% 


The curves showing the variation of P with k, n, and G 
are shown in Figs. 5a, b, and c. Standard atmospheric 
pressure was used for fp. 

The load capacity of gas lubricated bevel bearings can 
be determined from the results above. In these bearings 
the precession is accomplished either by beveling the slider 
with respect to the bearing (Fig. 6a) or the bearing with 
respect to the slider (Fig. 6b). The results presented 
above apply with w = Q for the configuration of Fig. 6a 
and w = 0 for the configuration of Fig. 6b. In both cases 
the absolute value of the bearing number is given by 


Fic. 4b. Lines of constant gas pressure (isobars) for »—0.4, k =0.5, G = —20. 








LOAD PER UNIT AREA, P (PSI) 


Fic. 5a. Load per unit area versus bearing number, for k = 0.75. 


LOAD PER UNIT AREA, P (PSI) 


Fic. 5b. Load per unit area versus bearing number, for & = 0.50. 
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Fic. 5c. Load per unit area versus bearing number, for k = 0.25. 
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Fic. 6 (a and b). Bevel bearings. 


(b) 





rh 











AMIR NAHAVANDI AND FLETCHER OSTERLE 129 


6urr?Q 
hao 
hence they both exhibit the same load capacity. 


If the minimum film thickness /,, is considered the 
controllable variable rather than Mp, the results obtained 
above must be presented in a different way. Defining a 
modified bearing number Gp as follows 


Cisas Ou re(Q ~ 2w) ~ G 
"polis? = (Ln)? 

the variation of P with k, n, and this new bearing number 

is shown in Figs. 7a, b, and c. It is seen that maximum 


load capacity is obtained with an value in the vicinity 
of 0.5. 


|G|= 





(11] 





[12] 


Numerical example 


The following example gives the operating character- 
istics of an air lubricated bevel bearing at two different 
speeds: 


air viscosity, » (centipoise) 0.018 
outside radius, 7» (inch) 3 
inside radius, r; (inch) 0.75 
attitude, x 0.60 
minimum film thickness, 4», (inch) 0.0002 
bevel, » (inch) 0.0006 
slider rpm 1000, 25,000 
bearing number, G 4, 100 
load per unit area, P (psi) 0.19, 3.0 
bearing load, W (Ib) 5.4, 85 


LOAD PER UNIT AREA, P (PSI) 





Yee Ber ee os 8 | 
ATTITUDE, n (DIMENSIONLESS) 


Fic. 7a. Load per unit area versus modified bearing number, 
for k = 0.75. 


Conclusion 


A nonpressurized parallel-surface gas lubricated thrust 
bearing with the slider spinning and precessing constitutes 
a self-acting bearing. The precession can be accomplished 
conveniently by beveling either the slider or the bearing 
surface. The load capacity of this bearing can be com- 
puted from Figs. 5a, b, c or from Figs. 7a, b, c. 
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DISCUSSION 


B. STERNLICHT (General Electric Co., Schenectady, New 
York): 


The authors should be complimented for their contribu- 
tion to the gas bearing literature. It is important to point 
out that the analysis can be considerably simplified when 
one recognizes that Equation [1] is of such a form that 
it can be solved for pure angular velocity of spin Q and 
then the results can be transformed directly to the cases 
in which precession is included. The dimensional forces 
with precession can be obtained without further integra- 
tion by replacing 2 by (Q - 2m). 

This conclusion was discussed in more detail in refer- 
ences (A1) and (A2). In fact published results are al- 
ready available for the spinning cases which can be 
directly transformed to include precession. 

The above observation leads to two additional conclu- 
sions. (i) No increase in load carrying capacity exists 
when the precession frequency equals the spin frequency. 
(ii) When the precession frequency is one-half the spin 
frequency, the hydrodynamic load carrying capacity is 
zero. 

Three further comments may be in order and the 
authors’ views on these would be most welcome: 

(a) The “Bevel” bearing produces moments which can 
excite conical whirl of the rotating system. In the 
case of tapered slider the pressure field is rotating 
and because of compressibility there is a phase 
relationship between the forces and moments gen- 
erated in the thrust and journal bearings. Dy- 
namic analyses are necessary in order to determine 
whether the system is stable. Have the authors 
considered this? 

(6) An increase in load carrying capacity is possible 
by venting the negative pressure region to the 
ambient pressure. When the slider is tapered the 
vent should be located in the slider; on the other 
hand, when the bearing is tapered the vent should 
be in the bearing. Have the authors analyzed this 
type of configuration? 

(c) Have the authors considered the effect of time on 
the pressure buildup and decay? 
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AuTHoRS’ CLOSURE: 


The authors wish to thank the discussor for his inter- 
esting comments and stimulating questions. The sim- 
plification suggested by Mr. Sternlicht to solve the prob- 
lem for pure angular velocity of spin Q and to transform 
the results to include the precession has been implicitly 
considered by the authors, in view of the fact that the 
introduction of the bearing number G eliminates the 
angular velocity terms from the differential equation 
altogether. The authors, however, wish to point out that 
they do not agree with the discussor’s view that published 
results are available for the spinning cases which can be 
directly transformed to include precession. The refer- 
ences indicated by the discussor are concerned with the 
study of the gas lubricated journal bearings whose gov- 
erning differential equation are completely different from 
that of the thrust bearing studied by the authors. 

Mr. Sternlicht is quite right in observing that the 
hydrodynamic load capacity drops to zero when the pre- 
cession frequency is one half the spin frequency. But 
the rate of increase in load capacity is a function of 
bearing number G and tends to zero only for high values 
of G. 

To study the dynamic stability of this type of bear- 
ing, the differential equations of the motion of the slider 
must be solved simultaneously with Reynolds Equation. 
The authors have not examined this analysis in full detail 
but they have shown that if the design characteristics of 
the slider, such as geometry, angular velocity of spin, 
moments of inertia, initial conditions of operation, etc., 
are properly selected a steady or pseudosteady precession 
of the slider is compatible with the hydrodynamic forces 
acting on the slider. (See Nahavandi, A. N., “A Novel 
Form of Self-Acting Thrust Bearing.” Doctoral Disserta- 
tion, Carnegie Institute of Technology, Pittsburgh, Penn- 
sylvania, 1960.) 

The configurations suggested by the discussor in (5) 
and the time effect on the pressure buildup and decay 
were not studied by the authors. 
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A Numerical Solution for the Gas Lubricated Full 
Journal Bearing of Finite Length* 


By A. A. RAIMONDI? 


Numerical solutions of Reynolds’ equation pertaining to the finite length journal bearing with a 
constant unidirectional load and lubricated with a compressible fluid are given. Results are tabu- 
lated for the constant viscosity, isothermal case for L/D values of 2, 1, and % and design charts 
applicable over the full range of the compressibility number (1 = uwUR/C2 p,) are presented for 
eccentricity ratios ranging from 0.1 to 0.8. Differences between gas and liquid lubricated bearings 
are mentioned and the numerical techniques employed discussed. Use of the design charts is illus- 
trated, and the numerical results are compared with an existing approximate analytical solution 
and some test results available in the literature. 


Introduction 


In 1904 Sommerfeld (1) published his classical analyti- 
cal solution for the full journal bearing of infinite length. 
Harrison (2), in 1913, solved the same case independ- 
ently. The restriction of infinite length was removed by 
Raimondi and Boyd (3, 4) and Jakobsson and Floberg 
(5) who presented solutions for bearings of finite length 
by using numerical methods coupled with digital com- 
puters, followed by Hays (6). Recently, Fedor (7) has 
worked out an analytical solution. While these solutions 
are restricted by the assumption of incompressibility of 
the lubricant, they are a limiting case of the more gen- 
eral problem of bearings lubricated with compressible 
fluids and, hence, are of interest in gas bearing tech- 
nology. As a matter of fact, the Sommerfeld solution 
can be considered to have been revived with the advent 
of gas lubricated bearings, having fallen into disregard 
because of its inability to cope with the rupture of the 
film which usually occurs with incompressible lubricants. 
This phenomenon of film rupture is nonexistent with 
compressible lubricants. 

While the above Sommerfeld solutions (speaking ge- 
nerically) can be used as a first approximation for the 
design of gas lubricated bearings, the operating condi- 
tions presently being imposed on gas bearings have ne- 
cessitated a more thorough investigation of the effects of 
compressibility of the lubricant. Thus many workers 
have been active in this field. Harrison (2) in 1913 
was the first to show the effect of lubricant elasticity in 
attempting to interpret the test results of Kingsbury 
(8). His work on the infinite journal bearing was im- 





* Presented as an American Society of Lubrication Engineers 
paper :t the Lubrication Conference held in Boston, Massachu- 
setts, October 17-19, 1960. 

1 Research Engineer, Mechanics Dept., Westinghouse Research 
Labs., Churchill Borough, Pittsburgh 35, Pennsylvania. 
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proved upon by Katta and Soda (9) who gave an ap- 
proximate analytical solution in 1952. Ausman (10) in 
1957 published a perturbation solution good for small 
motions of the journal and extended this to include finite 
bearings (11). Recently, Elrod and Burgdorfer (12) 
presented a solution for the infinite bearing which is 
good for the full range of journal movement. Michael 
(13), Brody (14), and Gross (15) have given numerical 
solutions for plain slider bearings of finite width using 
digital computers, while Sternlicht et al. (16, 17) em- 
ploying similar techniques, give some solutions for the 
full journal bearing of finite width, applicable for small 
values of the compressibility number. 

However, as extensive solutions for the full journal 
bearing are desirable but not presently available, this 
paper seeks to fill this gap. Such information is of value 
not only for design purposes but also to check approxi- 
mate analytical theories. Solutions have been obtained 
using numerical techniques in conjunction with digital 
computers and are given for full journal bearings with 
length-to-diameter (L/D) ratios of 2, 1, and % and for 
compressibility numbers ranging from zero (incompressi- 
ble) to infinity. These data, together with the results of 
Elrod and Burgdorfer (12) for the infinite journal bear- 
ing (L/D = «), thus encompass the bearing sizes most 
commonly used. The data is presented in chart form so 
that it can be easily applied by designers. Salient differ- 
ences between compressible and incompressible theories 
are noted and comparison with an analytical solution 
and test results of other workers is made. The problem 
of bearing instability such as half-speed whirl, etc., 
commonly experienced with gas lubricants is not taken 
up as it is beyond the intended scope of the present 
paper. It is the primary intent to give machine designers 
a working knowledge of the effect of compressibility of 
the lubricant on bearing performance and to present de- 
sign data in such form that it can be readily applied. 
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Nomenclature 


The following nomenclature is used. Some of the 
terms are illustrated in Fig. 1. 


For text: 

W = load, lb 

R == journal radius, inches 

IL = axial length of bearing, inches 

D = journal diameter, inches 

P =} load per unit projected bearing area = 
W/2RL, psi 

N =} speed, rps 

U = = journal peripheral speed, inch/sec 

F = friction force on journal, lb 

H =} power loss, hp 

S = radial clearance, inches 

e = journal displacement or eccentricity, inches 

€ = e/C = eccentricity ratio, dimensionless 

h, = C(i—e) = minimum film thickness, 
inches 

> = position of min. film thickness, or attitude 
angle; deg 

Ty = absolute viscosity (in reyns), lb sec/in? 

Pa = ambient pressure, psia 

?’ =} film pressure, psia 

? = p’ — pa = pressure rise above ambient, psi 

?’max == maximum film pressure, psia 

?’min = minimum film pressure, psia 

max — Position of p’max, as measured from line of 
centers; deg 

95min = Position of p’min, aS measured from line of 
centers; deg 

S = (R/C)? wp N/P = bearing characteristic 
number, or Sommerfeld number; di- 
mensionless 

h = dn (R/C)? p N/p.p =p U R/C? & = 
compressibility number; dimensionless 

k = polytropic gas constant = 1 for isothermal 
process, ratio of specific heats for adi- 
abatic process; dimensionless 

Y = density of lubricant, lb/in* 

For appendix: 

x, 2 == coordinates, inches 

0 = x/R = angular coordinate, rad 

=, = dimensionless coordinates corresponding to 
x, z 

B = angular extent of bearing arc, rad 

B = Rf = developed length of bearing in di- 
rection of motion, inches 

h = film thickness at 6, inches 

n = number of mesh intervals in x direction, 
dimensionless 

m = number of mesh intervals in z direction, 
dimensionless 

Ya = density of lubricant at ambient pressure, 
Ib/in® 

W, = vertical component of W, lb 


Wx = horizontal component of W, lb 
o = convergence criterion, dimensionless 
Analysis 


The governing equation is Reynolds’ equation for the 
pressure distribution in a bearing with a unidirectional 
steady load (Fig. 1) lubricated with a compressible fluid 
(see Eq. [1], Appendix). As no analytical solution valid 





LINE OF 
CENTERS 


Fic. 1. Nomenclature. 


over the full range of gas bearing design parameters pres- 
ently exists, the equation was solved numerically by ap- 
plying digital computer techniques. The details of this 
approach are elaborated upon in the Appendix. The 
main assumptions should be mentioned here and con- 
sist of 


(a) assuming that the viscosity of the lubricant 
(gas) is constant, 

(b) assuming that the gas behaves in accordance 
with the perfect gas laws and that the gas is 
compressed polytropically, ie., p(y~!)* = 
constant, and 

(c) assuming that no journal misalignment exists. 


Solutions were obtained for the case of the full journal 
bearing and k = 1 (i.e., isothermal conditions prevail in 
the lubricant film), although the approach given in the 
Appendix is valid for partial bearings and other values 
of & as well. Experimental evidence (16, 18, 19) is pre- 
dominantly in favor of an isothermal process over that of 
an adiabatic one. 


Results 
INDEX OF COMPRESSIBILITY EFFECTS, A 


In previous work (3, 4) data for the design and anal- 
ysis of full and partial journal bearings was presented. 
The treatment was based upon the assumption that the 
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lubricant was incompressible and applies mainly to bear- 

ings lubricated with liquids. The solution of the govern- 

ing equation for the compressible case differs from that 

previously obtained (3, 4) for the incompressible case 

in that the results are a function of an additional di- 

mensionless design parameter called the compressibility 
number A, where 

2 
=» (Ey 
Ce & 


pa being the ambient pressure. The compressibility num- 
ber can be regarded as the index which reflects the elas- 
ticity of the lubricant, 4 = 0 corresponding to an incom- 
pressible (inelastic) fluid, and 4 = oo corresponding to 
an extremely elastic (compressible) fluid. 





[1]? 


TYPICAL PRESSURE DISTRIBUTIONS 


Figure 2, drawn from L/D = 1 and ¢ = 0.4, shows 
the typical effect of the compressibility number / on the 
pressure distribution. The pressures shown are those 
along the midplane of the bearing. Figure 2a is plotted 
in terms of the pressure rise above ambient p = 
(p’ — pa), while Fig. 2b is plotted in terms of the abso- 
lute film pressure p’. The ordinates of the two plots 
are related through A by the expression 

, 
PF = (141- p C2/uR) 
Pa 
In Fig. 2a the pressure distribution for the incompressi- 
ble bearing (A = 0) can be shown while that for A = oo 
cannot, and in Fig. 2b the situation is reversed. Figure 2 
shows that as A varies from 0 to o, the pressure distribu- 
tion gradually changes from one of perfect asymmetry 
with respect to 6 = x to one of perfect symmetry. As it 
is shown that increasing A changes radically the pressure 
distribution, it is to be expected that the bearing per- 





2 The reader should be cautioned that the compressibility num- 
ber as defined herein equals wUR/C2p,, while it is most preva- 
lent in the literature as 64UR/C2p,, i.e., 6 times the present A. 





133 


ae 


Pressure Rise Variable , pc4/nUR (dimensionless) 
S 








(dimensionless) 


aia 


‘ 


Pressure Ratio, 








Fic. 2. Effect of compressibility on pressure distribution 
(L/D = 1," =044). 


formance characteristics (load capacity, friction, attitude 
angle, etc.) which are related to the film pressures, will 
differ appreciably at the higher values of A from those 
of the incompressible bearing solution. 

The pressure distribution over the developed bearing 
surface for the same bearing (L/D = 1, ¢ = 0.4) but 
having A = 1 is shown typically by Fig. 3. 
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Fic. 3. Pressure distribution over developed bearing surface (L/D = 1,2 = 04,4 = 1). 
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The effect of changing eccentricity ratio &¢ on the 
pressure distribution is shown by the polar plots in 
Fig. 4. As € increases, the negative pressures (suction) 
shrink both in magnitude (with respect to the positive 
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pressure) and in circumferential extent. This is quite 
different from the incompressible case where the nega- 
tive pressures are equal in magnitude to the posi- 
tive pressures (for example, see Figs. 2a, 4c, A = 0) and 
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Fic. 4. Effect of eccentricity ratio on midplane pressure distribution (L/D = 1, } = 1). 
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occupy one-half the bearing circumference for all values 
of €. 

Figure 4a suggests an explanation for the success en- 
countered by various experimenters (18), (20) in pre- 
venting or mitigating self-excited journal vibrations by 
drilling a hole or grooving the top (unloaded) part of 
the bearing to communicate with the external ambient 
pressure. This technique helps to reduce the suction 
forces (dotted portion of curve) to zero with the con- 
comitant effect of shifting the film reaction force (equal 
and opposite to the arrow) closer to the line of centers 
(which is assumed to stay fixed in the figure) thus im- 
proving the stability. It is also evident, then, from 
Figs. 4d and e, that this technique will be ineffectual 
for bearings operating at high eccentricity ratios. How- 
ever, instability is thought to be most commonly associ- 
ated with lightly loaded (small values of ¢) bearings. 


DATA AND DESIGN CHARTS 
Tables 


The results of the calculations are tabulated in Tables 
2, 3, and 4 for L/D = 2, 1, and ¥, respectively, and 
presented in design chart form in Figs. 5 through 7. 
Table 1 for L/D = o is incomplete and is taken from 
reference (12) with some additions by the author. The 
data embrace a wide span of L/D values so that the 
designer can interpolate or cross plot for other L/D 
ratios in the range 


1 
G .... € 3. 
S L/D  S 


Most practical bearings will fall in this range. 


Load Capacity 


Figure 5 shows the influence of the compressibility 
number on the ratio of the unit load P to the ambient 
pressure , for various values of the eccentricity ratio ¢ 
and the bearing L/D ratio. While Fig. 5 is perhaps the 
most convenient form for presenting design data for the 
load capacity of gas bearings it has a minor disadvantage 
in that the relationship to the load capacity as given by 
the incompressible lubricant theory is not readily appar- 
ent. When 40 (incompressible theory), the ratio 
P/p_ goes over to zero. However, this does not mean 
that P for the incompressible bearing is zero, but that 
the ambient pressure ?, is infinite, as must be the case 
for 4 to be zero. The relationship between the two 
theories can be illustrated by either of two graphs, Fig. 
9a or Fig. 9b. 

Figure 9a makes use of the present type of plot, it 
being necessary only to draw a line whose slope is 1/2xS 
(see footnote 3) to show the discrepancy arising from 
calculating the load on the basis that the lubricant is 
incompressible. It is evident that at very small values of 
i the two calculations will yield essentially the same 





3 Where S is the value corresponding to A= 0 for the chosen 
value of ¢. These values are given in Tables 1-4 and also can 
be found from the design charts given in refs. (3, 4). 








TABLE 1 
Theoretical Performance Characteristics for Full Journal Bearing, 
L/D = «a 
id FC 
€ ry Pa cy 2npURL S 
0.2 0 0 90 1.0806 0.08438 
0.1604 0.2207 45.75 1.0518 0.1157 
0.3298 0.2914 26.93 1.0331 0.1801 
0.6687 0.3214 14.03 1.0242 0.3311 
1.343 0.3302 7.13 1.0214 0.6473 
oo 0.3335 0 1.0206 -) 
0.4 0 0 90 1.3335 0.04179 
0.1368 0.4156 47.97 1.2346 0.05238 
0.3098 0.6367 28.10 1.1528 0.07744 
0.6627 0.7534 14.38 1.1090 0.1400 
1.3517 0.7869 7.16 1.0956 0.2734 
o 0.7966 0 1.0911 co 
0.6 0] 0 90 1.8220 0.02657 
0.0903 0.4518 52.78 1.6536 0.03180 
0.2433 0.9967 30.73 1.4501 0.03885 
0.6072 1.440 15.10 1.3090 0.06711 
1.2968 1.581 7.31 1.2648 0.1305 
(oa) 1.6349 0 1.2500 a) 
0.8 0 0 90 2.8788 0.01672 
0.0342 0.3039 54.53 2.6722 0.01791 
0.1058 0.9537 35.05 2.3268 0.01765 
0.3965 2.447 17.23 1.8987 0.02578 
1.0427 3.379 7.66 1.7220 0.04911 
4) 3.6652 0 1.6667 (oe) 
0.9 0 0 90 4.2782 0.01149 
0.0119 0.1708 52.88 4.0505 0.01108 
0.0370 0.5933 32.49 3.6303 0.00992 
0.1695 2.298 19.80 2.9412 0.01173 
0.7077 5.461 8.27 2.4733 0.02062 
ne) 6.7234 0 2.2942 (oa) 





@ Data from reference (12). 


results; at large values of A, the discrepancy is hardly 
negligible. 

Figure 9b, on the other hand, presents load capacity 
data in the same manner as used in previous reports 
(3, 4) dealing with incompressible fluids. In contrast to 
Fig. 5, the effect of accounting for compressibility is 
immediately obvious. Once again it can be seen that 
no appreciable discrepancy exists between the two 
theories as long as A is small. 

An important effect also observed by others can be 
noted from Fig. 5 and Fig. 9a, namely, that the unit 
load P which can be supported by a gas bearing cannot 
be increased indefinitely by raising the speed (i.e., in- 
creasing () as a plateau is soon reached; this is in contra- 
distinction to the liquid bearing whose load capacity is 
directly proportional in theory to the speed for a given 
value of the eccentricity ratio ¢ [straight line on Fig. 
9a]. 


Friction 
Figure 6 readily shows the effect of 4 on the friction 
force variable, a dimensionless parameter from which the 
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Fic. 5. Design charts for load capacity. 
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Fic. 6. Design charts for friction. 
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power loss can be calculated.* The friction force variable 
FC/2xpURL represents the ratio of the actual friction 
force F in the lubricant film to the friction force 
(= 2xmuURL/C) that is calculated by assuming that 
the journal is concentric within the bearing (i.e., 
€ = 0). The discrepancy between the incompressible 
theory (A = 0) and the present theory which accounts 
for compressibility is readily evident from this type of 
plot (Fig. 6) by comparing the actual value of the fric- 
tion force variable with the value at A = 0 for a fixed 
eccentricity ratio ¢«. Since the curves tend to be flat, it 
can be seen that there would be no appreciable differ- 
ence in the calculated friction unless the bearing had a 
high L/D ratio in combination with a high eccentricity 





4 The method of plotting is similar to that employed in ref. 
(12). 


ratio. Figure 6 shows that for a given ¢, the incompressi- 
ble fluid theory always yields higher values of friction 
than the compressible fluid theory. 


Attitude Angle and Journal Locus Diagrams 


Figure 7 shows the effect of the compressibility num- 
ber on the position of the journal as measured by the 
attitude angle ¢. It can be seen that considerable differ- 
ence exists between the incompressible fluid theory 
(A = 0) and the compressible fluid theory, even for very 
small values of the compressibility number. The incom- 
pressible fluid theory predicts a constant value of the 
attitude angle (¢ = 90°) for all values of ¢ while the 
compressible theory shows a marked dependence of 
¢ on €. 

Figure 8 gives the journal locus diagrams, or attitude— 


TABLE 2 
Theoretical Performance Characteristics for Full Journal Bearing, L/D = 2 














P FC P' max P’ min 

e a bg d 2nyURL S nxm Pg — Pa i 
0.1 0 0 90 1.013 0.324 20 X 16 (0.446)@ 99.34 (—.446)¢ 260.66 
0.04 0.0194 81.79 1.013 0.328 20 X 16 1.0181 107.64 0.9828 269.92 
0.1 0.0462 70.01 1.012 0.345 20 X 16 1.0442 119.82 0.9605 283.14 
0.2 0.0794 54.34 1.010 0.401 20 X 16 1.0782 135.36 0.9356 301.88 
0.5 0.120 30.54 1.007 0.662 20 X 16 1.1182 158.70 0.9122 332.90 
1.0 0.136 18.15 1.006 1.17 20 X 16 1.1242 171.14 0.9110 349.31 

i) 0.1594 0 1.0050 bd —_— 1.1194 180 0.9159 360 
0.2 0 0 90 1.052 0.160 20 X 16 (0.927) 107.73 (—.927) 252.27 
0.04 0.0393 81.28 1.052 0.162 20 X 16 1.0383 117.19 0.9651 260.88 
0.1 0.0933 68.98 1.048 0.170 20 X 16 1.0958 128.11 0.9235 275.51 
0.2 0.161 53.22 1.041 0.198 20 X 16 1.1743 141.85 0.8817 295.54 
0.5 0.248 29.94 1.028 0.321 20 X 16 1.2755 161.27 0.8480 329.69 
1.0 0.283 17.74 1.023 0.562 20 X 16 1.2963 171.79 0.8485 348.06 

oo 0.3335 0 1.0206 0o — 1.2870 180 0.8580 360 
0.4 0 0 90 1.226 0.0754 20 X 16 (2.16) 124.03 (—2.16) 235.97 
0.04 0.0831 78.80 1.221 0.0766 20 X 16 1.0930 134.78 0.9248 246.38 
0.1 0.197 64.47 1.204 0.0809 20 X 16 1.2422 144.06 0.8523 262.54 
0.2 0.343 48.63 1.173 0.0929 20 X 16 1.4514 154.61 0.7980 285.59 
0.5 0.561 27.47 1.124 0.142 20 X 16 1.7630 165.92 0.7689 322.69 
1.0 0.664 16.10 1.103 0.240 20 X 16 1.8700 173.12 0.7773 344.58 

oo 0.7966 0 1.0911 ('-) — 1.8925 180 0.8111 360 
0.6 oe i) 90 1.591 0.0446 30 X 16 (4.47) 140.25 (—4.47) 219.75 
0.04 0.141 71.94 1.571 0.0450 30 X 16 1.2074 151.40 0.8643 233.75 
0.1 0.335 54.58 1.510 0.0476 30 X 16 1.5263 159.42 0.7783 253.99 
0.2 0.595 39.99 1.432 0.0535 30 X 16 1.9601 165.16 0.7354 277.06 
0.5 1.04 22.92 1.328 0.0762 30 X 16 2.6874 171.06 0.7288 314.53 
1.0 1.30 13.43 1.279 0.122 30 X 16 3.0492 175.06 0.7494 339.32 

oo 1.6349 0 1.2500 (o's) — 3.1225 180 0.7806 360 
0.8 0 0 90 2.479 0.0249 40 X 20 (12.2) 154.90 (—12.2) 205.10 
0.01 0.0641 76.56 2.460 0.0248 40 X 20 1.1390 159.82 0.8975 210.57 
0.04 0.266 52.48 2.339 0.0239 40 X 20 1.6086 167.34 0.7652 227.18 
0.1 0.645 36.37 2.154 0.0247 40 X 20 2.3988 171.04 0.7046 247.71 
0.2 1.16 26.60 1.996 0.0275 40 X 20 3.4057 173.23 0.6843 270.29 
0.5 2.14 15.94 1.816 0.0372 40 X 20 5.3128 175.72 0.7014 306.72 
1.0 2.82 9.37 1.725 0.0565 40 X 20 6.5753 177.35 0.7473 334.53 

0 3.6652 0 1.6667 ioe) — 7.0000 180 0.7778 360 





® p’/p, = 1; numbers in brackets give pC2/pUR. 
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eccentricity locus curves, as they are often called. Study 
of the journal paths shows that as the L/D ratio is 
decreased, there is an increasing tendency to the incom- 
pressible case which is the horizontal line A = 0. How- 
ever, even for slight compressibility (say, 4 — 0.01), 
there is a noticeable difference between the two paths. 

On the basis of the journal locus curves, a gas bearing 
would appear to be considerably more stable than its 
liquid counterpart, particularly at high values of 1. How- 
ever, this does not appear to be the case practically, the 
reason generally propounded being that gases are con- 
siderably less viscous than fluids and, hence, cannot 
exert much damping. 


Other 

The data in Tables 2, 3, and 4 permit calculation of 
the maximum and minimum film pressures and their 
respective positions in the bearing. Lack of space pre- 
cludes their inclusion in design chart form. 

The viscosity-temperature dependence of a number of 
potential gas lubricants is given in Fig. 10 in a form 
readily applicable in conjunction with the design charts. 


Use of design charts 

The use of the design charts can be illustrated by a 
typical problem. Given the following data [which cor- 
responds to a test condition of Cole and Kerr (19)], 


TABLE 3 
Theoretical Performance Characteristics of Full Journal Bearing, L/D = 1 














P FC ?' max P’ min 

€ a Pa > 2nnURL S nxm Pa ‘i... Pa 9omnin 
0.1 0 () 90 1.009 0.704 20 X 16 (.215)¢ 101.30 (—.215)¢@ 258.70 
0.04 0.00902 86.09 1.008 0.705 20 X 16 1.0087 105.13 0.9915 262.84 
0.1 0.0223 80.33 1.008 0.713 20 X 16 1.0217 110.89 0.9793 269.33 
0.2 0.0429 70.92 1.008 0.742 20 X 16 1.0427 120.19 0.9613 279.58 
0.5 0.0862 49.69 1.007 0.923 20 X 16 1.0893 139.85 0.9273 305.34 
1.0 0.116 31.47 1.006 1.38 20 X 16 1.1216 157.10 0.9086 328.97 
2 0.131 18.68 1.005 2.43 20 X 16 1.1329 170.64 0.9042 347.85 

ra 0.1594 0 1.0050 © st 1.1194 180 0.9159 360 
0.2 0 0 90 1.035 0.342 20 X 16 (.459) 111.30 (—.459) 248.70 
0.04 0.0186 85.62 1.035 0.343 20 X 16 1.0187 116.20 0.9820 253.23 
0.1 0.0457 79.33 1.035 0.348 20 X 16 1.0475 121.71 0.9572 259.45 
0.2 0.0875 69.32 1.034 0.364 20 X 16 1.0943 130.34 0.9229 271.60 
0.5 0.176 47.93 1.029 0.453 20 X 16 1.2023 147.14 0.8670 299.14 
1.0 0.238 30.33 1.024 0.668 20 X 16 1.2834 161.00 0.8408 325.34 
2 0.273 17.95 1.022 1.17 20 X 16 1.3158 172.05 0.8364 346.20 

0 0.3335 0 1.0206 00 —_ 1.2870 180 0.8580 360 
0.4 0 0 90 1.157 0.153 20 X 16 (1.19) 128.22 (—1.19) 231.78 
0.04 0.0413 83.53 1.156 0.154 20 X 16 1.0496 134.83 0.9551 236.56 
0.1 0.101 74.43 1.153 0.157 20 X 16 1.1303 140.47 0.9020 250.85 
0.2 0.192 62.19 1.145 0.166 20 X 16 1.2594 148.37 0.8398 259.70 
0.5 0.386 41.11 1.123 0.206 20 X 16 1.5566 159.92 0.7746 291.33 
1.0 0.545 26.01 1.106 0.292 20 X 16 1.7974 167.83 0.7572 319.11 
2 0.643 15.32 1.096 0.495 20 X 16 1.9216 174.46 0.7600 342.56 

2 0.7966 () 1.0911 00 — 1.8925 180 0.8111 360 
0.6 0 0 90 1.435 0.0823 30 X 16 (2.89) 142.89 (—2.89) 217.11 
0.04 0.0770 76.92 1.429 0.0827 30 X 16 1.1287 150.95 0.9027 225.96 
0.1 0.188 62.09 1.409 0.0844 30 X 16 1.3337 157.46 0.8179 238.99 
0.2 0.355 47.96 1.376 0.0896 30 X 16 1.6409 163.60 0.7575 255.53 
0.5 0.720 30.50 1.320 0.110 30 X 16 2.2778 169.50 0.7200 286.86 
1.0 1.047 19.55 1.283 0.152 30 X 16 2.8264 173.48 0.7195 314.31 
2 1.280 11.58 1.262 0.249 30 X 16 3.1696 176.63 0.7324 338.70 

(oa) 1.6349 0 1.2500 oa) —_ 3.1225 180 0.7806 360 
0.8 0 0 90 2.178 0.0396 40 x 20 (9.74) 156.50 (—9.74) 203.50 
0.01 0.0404 77.77 2.170 0.0393 40 X 20 1.1094 160.33 0.9146 208.49 
0.04 0.171 54.01 2.106 0.0373 40 X 20 1.4784 167.11 0.7856 220.46 
0.1 0.428 37.36 1.997 0.0372 40 x 20 2.1959 170.99 0.7197 237.68 
0.2 0.783 27.87 1.900 0.0407 40 X 20 2.8818 173.38 0.6934 254.83 
0.5 1.555 17.94 1.789 0.0512 40 X 20 4.4852 175.85 0.6960 284.16 
1.0 2.276 11.90 1.726 0.0699 40 X 32 5.9270 177.24 0.7106 310.17 
2 2.835 7.14 1.689 0.112 30 X 16 7.0650 178.65 0.7348 335.22 

(oa) 3.6652 0 1.6667 (oa) — 7.0000 180 0.7778 360 





@ ’/p, = 1; numbers in brackets give pC2/pUR. 
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calculate the eccentricity ratio ©, the minimum film 
thickness h,, the power loss H, and the attitude angle ¢: 
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Using the above data, the compressibility number A is 
calculated to be 

















L=D=1 R\* uN 
N = 880 ( = 52,800 rpm) A= 2x (=) = 0.705 
C = 06 X 10-3 Pa 
P = 12.9 and the load ratio 
bo = 14.7 P = 0877 
u = 2.7 X 10-°® (Air at 80F, Fig. 10) * 
TABLE 4 
Theoretical Performance Characteristics for Full Journal Bearing, L/D = 1/2 
r FC ?’ max P' min 
€ A Pa $ 2xpURL S nxm Pa Opmax Pa Ppmnin 
0.1 0 0 90 1.006 2.21 20 X 16 (.0700) @ 103.73 (—.0700) @ 256.27 
0.04 0.00288 88.74 1.006 2.21 20 X 16 1.0028 105.01 0.9972 257.67 
0.1 0.00719 86.85 1.006 2.21 20 X 16 1.0070 106.96 0.9930 259.44 
0.2 0.0143 83.71 1.006 2.22 20 X 16 1.0141 109.91 0.9863 262.87 
0.5 0.0348 74.37 1.006 2.29 20 x 16 1.0348 118.85 0.9674 273.72 
1.0 0.0634 61.02 1.006 2.51 20 X 16 1.0649 130.35 0.9430 290.05 
2 0.0974 42.80 1.006 3.27 20 x 16 1.1031 146.25 0.9179 329.94 
4 0.122 25.82 1.005 5.24 20 X 16 1.1300 162.61 0.9040 335.54 
oo 0.1594 0 1.0050 oo — 1.1194 180 0.9159 360 
0.2 0 0 90 1.025 1.06 20 X 16 (.154) 115.95 (—.154) 244.05 
0.04 0.00599 88.54 1.025 1.06 20 X 16 1.0062 117.58 0.9939 245.71 
0.1 0.0149 86.37 1.025 1.06 20 X 16 1.0157 119.44 0.9848 248.37 
0.2 0.0297 82.78 1.025 1.07 20 X 16 1.0315 122.42 0.9702 252.39 
0.5 0.0717 72.45 1.025 1.11 20 X 16 1.0780 131.10 0.9324 264.36 
1.0 0.129 58.62 1.024 1.23 20 X 16 1.1464 141.10 0.8895 282.55 
2 0.199 40.81 1.023 1.59 20 X 16 1.2374 153.91 0.8514 307.67 
4 0.252 24.62 1.021 2.53 20 X 16 1.3057 165.78 0.8336 332.31 
oo 0.3335 0 1.0206 oo _ 1.2870 180 0.8580 360 
0.4 0 0 90 1.114 0.452 20 X 16 (.447) 133.61 (—.447) 226.39 
0.04 0.0141 87.48 1.113 0.453 20 x 16 1.0185 136.51 0.9824 229.18 
0.1 0.0350 83.73 1.113 0.454 20 X 16 1.0470 138.26 0.9572 233.03 
0.2 0.0693 77.82 1.113 0.459 20 X 16 1.0951 141.94 0.9195 238.41 
0.5 0.163 63.63 1.110 0.488 20 X 16 1.2318 151.16 0.8432 254.91 
1.0 0.288 48.78 1.105 0.553 20 X 16 1.4243 158.31 0.7869 275.14 
2 0.449 33.32 1.099 0.708 20 X 16 1.6722 165.31 0.7574 301.27 
4 0.587 20.24 1.094 1.08 20 X 16 1.8800 172.28 0.7500 327.61 
ro) 0.7966 0 1.0911 ee) fas 1.8925 180 0.8111 360 
0.6 0 0 90 1.319 0.219 30 X 16 (1.31) 146.28 (—1.31) 213.72 
0.04 0.0290 83.41 1.319 0.219 30 X 16 1.0554 150.54 0.9505 217.74 
0.1 0.0721 74.44 1.316 0.221 30 X 16 1.1427 154.24 0.8914 223.41 
0.2 0.141 63.16 1.310 0.225 30 X 16 1.2835 159.23 0.8228 232.73 
0.5 0.325 45.53 1.294 0.244 30 X 16 1.6416 165.86 0.7440 253.56 
1.0 0.560 33.29 1.279 0.284 40 X 16 2.0578 170.12 0.7124 273.94 
2 0.873 22.72 1.266 0.365 30 X 16 2.5960 173.60 0.7074 298.95 
4 1.163 14.07 1.257 0.548 30 X 16 3.0688 176.32 0.7168 324.42 
20 1.6349 0 1.2500 ro) a: 3.1225 180 0.7806 360 
0.8 0 0 90 1.900 0.0870 40 X 20 (5.97) 158.32 (—5.97) 201.68 
0.01 0.0184 81.51 1.898 0.0865 40 x 20 1.0135 160.22 0.9459 204.64 
0.04 0.0768 61.56 1.882 0.0828 40 X 20 1.2676 165.62 0.8373 211.85 
0.1 0.201 43.46 1.842 0.0793 40 X 20 1.6491 169.82 0.7498 224.28 
0.2 0.391 32.60 1.801 0.0813 40 X 20 2.1413 172.54 0.6850 236.33 
0.5 0.834 22.36 1.747 0.0954 40 X 20 3.1515 175.49 0.6832 256.44 
1.0 1.342 16.60 1.715 0.118 40 X 20 4.2349 176.94 0.6865 275.83 
2 1.991 11.74 1.692 0.160 40 X 32 5.5470 178.00 0.6968 298.50 
4 2.602 7.45 1.677 0.245 40 X 20 7.5664 178.85 0.7214 322.66 
(oe) 3.6652 0 1.6667 0 — 7.0000 180 0.7778 360 





@ p'/p, = 1; numbers in brackets give pC2/wUR. 














Solution for the Gas Lubricated Full Journal Bearing of Finite Length 











| 











Fic. 8. Journal locus diagrams. 
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Entering Fig. 5(c) with these two quantities pinpoints given quantities gives 
an eccentricity ratio ¢ of 


manner 

















F = 0.0508 lb 
e = 0.60 from which 
from which 4, can be calculated as per FU = 0.0212 hp 
tn = C (1—#) = 0.24 X 10-3 inches 6600 
Entering Fig. 6(c) with A and ¢ yields The attitude angle is obtained in a similar 
FC/2mURL = 1.3 from Fig. 7(c) giving 
which upon solving for F with the aid of the above @ = 24.5 deg 
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Fic. 10. Experimental values of absolute viscosity of gases (ref. 27). (Pressure = 14.7 psia except for steam.) 
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The maximum and minimum film pressures and their 
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be incompressible the following results would have been 





































respective positions, if of interest, can be calculated by obtained: 
interpolating in Table 3 or from design charts con- : ri P~ 7 
structed from the data given therein. They are: ~’max = 2 : $ 
37.6 psia, p’min = 10.5 psia, OPmax = 171.6°, and 0.46 0.324 X 10-3in.  0.048lb. 0.0201hp 90° 
6Pmin = 300.03°. ? y of r 
If the calculations had been carried out using the — as = Pmin 
design charts of reference (3) which assume the fluid to 30.6 psia —30.6 psia 132.5° 227.5° 
e 
M2 L3r 
Computer 
Computer 
= 1.08 Ausmon @ 2b 
3 s 
5 5 Ausman 
g 3 
5 1.04 : 
BS) a) 
‘alo° 1.0 .. ‘ala’ 
2 2 
2 96 © 
2 2 
3 3 
2 .92 2 
a s\ a 
= \ / 
et 97k 
1.8 
Computer 
L6- 
a 
y” 
2 
} ee Ausman 
w” 
® 
E€ 
Do L2e 
ale 
ie 1.0 7 - x a 
r=) / —- g \ 
7 \ 
2 .98+ / \ 
Fs / \ 
2 / \ 
A: \ 
96 yet 
(c)€=0.4 
4b 





Fic. 11. Comparison between computer and Ausman perturbation solution (L/D = 1, A = 1). 
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Discussion 
CoMPARISON WITH THEORY 


In 1957 Ausman (10, 11) presented an analytical per- 
turbation solution good for small values of ¢. It is now 
possible to check the applicability of this solution to 
finite bearings. The author has done this for the case 
i = 1 and the results are given in Fig. 11 and Table 5. 


TABLE 5 
Comparison of Computer Solutions with Ausman Perturbation 
Solution (10,11). }X=1 











P/P, $ 
L/D € Author Ausman Author Ausman 
2 0.1 0.136 0.132 18.15 18.25° 
2 .283 .265 17.74 18.25° 
4 664 530 16.10 18.25° 
6 1.30 .795 13.43 18.25° 
1 0.1 0.116 0.114 31.47 32.20° 
me .238 .228 30.33 32.20° 
4 545 456 26.01 32.20° 
6 1.047 683 19.55 32.20° 
Y, 0.1 0.0634 0.0639 61.02 62.20° 
2 129 128 58.62 62.20° 
4 .288 .256 48.78 62.20° 
6 560 383 33.29 62.20° 





It can be seen that the perturbation solution breaks 
down beyond ¢ = 0.2, say, because of its inability to 
give the correct shape of the pressure curve. The per- 
turbation solution can be seen to give pressure curves 
which are symmetrical with respect to the horizontal 
axis and a constant attitude angle ¢ regardless of the 
value of «. The correct solution will not be symmetrical 
nor will it yield a constant attitude angle with chang- 
ing €. 
COMPARISON WITH TESTS 


It is of interest to compare the calculated values with 
experimental results. While ample test data is to be 
found in the literature, the author has selected the 
recent work of Whitley and Betts (18) primarily be- 
cause it is available in very convenient form and com- 
parisons have been made with previously existing theo- 
retical data. The comparisons with the present solutions 
are shown in Fig. 12 for load capacity and in Fig. 13 
for attitude angle. The data in Fig. 12 for the test 
bearings with L/D ratios of 2 and 3 is represented by 
Whitley and Betts by a single experimental curve. It 
can be seen that the computer results give higher values 
of load capacity than the experiments and slightly lower 
values of the attitude angle. 

It is hoped that the above comparisons will not be 
construed as an exhaustive check of the theory as their 
inclusion is mainly to show the general relationship ex- 
isting between the numerical results of the author’s 
analysis with a set of experimental data. 


Summary 


Data for the design of self-acting gas lubricated full 
journal bearings with a constant unidirectional load 
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Fic. 12. Comparison between theory and test results of Whit- 
ley and Betts (18), P/p,. 


have been presented. An effort has been made to span 
a wide enough range of the necessary parameters to 
permit design and analysis of bearings under diverse 
operating conditions. It is shown that distinct differences 
in performance between gas and liquid lubricated bear- 
ings exist and that the numerical solutions presented for 
the case of isothermal gas flow are generally in reason- 
able agreement with experiment. The numerical ap- 
proach described is flexible, being applicable to partial 
bearings as well as full bearings, adiabatic film condi- 
tions as well as isothermal, and is capable of providing 
basic data essential for design purposes and testing ap- 
proximate theoretical analyses which may be developed; 
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Fic. 13. Comparison between theory and test results of Whitley 
and Betts (18), o- 


however, solutions for high values of the compressibility 
number require considerable time because of instability 
which arises from the nonlinearity of the governing 
equation. 


Appendix 
REYNOLDs’ EQUATION 


Reynolds’ equation for a finite bearing lubricated with 
a compressible fluid (gas) and having a unidirectional 
steady load is given in the literature (21) as 


3 , 3 , 
2(5 #\+2 (Ce or) = ou OY) 54) 
ox \u Ox oz \ ue Of ox 
It is intended to solve Eq. [1] for the pressure p’(x,z) 
using the following assumptions: 

(a) u = constant. 

(b) perfect gas laws hold, and gas behaves poly- 

tropically. 
(c) no journal misalinement. 
Assumption (b) permits writing 


b’(y—*)* = pa(ya~*)* [2] 
where k = polytropic gas constant. Solving [2] for y, 
substituting into [1], and using the relation that 


b= p+ ba [2a] 


f) p\* we 2) 
itm 1 as pate. 2 
Ox I( : t) Ox 


aT; £)" = oe) [3] 
ss Oz I( Pa ue OZ 





gives 


= oR (0+ 4)" 
Ox Pa 





Solution for the Gas Lubricated Full Journal Bearing of Finite Length 149 


Equation [3] is to be solved for the local pressure rise p 
in the gas film. The boundary conditions for the full 
journal bearing of finite length shown in Fig. 1 become 


o(z, += 2/2) = 0 [3a] 
p(0,2) = p(B,z) [3b] 
DEVELOPMENT OF MESH 


Anticipating that it will be necessary to solve Eq. [3] 
numerically, it now becomes desirable to divide the de- 
veloped bearing surface into a uniform mesh consisting 
of + 1 equally spaced lines in the x direction and 
m +- 1 equally spaced lines in the z direction as shown in 
Fig. 14. To effect this the following transformations are 
employed: 


E — nx/B [4a] 
C = msz/L [4b] 
The lines § = 0,1, 2...m; and € = —m/2, —m/2 + 
1,..., + m/2 form the required mesh (Fig. 14). In 
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Fic. 14. Developed bearing surface scribed to form mesh. 


order to include the center line € = 0, m is taken to be 
an even integer. 


NORMALIZED REYNOLDS’ EQUATION 


To solve Eq. [3] it will be convenient to have it in 
terms of dimensionless quantities. This can be accom- 
plished by introducing the following expressions: 





UR 

p=*> FP [Sa] 
UR 

A= oq [5b] 

h = CH [Sc] 


where @ is a dimensionless “pressure rise,” A is the di- 
mensionless compressibility number, and H is the di- 
mensionless film thickness function which for the journal 
bearing in Fig. 1 can be shown to be (22) 


H = (1 + € cos @) [5d] 


Accordingly, Eq. [3] in terms of €, ¢ and the dimension- 
less terms introduced above, becomes 


Of a4n um ae OF E B ] 
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where # arises from the identity that the developed 
length B = Rf. Eq. [6] is the normalized Reynolds 
equation which is to be solved for $(€,¢). The normal- 
ized boundary conditions become 


B(E, + m/2) = 0 [6a] 
B (0,6) = p(n, C) [6b] 


It is evident that as 1 — 0, Eq. [6] reduces to the nor- 
malized Reynolds equation for an incompressible fluid 
which has proved to be amenable to a numerical at- 
tack (3, 4, 23). 


NUMERICAL SOLUTION 


Equation [6] is nonlinear and no analytical solution 
which is correct over the full range of gas bearing design 
parameters presently exists. Accordingly, one could pro- 
ceed to approximating Eq. [6] by its finite difference 
equivalent and then iterating to convergence. The pres- 
ent approach differs in that Eq. [6] is reduced further 
before being approximated by its finite difference equiva- 
lent. This technique was used previously for the case of 
an incompressible fluid by Carter (24) and others (3, 
4, 23, 25), and results in a simple difference equation 
which aids in reducing the computation time. Further- 
more, for the case of the compressible fluid, represented 
by Eq. [6], the nonlinear terms become conveniently 
displayed and easily accessible for study as will be seen 
below. 


REDUCED EQUATION 


For convenience in the manipulations which follow let 





ena age 
ha 5 eA | U7] 
and 
_ [6B 
ba Ei [7b] 
and 
wy = (1 + Ap)* [7c] 


Equation [6] can then be differentiated to be put in the 
form 


2 (m 2) 4.02 (m 2) — 9% 


3E 3E a\ oa OE 
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The terms on the left-hand side can be recognized as 
Reynolds’ equation for an incompressible fluid while 
those on the right are the terms which account for the 
compressibility of the fluid and cause the nonlinearity of 
the equation. It is desirable at this point to represent 
the partial derivatives involving % in the nonlinear 
(N.L.) terms by their equivalent wy expressions given by 





oP = k OV [9a] 
5 hyt* O& 

and 
rg [9b] 
at kWF Ot 


which can be obtained by differentiating [7c]. 
Performing the above, letting 


B 2 
p= 6 (=) oi a, [10] 
and proceeding as Carter (24), Eq. [8] can be trans- 
formed after considerable differentiation and manipula- 
tion to 
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The N.L. terms designated by J and J are given by 
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The problem of the gas lubricated full journal bearing 
is now resolved into determining u(&,C) by solving Eq. 
[11] subject to the boundary conditions 


u(E, + m/2) = 0 [12a] 
u(0,€) = u(n,C) [12b] 
Once u is determined, the dimensionless pressure rise 


$(&,C) is readily calculated using [10], the pressure 
rise p from [5a] and the film pressure p’ through [2a]. 





and 


FINITE DIFFERENCE EQUIVALENT OF REDUCED 
EQUATION 


Using central differences, Eq. [11] can be approxi- 
mated as follows 


(uy + uz— 2M) + a(ug + ug — 2u9) — f(Eo) 
“ot e(bo)=(I+No (EI 


where the notation is as shown in Fig. 15. Solving for 
Uo gives 
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Me = (u; + U2) + a(uz + U4) + fo 
2(1+ 2) + fo 
(I—J)o 
2(1+ a) + fo 


which is the desired difference equation for solving the 
problem. The derivatives appearing in the N.L. terms 
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Fic. 15. Interior node of bearing mesh. 


can be calculated by a three point numerical differentia- 
tion formula. 


INSTABILITY AND CONVERGENCE 


Study of [11lc,d] indicates that as the derivatives in- 
volving w increase, the contribution from the N.L. terms 
in [13] will increase. Increasing A, L/D, or ¢ will have 
this effect and some instabilities in the convergence of 
[13] arose. Such instabilities have been reported before 
(13) and were overcome either by increasing m or 
under-relaxing® the u’s, or a combination of both. At 
high values of A, however, (say > 4), this was not too 
successful as it appeared that the convergence time would 
be excessively long. At small values of 4, however, the 
convergence was accelerated by not calculating the 
N.L. terms at each pass through the mesh but only at 
specified passes. Because the pressure distribution will 
be symmetrical about the longitudinal centerline of the 
bearing, as no journal misalignment is involved, itera- 
tions were carried out over only one-half the developed 
bearing surface. For all the cases solved, a convergence 
criterion® o = 0.0005 was applied to each point in the 
mesh to determine the conclusion of the iteration 
process. 


COMPUTATION TIME 


Some indication of the computer’ time is given in 
Table 6. For ¢=0.4 and a 20 X 16 mesh, the given 
times are about halved; while for « = 0.8 and a 40 & 20 
mesh, the given times are about tripled. In general, com- 
putation time was lengthened as the L/D ratio was in- 
creased and vice versa. The combination of a high ¢, a 





5 That is, if u, is the value of u after k successive iterations, 

then the value of u, was adjusted after every iteration by 
Uy = Uyp_y + O(Uy— Uy _4) 

where @ is the under-relaxation factor and is taken to be <1. 

6 Using the subscript notation in footnote 5, the convergence 
criterion ¢ can be defined as 

c= (DP, — Py) /Py 
7 IBM 704. 








TABLE 6 
Computer Time for L/D = 1 
€ nx m ry Time (min) 
0.6 30 XK 16 0.04 3.5 
0.1 4 
0.2 4 
0.5 3 
1.0 10 
2 20 





high A, and a high L/D ratio presents a major computing 
task with regard to computer time. 


EFFECT oF MEsH SIZE 


The effect of the mesh size on some of the performance 
characteristics (and, incidentally on the computation 
time) is shown in Table 7. On the basis of these data 





TABLE 7 
Effect of Mesh Size on Performance Characteristics, L/D = 1/2 
Time, FC/ 
ry nx m (min) P/p, 2mURL ¢ (deg) 





0.6 1.0 20 X 16 5.25 1.765 1.2797 33.34 
30 X 16 6.25 1.779 1.2794 33.32 


40 X 16 11.75 1.785 1.2793 33.29 





it is felt that the mesh sizes employed in the computa- 
tions (see Tables 2, 3, 4) are conservative with regard 
to supplying data accurate enough for design purposes. 


CALCULATION OF PERFORMANCE CHARACTERISTICS 
Load Capacity 


The load W (Fig. 1) can be resolved into two com- 
ponents with respect to the line of centers. These are 
given by 


L/2 Qn 
Wy =2 i f p’ sin 6 (Rd6) dz 
0 0 


and 


L/2 2r 
Wi = af f p’ cos 6 (Rd6) dz 
0 0 


which through use of Eqs. [2a], [4b], and [5a] can be 
written 








UR?7L — 
Wr —* a Wr [14a] 
and 
UR?*L — 
Wz =" as Wa [14b] 
where 
m/2 2r 
Wm 2 f ri B sin 6 do dt [14c] 
m Jo 0 
and 


m/2 2r 
v's af f B cos 6 do dt [14d] 
m Jo 0 
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The quantities Wr and Wy were evaluated by numeri- 


cal integration. The dimensionless load capacity W can 
be calculated from 


inka WC2 ——_—_—_—— 
v= = VW? + Wi? 15 
nUR2L = VWP?4+ Wu [15] 
and the attitude angle by 
= 180° — arctan Wy/Wy [16] 
The load ratio designated as P/p, is given by 
P = WwW [ 1 7a] 
Pa 2 


and the Sommerfeld number by 


s= [17b] 


1 
nW 
Friction 


The friction force tending to retard the journal is 
given [see (26)] by 


L/2 B 
= 2 3 a = 
h 
r [18] 
h 
+2 fs f P oe 


Letting x = Ré@ and appropriately substituting from Eqs. 
[2a], [4b], [5b,c] gives 


yc i. zf" i Pas BE 
[18a] 
af f{@ (5 2) dédz 


Substituting for H from [5d], the first integral can be 
evaluated directly while the second one can be integrated 
by parts to yield 


uURL ‘af 2x <7, | 19 
ee 


The first term in the brackets represents the friction 
due to shear and dominates the second term which repre- 
sents the friction due to pressure induced flow. 








ris 





Pressures 


The maximum and minimum film pressures and their 
respective positions which are tabulated in Tables 2, 3, 
and 4 were calculated by passing parabolas through the 
points in the neighborhood of the peaks and valleys of 
the pressure distribution curves (e.g., Fig. 2). 


Asymptotic Values 
The performance characteristics given in Tables 1-4 


for the case } = oo were calculated from the pressure 
distribution 


ae te ak 3 1 
P= Pa fh Se ane [20] 


which holds (12) at A= o for both the infinite and 
the finite bearing. 
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DISCUSSION 


B. STERNLICHT (General Electric Co., Schenectady, New 
York) 


The author should be complimented for his contribu- 
tion to the design data for compressible fluid plain cylin- 
drical journal bearings. Having been involved in prepar- 
ing a very similar report (A1) for the Office of Naval 
Research, I appreciate the considerable amount of effort 
that was required for the preparation of this report. 

Unfortunately, we were not aware of each other’s pro- 
grams; considerable duplication of effort might have 
been avoided. Mr. Raimondi analyzed bearings with 
L/D = %, 1, and 2; in our program we analyzed bear- 
ings with L/D = 1, 1%, and 2. The two analyses overlap 
in L/D = 1 and 2, and complement each other in 
L/D = % and 1%. To some extent the duplication of 
effort may be advantageous as it provides an opportunity 
to check results. One is able to compare, for instance, 
the effect of a number of mesh points. The presentations 
differ sufficiently to make the two efforts complementary. 

The following comments are offered to complement and 
perhaps help to clarify some aspects of the paper. 

In our analysis we investigated L/D = 1, 1%, and 2 
because we observed that the dimensionless force 1/S 
(S = Sommerfeld Number) is directly proportional to 
L/D for L/D<1; it then becomes proportional to L/D 
raised to a lower power than one for 1<L/D<2. Above 
L/D = 2, 1/S =~ constant as illustrated by Fig. Al. Thus 
we found it unnecessary to investigate cases where 
1>L/D>2. 


In the section of the paper identified as Data and De- 
sign Charts the author states, “While Fig. 5 is perhaps 
the most convenient form for presenting design data for 
the load capacity of gas bearings, it has a minor disad- 
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vantage in that the relationship to the load capacity as 
given by the incompressible lubricant theory is not readily 
apparent.” In our study we have tried to find a method 
for presenting similar data and to dovetail the compressi- 
ble and incompressible results. We have been successful 
in doing this; Figs. A2 and A3 illustrate this point. The 
inclusion of these figures also serves to complement the 











154 A. A. RAIMONDI 


paper for they provide results for L/D =1%%. These 
figures point out that, for a given bearing geometry, the 
compressible solutions are functions of two parameters 
A and S while the incompressible cases are only func- 
tions of the Sommerfeld Number. Thus the results 
plotted on the ordinate at A = 0 give directly solutions 
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for the incompressible cases. We have also found the 
scale on the abscissa most convenient for it covers the 
complete range from zero to infinity. (It should be noted 
that 64 = A.) This raises the question as to the reason 
for the author’s use of 4 rather than the more conven- 
tionally used A. 

An additional comment about the introduction may be 
in order. The author states, “The problems of bearing 
instability such as half-speed whirl, etc., commonly ex- 
perienced with gas lubrication is not taken up as it is be- 


yond the intended scope of the present report.” In the 
section on Typical Pressure Distribution the author dis- 
cusses how instability is avoided by grooving the top of 
the bearings as shown in references (18) and (20). Since 
this topic is beyond the scope of the present paper, it 
would be better to leave out such comments for they may 
be misleading to some of the readers. It was shown in 
reference (A2) that for stability analysis one must deter- 
mine not only the forces but also their derivatives with 
respect to displacement and velocity. Furthermore, these 
forces and derivatives are a function of A, a’, €, e’, L/D, 
and bearing geometry. Unless complete stability analysis 
for the specific system is made it is dangerous to guess 
whether grooving on the top will be beneficial or detri- 
mental from the stability standpoint. 
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AuTHOR’s CLOSURE: 


The author appreciates the comments of Dr. Sternlicht. 
He mentions that his independent calculations will make 
it possible to show the effect of, say, mesh size. The 
author has demonstrated this effect in Table 7. How- 
ever, it would have added to this paper had the dis- 
cussor tabulated a few cases for the sake of comparison. 

Dr. Sternlicht states that he found it unnecessary to 
investigate the region L/D < 1 since 1/S varies approxi- 
mately linearly there. One does not know ahead of time 
that this will be the case. Moreover, he overlooks the 
attitude angle ¢ which does not appear to behave as well 
as evidenced from his Fig. Al. Because of the consider- 
able effort involved in making this type of computation 
the author was circumspect in selecting the values of the 
design parameters and based his choice on covering as 
wide a range as economically possible. It is felt that as a 
result the data can be interpolated and extrapolated with 
some confidence. 

Concerning the presentation of the results, the author 
had tried a variety of plots, including that shown by the 
discussion in Figs. A2 and A3. Similar plots have been 
used for incompressible bearings to show the effect of 
L/D ranging from zero to infinity, (e.g., side-leakage 
factors). It might be observed that 1/(1 + A) could also 
be used. Each method of presentation has its own advan- 
tages and shortcomings and is a matter of individual 
preference; realizing that other plots may be desired, the 
author meticulously tabulated all the data. This also 
should overcome the discussor’s objection to the use of 














Solution for the Gas Lubricated Full Journal Bearing of Finite Length 155 


i rather than A; namely, the tabulated data can be used 
to suit the individual’s preference. 

In further regard to A, the author is not quite certain as 
to whether the objection is to omitting the factor 6, or to 
the use of a symbol different from A. The 6 was not in- 
corporated into the compressibility number in order to 
span a wide range in the design charts; the compressi- 


bility number has been represented in the literature by 
symbols other than A such as A, H, and G. 

Although the introduction stated that the subject of 
whirl was not to be taken up, this did not necessarily 
preclude comments of a transient nature. It is felt that 
the discussor has misconstrued these comments to give 
them much more weight than was intended. 
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Externally Pressurized Journal Gas Bearings* 


By JOHN H. LAUB! 


Externally pressurized gas-lubricated bearings with multiple orifice feed are investigated. An 
analytical treatment is developed for a semicylindrical bearing with 9 orifices and for a cylindrical 


journal bearing with 192 radial and 24 axial orifices. 


Experiments are described on models of the two bearing configurations with specially designed 
fixtures which incorporate pneumatic loading and means for determining pressure profiles, gas flow, 
and gap height. The correlation between theory and experiment is satisfactory. 


Introduction 


In a previous publication (/), entitled “(Hydrostatic Gas 
Bearings,” it was shown that very close correlation be- 
tween theory and experiment can be obtained, within the 
range of pressures and dimensions treated, if the Navier- 
Stokes equation is applied to the thin gas film in circular 
pad and step type bearings and if laminar, radial flow of an 
isothermally expanding gas is assumed. The agreement 
between measured and predicted parameters confirmed 
that the effect of inertia and momentum forces is negligible 
within the thin gas films and the pressure regime which are 
of practical interest in applications of externally pressur- 
ized gas bearings to inertial instrumentation systems. 
Clearances of less than 2 mils and supply pressures of less 
than 50 psig are common in pivot bearings for supporting 


the gimbals of gyros, accelerometers, and other precision .. 


instruments in which hydrostatic gas bearings offer great 
advantages, e.g., minimum friction and great stiffness and 
others. Bearings of this type are sometimes referred to as 
nonrotating, although, of course, the output axis usually 
pivots thr ugh a small angle around a null position. 

In view of the results obtained previously it seemed 
appropriate to apply the same concept to the study of 
more complex bearing configurations, including journal 
bearings with multiple orifice feed. It should be noted, 
however, that this approach may lose its validity where 
larger bearing clearances, higher pressures, and rotational 
speeds are encountered and where turbulent flow and 
shockwaves might occur. 


Nomenclature 


a A distance 
A; Area of flow upstream of orifice 
A; Area of orifice opening 





* Presented as an American Society of Lubrication Engineers Paper 
at the Lubrication Conference held in Boston, Massachusetts, 
‘October 17-19, 1960. 


1 Jet Propulsion Laboratory, California Institute of Technology, 
Pasadena, California. 


Qor 
Qrot 


Area of individual pads 

Area of equivalent circular pad 

A width 

Radial clearance 

Orifice coefficient 

Height of compressed-gas pad 

Gap height in the plane of loading 

Ratio of specific heats = cp/c» 

Axial length 

Length of semicylinder 

Pressure 

Absolute pressure at inlet condition 

Exit pressure 

Net pressure 

Gas plenum pressure; absolute pressure of the gas 
upstream 

Load per unit area 

Lift per unit surface area 

Pressure at the center line of a pad segment at 
angle 6 

Volumetric flow rate 

Flow through axial orifice 

Flow through the orifice 

Flow through radial orifice 

Total gas flow 

Flow through orifice at angle 6 

Radius of infinitesimal circular element of pad 

Radius of circular plate 

Radius of semicylinder 

Load force 

Closure load 

Load on a circular plate 

Load force at angle @ 

Axial distance 

Ratio of pressures 

Eccentricity ratio 

Angle between orifice and vertical load line 

Absolute viscosity of gas 

Density of gas at plenum pressure 
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Characteristics of semicylindrical 
journal bearings 


In order to determine to what extent the performance of 
such composite bearings may be predicted by super- 
imposing the effects of a multitude of individual single- 
orifice pads, a semicylindrical journal bearing was first 
investigated. This half-journal bearing, illustrated in 
Fig. 1, was designed for measuring the significant parame- 
ters, i.e., pressure profiles, gas flow, lift, and gap height 
under varying load in the special test fixture described in 
reference (J). The load-supporting pressure pad is 
confined to the lower 180 deg arc, which eliminates the 
effect of a gas pad which is present in the upper half of a 
complete journal bearing opposing that of the lower one. 
Figure 2 shows the dimensions of this bearing and the 
arrangement of the nine orifices which are spaced 15 deg 
apart over a total arc of 120 deg. Each orifice contributes 
vectorially to the load-carrying capacity of the pressure 
pad, depending on the angle @ between it and the vertical 
load line. The gap height / varies with the angle @ and 
depends on the eccentricity, i.e., the minimum gap height 





Fic. 1. Test fixture of semicylindrical journal bearing. 
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Fic. 2. Cross section of semicylindrical journal bearing. 


hg in the load plane. It can be closely approximated by the 
expression 


h = C(i — cos@) + ky cos 0 
= C(1 — € cos 8) [1] 


where € = 1 — &/C. The difference between the radii 
of the stator and the rotor is designated by C (see Fig. 3). 
A family of curves h = (6), calculated from Eq. [1] for 
C = 15 X 10~ inch, which was the radii difference of the 
semicylindrical journal bearing investigated, is shown in 
Fig. 4 for values of % between 0 and 16 X 10~ inch. 
Rotor and stator are concentric for #4 = C = 15 x 10 
inch, i.e., under the no-load condition of a weightless rotor. 
It should be noted that only in this condition does the 
downstream pressure po of the orifices not vary from orifice 
to orifice. If the shaft is loaded and becomes eccentric, 
po is not constant any more but becomes smaller with 
increasing gap height and vice versa. 

The problem then is to find the value of fo which corre- 
sponds to the gap height h/ at each orifice location 6, for a 
given plenum pressure ~,;. The relation between / and 
po for a circular pad bearing has been derived in (1), Eq. 
9]. In the case of the se micylindrical journal bearing, the 











158 








Joun H. Laus 














h =C(\-cos @)+ho cos 8 


Fic. 3. Semicyundrical journal bearing in concentric and ec- 


centric position. 
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Fic. 4. Angular variation of gap, or eccentricity. 
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Fic. 5. Semicylindrical journal bearing, calculated circum- 
ferential pressure profiles. 
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Fic. 6. Semicylindrical journal bearing, total gas flow at Py = 
32 psig. 
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shaft can be thought of as being supported by nine individ- 
ual pads, each fed by an orifice at its center. The area of 
each pad is then one-ninth of the surface of the shaft 
A. = RL, if R, is the radius and L the length of the 
semicylinder, respectively. The radius R of an equivalent 
circular pad therefore becomes 


= 5 (Rel) (2) 


and R/R» = 15.0 with the dimensions of the semicylindri- 
cal bearing of Fig. 3. 

For each orifice 4, Qor, and #o thus can be determined 
(see Fig. 4) for a given plenum pressure p,:, from no-load 
(M = C) to closure load (% = 0). Figure 5 shows as an 
example pressure profiles p) = (6) thus determined for a 
plenum pressure pp; = 32 psig, both in Cartesian and polar 
coordinates. It is interesting to note the change in shape 
as well as amplitude of the profiles as the load varies. 

The total gas flow W,.; is found by summing the flow 
of the individual orifices Q,,: 


Qtot = Y Qor [3] 


For ppt = 32 psig, Q1oe has been computed and plotted in 
Fig. 6 (solid line). 

The total lift of the bearing is the vectorial sum of the 
lift of the individual pads, i.e., 


+60° 
W= A, pe P, cos 0 [4] 
—60° 


where A, is the area of each pad and P- is the lift per unit 
surface area which was derived in (1), Eq. [14]. 

The load-carrying capacity W according to Eq. [4] was 
computed for plenum pressures p ,; from 0 to 48 psig and 


ho = 0, i.e., for closure of the orifice at location @ = 0. 
This yields the load at which the bearing will ‘close’; it 
is shown in Fig. 7 by the solid line. Closure loads were 
measured for the same range of plenum pressures on the 
half-journal bearing of Fig. 1, using the test fixture de- 
scribed elsewhere. The correlation between the experi- 
ment (crosses) and the theory (solid line) is quite satis- 
factory. 

Good agreement was also obtained between calculated 
values of the total gas flow Q:o; and measured flow rates, 
at a fixed plenum pressure of 32.0 psig, which are repre- 
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Fic. 7. Semicylindrical journal bearing, closure load. 





Fic. 8. Flow visualization in semicylindrical journal bearing; (a) flow in direction of load; (b) flow normal to load. 
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sented by crosses in Fig. 6. A variable area type orifice 
meter (rotameter) was used to measure the flow of air into 
the plenum chamber. 

The gas flowing from the orifices follows a rather intri- 
cate pattern within the gap, as may be seen from Fig. 8. 
It shows two photographs of flow lines “engraved” into a 
very thin film of a fluorescent oil with which the surface of 
the shaft was coated. The shaft, after a short exposure to 
the air flow in the gap, was withdrawn, illuminated with 
ultraviolet light from a 100-watt high-pressure mercury- 
vapor arc lamp with a black glass filter and photographed. 

Pressure profiles were obtained by reading the pressure 
downstream from the nine orifices on gages connected to 
taps in the 0.032 inch diameter channels leading from the 
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Fic. 9. Semicylindrical journal bearing, measured 
pressure profiles. 
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orifices to the gap. By varying the load from zero to 
closure load a family of profiles was obtained, as shown for 
example for pp: = 32 psig in Fig. 9 in polar and Cartesian 
coordinates. 

The measurement of pressure profiles required careful 
alignment of the shaft in the journal in order to obtain 
identical readings from taps of symmetrically located 
orifices. This is particularly true at higher loads because 
of the increasing slope of the profiles. In cases where 
perfect agreement could not be achieved, the mean value 
of the two slightly different readings was entered in Fig. 9. 

Slow oscillations with frequencies of the order of magni- 
tude of 1 cps or less were observed at certain loads within a 
narrow range. It is intended to make these oscillations the 
subject of a separate study in the future. 


Characteristics of complete (360-degree) 
journal bearings 


The study of externally pressurized bearings was next 
extended to a complete journal bearing, illustrated in 
Fig. 10. The dimensions of this bearing and the arrange- 
ment of the orifices are shown in Fig. 11. Radial loads 
are supported by a pressure pad which surrounds the shaft 
circumferentially and which is fed by four rows of 48 orifices 
each. Axial loads are supported by thrust bearings at the 
two ends of the shaft, each fed by 12 orifices from a plenum 
which is separated from the plenum supplying the radial 
orifices. The orifices are round holes of 0.004 inch diam- 


Fic. 10. Hydrostatic gas journal bearing. 
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eter punched into 0.0015 inch thick silver foil. The radial 
clearance between the concentric shaft and journal at no- 
load is C = 0.00185 inch. 


The gas flow pattern in the gap of this bearing was again 
“visualized” by coating the surface of the shaft with fluo- 
rescent oil and withdrawing it after exposure to the air 
flowing from the orifices to the exhaust ports. Figure 12 
shows a typical photograph of the engraved pattern illumi- 
nated with ultraviolet light. As would be expected, the 
gas flows from the orifices in the gap both axially and cir- 
cumferentially, and a rigorous analytical treatment would 
have to consider two-dimensional flow. However, as may 
be seen from Fig. 12, the flow is predominantly axial be- 
tween the outer rows of orifices and the ends of the shaft, 
and a reasonably good approximation can therefore be 
expected by assuming one-dimensional, axial flow with 
friction in that part of the gap. 

Figures 13 and 14 show flow patterns of the unloaded 
bearing, and Figs. 15, 16, and 17 show the pattern when 
the bearing is loaded with 80 lb at 40 psig plenum pressure. 
With reference to the diagram of Fig. 18, the patterns in 
Figs. 13 and 15 correspond to the loaded side of the shaft 
(Quadrant 1), in Figs. 14 and 16 to the unloaded side 
(Quadrant 3), and in Fig. 17 to Quadrant 2 in between. 
The photographs show clearly the four rows of orifices and 
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SECTION A-A 
Fic. 11. Cylindrical journal bearing dimensions. 


the reversal of the direction of flow in the load plane. 
They also confirm the predominantly axial flow pattern 
toward both ends of the shaft. 

Referring to Fig. 19, the pressure in the gap has the 
constant value po over the distance a and from there drops 
to the exit pressure ~; at the ends of the bearing, over the 
axial length /. The intermediate pressure p- at distance «x, 
can then be found by applying the Navier-Stokes equation 





Fic. 12. Flow pattern visualization. 





Fic. 13. Gas-flow pattern of unloaded journal bearing at quadrant 1. 
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two adjacent orifices and Q the volumetric rate of flow at 


Op Ou 
~~ ay? [5] saci | Reh ‘ 
to a slot of length /, height 4, and width 4, i.e., RT re 
Po " 
Q = Q— [7] 
Pp 


Op 12y (6] 


Ox hb 
where 4 is the gap height, b the peripheral distance between where Qo and fp» correspond to inlet conditions at x = 0 
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Fic. 16. Gas-flow pattern of loaded journal bearing at quadrant 3. 


Fic. 14. Gas-flow pattern of unloaded journal bearing at quadrant 3. 





Gas-flow pattern of loaded journal bearing at quadrant 1. Fic. 17. Gas-flow pattern of loaded journal bearing at quadrant 2. 
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Fic. 18. Orientation of visual flow pattern in Figs. 13 through 17. 
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Fic. 19. Pressure distribution along cylindrical bearing. 











Equation [6] then becomes 


op 12y U 


lig Oh ib p [8] 


and, by integrating between x = Oand x = /: 


nen -i-OP 


>, fo— Pi 
124 po 


and 


Qo = [10] 


Qo is the gas flow entering the slot at x = 0 and p = fo 
from the orifice at angle 6. If Q» designates the gas flow 
entering the orifice at plenum pressure py:, Qo can be 
expressed in the form: 


Qo = Oy? - [11] 


If Eq. [11] is inserted into Eq. [10], the gap height / 
becomes: 


1/3 





a ee (12 
b | 


al (3) 


Qe can be calculated, for a given orifice configuration and 
plenum pressure, from the expression 


pat — fel)" 
Ppl 


(2) 1/2 
= _ 
l-—a ‘S (=) oe 

Ay 


and Cp denotes the orifice coefficient; pp; the absolute 
pressure of the gas upstream (i.e., in the plenum); p»: the 
density of the gas at pressure py:; Az the orifice opening 
area; A; the area of the upstream flow, a = p/p: and 
k= Collte, the ratio of the specific heat of the gas at con- 
stant pressure c, to that at constant volume ¢». 

The gap height / of the bearing can thus be computed 
from Eq. [12] for any value of ) between the plenum 
pressure pp; and the exit pressure ~:. In Fig. 20 a family 
of curves h = f(fo) is plotted for plenum pressures pp: 


oy (0 
( 


Qn = Codd | [13] 


where 


k (1—a#-D/k) 
k—1 





= at [14] 
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Fic. 20. Complete journal bearing, gap height as function 
of pressure. 
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between 8 and 48 psig, calculated for a = 1.443 inch and 
= 0.380 inch, i.e., assuming that the pressure fp remains 
constant between the four rows of orifices. 

With /» and # thus correlated, circumferential pressure 
profiles p = {(@) can now be determined since h = f(6), 
the angular variation of the gap, is given by the geometry 
of the shaft position within the journal and can again be 
closely approximated by Eq. [1]. 

As an example, pressure profiles » = f(@) have been 
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Fic. 21. Complete journal bearing, calculated circumferential 
pressure profiles. 


plotted in polar as well as Cartesian coordinates in Fig. 21 
for a plenum pressure of 32 psig. The parameter of the 
family of profiles is %, the height of the gap in the load 
plane. It is interesting to note the change in the 
shape as well as the amplitude of the profiles as 
the load decreases from closure load (M = 0) towards no- 
load (M = 18.5 XK 107‘ inch). Also, it is evident that the 
influence of the pressure pad in the upper half which 
opposes that in the lower half can not be neglected, particu- 
larly at light loads. The effective pressure is the net 
pressure fn which is the difference between the pres- 
sure p(6) in the lower half and p(@ + 180 deg) in the upper 
half, indicated in Fig. 21. 

For the calculation of the total lift of the bearing, the 
pressure profile in the axial direction, p = f(x) must be 
known, in addition to the peripheral profile » = /(@). 
Values for p = f(x) can be calculated from Eq. [9] between 
x = Qandx=/. Typical axial pressure profiles computed 
for closure and p,; = 32 psig are plotted in Fig. 22 for 
various angles @ between 0 deg and 180 deg, assuming 
constant pressure p = fo over the distance a = 1.443 inch 
between the outer orifices. 


LoAD-CARRYING CAPACITY OF COMPLETE 
(360-DEGREE) JOURNAL BEARING 


The shaft is lifted by the pressure pad in the lower half 
of the bearing and depressed by the pad in the upper half. 
The pressure pad can be conveniently divided into periph- 
eral segments of width ), height 4, and length L = 2/ + a, 
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Fic. 22. Complete journal bearing, axial pressure profiles at 
Py, = 32 psig. 
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where b is the circumference of the shaft, divided by the 
number of orifices in one peripheral row. Each segment 
contributes vectorially to the load-carrying capacity, 
depending on the angle @ of its orifices with respect to the 
load plane. If », designates the pressure at the centerline 
of a pad segment at angle @, the force contribution of the 
segment is 


l 
We = b | Pa + 2f pe, dx — p(a+ 2) | cos@ [15] 
0 


and the total load-carrying capacity becomes 
W=>-W [16] 
If po is replaced by Eq. [9], Eq. [15] can be written: 


reembrof(-if- QD)" 


= a (a+ 20| cos 6 








49 
= mil (1 —- ) + a Se 2] cos@ [17] 
l po, y 3 a) 3 pry 
1+ = 
Po, 
and 
w= py, “(1-2 re. siete da cos 6 
o l Pe, 3 i+ A Pe, 
Pe, [18] 
180 
a a/L=@0 J o/t=3.800 
me y, a/t=\O17 
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Fic. 23. Complete journal bearing, load-carrying capacity 

(closure load). 


The total load-carrying capacity can thus be computed 
with the help of Eqs. [1], [12], [13], and [18]. For a given 
eccentricity ¢ Eq. [1] yields the gap / for any orifice loca- 
tion 8. The pressure profile pp = f(@) is then found by 
inserting A into Eq. [12]. For ho = 0, Eq. [18] yields the 
closure load W.;. Values of W,; have been calculated for 
three values of a//: 1.017, 3.80, and ©. These are plotted 
in Fig. 23 as a function of the plenum pressure. The first 
case, a/1 = 1.017, is based on constant pressure pp between 
the two inner rows of orifices; the second case, a/] = 3.80, 
on constant pressure between all four orifices; and the last 
case, a/1 = ©, on constant pressure over the entire length 
of the shaft, thus yielding the maximum theoretical load 
which, of course, is not practically attainable. 


Gas FLow 


The total gas flow Q;.: from the plenum into the bearing 
is the sum of the gas flows Q, through the radial orifices in 
the stator and the axial orifices in the thrust bearing end 
plates Q.: 

Qtot si Or + Qa [19] 


Values for Q, can be calculated by summing the rate of gas 
flow through each radial orifice at location @: 


ost [20] 


where Qe is found from Eq. [12] and [13] by inserting 
h = f(6) from Eq. [1]. 

The axial flow Q, is the sum of the flow rates through 
the orifices in the thrust end plates and can be calculated 
easily if zero-thrust load is assumed, in which case the gap 
between the rotor and the end plates is uniform and deter- 
mined by the dimensions of the bearing. The pressure fo 
downstream of the axial orifices is then the same for all 
orifices and 


Oa - NO or [21] 


if m is the number of axial orifices. Figure 24 shows calcu- 
lated values for total gas flow under no load and closure 
conditions. Intermediate load conditions produce flows 
between these two extremes. 


MEASURED X 


TOTAL GAS FLOW, Q,,, (cfm) 


CALCULATED {9 0'743 in. 





PLENUM PRESSURE, Pp, (psig) 
Fic. 24. Complete journal bearing, total gas flow. 
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Fic. 25. Journal bearing load-test fixture. 


Fic. 26. Load-test fixture for complete journal bearings. 


























Externally Pressurized Journal Gas Bearings 167 


Experimental evaluation of journal bearings 


A special test fixture was designed which permits measur- 
ing of the pertinent parameters of the journal bearing 
illustrated in Fig. 10 under variable load. Since from the 
preceding analysis closure loads of over 100 lb had to be 
expected for plenum pressures above approximately 30 
psig, the design of this fixture was held quite sturdy (see 
Fig. 25). The shaft of the bearing can be loaded vertically 
upward by means of two pneumatic jacks, one on each end. 
The upward loading arrangement was chosen because it 





permits compensation for the weight of the shaft and test- 
ing under conditions of zero weight and load. The load is 
measured by a strain gage type load cell which is arranged 
between the journal and a heavy yoke above it (see 
Fig. 26). 

A total of twenty-five pressure taps was provided for 
determining pressure profiles, i.e., six taps for measuring 
the axial pressure profile in the vertical load plane at 
6 = 0 deg and ten taps for circumferential pressure profiles 
in one of the outer rows of orifices at @ = 0, 7.5, 37.5, 52.5, 


Fic. 27. Typical pressure profile measurement. 
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67.5, 82.5, —22.5, —37.5, —52.5, and —67.5 deg. Nine 
spirally arranged taps were provided in one of the end 
plates for measuring thrust pressure profiles. 

The taps were connected by nylon tubing to a specially 
designed mercury manometer which is shown in Fig. 27. 
The thirty tubes of the manometer terminate with their 
lower ends in a common mercury reservoir which can be 
externally pressurized by a reference pressure of up to 
40 psig. The upper ends of the tubes receive the input 
from the pressure taps; the pressure is read directly in psig 
between the mercury meniscus in each column and the 
zero line at the upper end of the scale. Figure 27 shows a 
typical configuration of mercury columns; the circumferen- 
tial pressure profile is represented by the height of the 
mercury columns on the right side of the manometer and 
the axial pressure profile by the columns just left of the 
center. 

The total gas flow Q:.: was measured by means of a 
variable area type orifice meter (rotameter) in the mani- 
fold line to the radial and thrust plenum. Two dial gages, 
one on each end of the shaft, served the purpose of accu- 
rately measuring gap heights by determining the position 
of the shaft in the journal. These gages are highly sensitive 
with frictionless amplification and a full-scale range of 
0.003 inch on a 1)4-inch diameter; a 270-deg scale results 
in a resolution of approximately 10 win. By taking read- 
ings on both ends of the shaft, misalignments could be 
detected and subsequently corrected with the help of the 
two lifting jacks. 


RESULTs OF TEST 


The bearing was tested at plenum pressures of 8, 16, 24, 
32, and 40 psig, respectively. At each plenum pressure 
the load was varied between zero and a maximum well 
above the closure load Wi. The quantity W.. is very 
sharply defined by the abrupt change in the slope of the 
curves for / (gap height) and Q (rate flow). A typical test 
run at pp: = 24 psig is plotted in Fig. 28 showing a closure 
load of W.. = 70.5 lb at this plenum pressure. The refer- 
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Fic. 28. Load test, p,, = 24 psig. 


ence level for the gap measurement is determined by the 
value for 4 at the slope discontinuity, i.e., at closure. 

The results of similar measurements at different plenum 
pressures are summarized in Figs. 29 to 33. From the plot 
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Fic. 29. Complete journal bearing, gap height as function of load. 
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of gap height / versus load W in Fig. 29, the spring rate 
oi the bearing dh/dW can be determined for various loads 
and plenum pressures. The maximum stiffness increases 
from 20,000 Ib/inch at 8 psig plenum pressure to 91,000 
lb/inch at 40 psig (see Fig. 30). 

Circumferential and axial pressure profiles are shown in 
Figs. 31 and 32, respectively, measured at 32 psig plenum 
pressure. It is interesting to note from Fig. 32 that a drop 
in pressure takes place between the inner and outer rows 
of orifices. In the evaluation of Eq. [12] for the gap 
height # and Eq. [18] for the load carrying capacity W, 
a cannot be assumed to be the distance between the outer 
rows, nor / their distance from the ends of the bearing. If 
the pressure is constant only between the two inner rows of 
orifices, the distance a becomes 0.743 inch and / = 0.730 
inch. Closure loads for this case were previously calculated 
and are shown in Fig. 23 (lowest solid line: a// = 1.017). 
Measured closure loads are shown by circled dots and fall 
practically on this line, whose slope is 72% of the upper 
curve for maximal theoretical load capacity. This com- 
pares with a slope (“‘efficiency”’) of 86% if constant pressure 
prevailed between all four rows of orifices (a/] = 3.800). 
Also, circumferential pressure profiles, calculated for 
a = 0.743 inch and / = 0.730 inch and represented by the 
solid lines in Fig. 31, agree fairly well with the measured 
pressure distribution (crosses and circles). If measured 
values of # are plotted versus the pressure p at 6 = 0 deg 
(Fig. 33), it is seen that the theoretical curves (solid lines) 
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for a = 0.743 inch and / = 0.730 inch describe the per- 
formance of the bearing reasonably well. In Fig. 24 flow 
rates measured at no-load and closure load are indicated by 
crosses; the agreement is quite satisfactory. 

The conclusion can thus be drawn that the performance 
of this bearing can be closely approximated by assuming 
constant pressure between the two inner rows of orifices 
and one-dimensional, axial flow in the gap between the 
orifices and the ends of the bearing. A number of addi- 
tional tests were run with only half the number of orifices 
operating by sealing off either the outer or inner rows of 
orifices. Closure loads measured with the outer rows of 
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holes sealed off are indicated in Fig. 23 by (X) and with 
the inner rows sealed off by (+). It can be seen that the 
load-carrying capacity with the outer rows sealed off is 
only 58% of the theoretical maximum, compared with 72% 
with all four rows open. The lift of the bearing with the 
inner rows of orifices sealed off is even slightly lower. 
Also, the spring rate of the bearing with the outer orifices 
sealed off is smaller than in the case of all orifices operating, 
as evidenced by Fig. 34. The variation of the gap / with 
load W in this plot yields a maximum spring rate, at 
40 psig plenum pressure, of 77,000 lb/inch, compared with 
91,000 lb/inch if all four rows of orifices are open. The 
spring rate at lower plenum pressures is accordingly 
reduced if only half the orifices are operating. 

The investigation of externally pressurized gas bearings 
is now being extended to spherical and conical bearings. 
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Externally Pressurized Spherical Gas Bearings* * 


By JOHN H. LAUB? and ROBERT H. NORTON, JR? 


Spherical gas-lubricated bearings are of considerable interest in applications requiring a pivoting 
or rotating support with three degrees of freedom, for instance in attitude control simulators of 
space vehicles. An analytical and experimental study of externally pressurized spherical gas bear- 
ings with orifice regulation is presented along with the experimental findings, which are in good 
agreement with the predictions of the viscous flow theory. 


Nomenclature 


h Gap height between sphere and socket 
O Orifice 
p ‘Pressure 
Po Pressure in recess 
pf: Exit pressure 
Pp Gas plenum pressure 
P  Load-carrying capacity per unit bearing 
projected area 
pl Gas plenum 
Qo Gas flow rate 
R_ Radius of bearing sphere 
AR Concentric radius increment between the 
bearing sphere and the socket 
R-+AR _ Socket radius 
Ro Recess radius 
W Load force 
¢ Eccentricity; equal to 1— 4 )/AR 
6 Angle between the orifice center line and 
any point on the bearing sphere with 
respect to the socket center (see Fig. 1) 
6 Angle between the orifice center line and 
the edge of the recess 
6, Angie between the orifice center line and 
the rim of the socket 
 ~—s Absolute viscosity of gas 


Introduction 


Spherical gas-lubricated bearings are of considerable 
interest in applications requiring three degrees of free- 
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dom in a pivoting or rotating support with minimal fric- 
tion torque. Typical examples are inertial instruments, 
in particular the gimbal axis support of gyros, or simu- 
lators for the study of the behavior of space-vehicle 
models in frictionless environments. 

The following investigation is confined to externally 
pressurized (hydrostatic) spherical gas bearings with 
orifice regulation. A literature search revealed the ab- 
sence of an analytical study of such bearings which 
treats the lubricant as a compressible fluid. Several 
papers (1, 2) have been published dealing with spheri- 
cal bearings lubricated by an incompressible fluid. The 
paper by Archibald (2) is confined to the study of the 
concentric bearing (¢ — 0) with an incompressible lubri- 
cant. Corey et al. (3), obtained experimental data on 
spherical-type air bearings and derived some semiempiri- 
cal equations for the load-carrying capacity and gas 
flow. 

It was, therefore, considered desirable to attempt a 
more rigorous analysis of the gas-lubricated spherical 
bearing and to verify the theoretical predictions by an 
experimental investigation. In previous studies (4, 5) 
of other types of externally pressurized bearings, i.e., 
pad- and step-type thrust bearings and journal bear- 
ings, it was possible to show good correlation between 
theory and experiment if isothermal expansion and 
laminar flow of the gas were assumed and if inertial 
forces were considered negligible compared with viscous 
forces in the thin gas film. The same approach, there- 
fore, seemed justified in the case of spherical bearings 
operating within approximately the same regime of gas 
flow, i.e., with supply pressure up to about 50 psig, con- 
centric clearances between zero and approximately 0.002 
inch and orifice diameters of the order of 0.004 inch. It 
should be borne in mind, however, that the following 
analysis is valid only as long as the flow in the gas film 
is not in the turbulent regime or supersonic (leading to 
the development of shock waves near the entrance hole). 
Several recent publications by Comolet (6), Mori (7), 
and others deal with such “abnormal” conditions and 
confirm that they do not occur within the range of pres- 
sures, clearances, and flow rates in which the designer 
of instrument bearings is ordinarily interested. 
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Theory of externally pressurized 
spherical gas bearings 


PRESSURE PROFILES 


Figure 1 illustrates a spherical bearing diagrammati- 
cally. A sphere of radius R is shown in an eccentric 
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Fic. 1. Section of spherical gas-lubricated bearing. 

















position in a socket of radius R-+ AR. The gap is fed 
with a compressed gas from a plenum #/ at pressure Pp: 
through a single orifice O and a recess of radius Ro in 
which the pressure is constant and equal to pp. The gap 
height /# varies with the angle 6 and can be closely 
approximated by the expression 

h = AR (1 — € cos 6) [1] 
where ¢ = 1 — ho /AR is the eccentricity ratio. 

The gas flows from the sill of the recess at angle 6 
outward to the rim of the spherical gap at angle 6, and 
expands to the exit pressure ~;. The pressure p at any 
intermediate angle 6 can be found by applying the 
Navier-Stokes equation to an infinitesimal circular belt 
at angle 6 of radius R sin 6, width hk, and height Rdé 
(see Fig 2): 

dp _ 6UQopo 1 [2] 
Rdé aR sindh® p 
where Qo is the mass flow through the orifice, and p the 
viscosity of the gas. 

If Eq. [1] is substituted for # in Eq. [2], a general 
differential equation for the pressure profile p= f(6) 
at any eccentricity ¢ is obtained: 


6uQopo dé 
dp = — 3 
Po m(AR)® (1—ecos 6)’ sin 6 [3] 


and, by integration: 


12uQopo dé 
eo 
. Sail reerrereery e c| [4] 














Fic. 2. Angular measurements in spherical bearings. 


A closed solution can be found for the integral of 
Eq. [4], as will be shown. However, before proceeding 
with the general eccentric case, ¢ 4 0, the pressure pro- 
file in the concentric spherical bearing with a constant 
gap 4) — AR can be found readily by setting « —0 
in Eq. [4]: 





12uQopo il dé ) 
Rae dae C 
P a(AR)8 ( sin 6 * 
[5 
12 
=— L2vQebo (in tan 6/2 + c) 
a(AR)8 
From the boundary condition p = p; for 6 = 4: 
pi? x(AR)$ | 
Cc = — | —————_ In tan 6,/2 6 
| 12upoQo sa ‘ [6] 


By inserting Eq. [6] into Eq. [5]: 





12 tan 6/2 
aetna UpoQo in ( an 6/ ) [7] 
z(AR)® tan 6,/2 
and considering that p = po for 6 = 6: 
2 _ $9? 12 tan 0)/2 
pi Po aS ul in ( Nn 6o/ ) [8] 
Po m(AR)® tan 6,/2 


Solving for Qo: 
1? — po” _x(AR)?® 
Qo = 


tan 60/2 
n ( [9] 
Po 12u tan 6,/2 
and inserting Eq. [9] into Eq. [7]: 


pi - me) 
gee 2 yas Dn ipa te el 
p= retort (2) |u(ee 








< {1/ln[ (tan 6/2) + (tan 6,/2)]} [10] 


Pressure profiles » = f(6) of the concentric bearing, 
calculated from Eq. [10] for a range of fo from 8 to 
40 psig are plotted for 6; = 90 deg and 6) — 1.624 deg 
in Fig. 3a. The effects of a larger recess (4) = 30 deg) 
and a socket with 6; = 90 deg are shown in Fig. 3b. 
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Fic. 3. Pressure profile of concentric bearing, 6) = 1.624 deg and 30 deg. 


The concentric case, ¢ = 0, is a special one which 
applies to one load only. Generally, the loaded sphere 
will assume an eccentric position and Eq. [4] has to 
be integrated for ¢40. This can be accomplished by 
introducing a new variable x= 1—ecos@. The in- 
tegral in Eq. [4] thus becomes 
[ dx 
J x8 (e2&—14 2x— x?) 
and can be solved by expansion into partial fractions. 
The pressure equation (Eq. [4]) can then be written 
in the form 


ra an E ha ( fs ) | ey" ll 
oF { te Po (€,0) [11] 


for 6; = 90 deg and with 
e2 (1 — &”) cos 6 | € 
—eé —_—_ 
(1—€ cos 6)? 
1 — cos 6 
cos 6 (s—e) | — e(e? + 3)In (=) 
sin 0 


+ (3e?+ 1) Intan 6/2 [12] 





i =s 











(e,6) = 


It will be noted that this expression becomes zero for 
¢ = 1, which represents the case of “closure” of the 
bearing. When ¢ = 1, therefore, p = f(6) is indetermi- 
nate; this is understandable since at ¢ = 1 the single 
orifice becomes closed and the gas flow Qo vanishes. 


Pressure profiles were thus computed by inserting various 
values of ¢ < 1 in Eqs. [10] and [11]. The results for 
6 = 1.624 deg and 6, = 90 deg are plotted in Fig. 4a-f 
for values of ¢ = 0.99, 0.95, 0.90, 0.50, 0.21, and —2, 
respectively. It is interesting to note how the pressure 
profiles shrink and approach rectangles over the base 
260 as € approaches +-1, as would be expected. 

Corresponding pressure profiles for a recess bearing 
with @) = 30 deg and 6, = 90 deg are plotted in Fig. 
Sa-f for « = 0.99, 0.90, 0.50, 0.21, 0, and —2, respec- 
tively. 

Loap-CaRRYING CAPACITY 


Once the pressure profile = f(6) is known, the load 
which the bearing can carry at a given pressure pp and 
eccentricity ratio « can be found by vectorially inte- 
grating the pressure p (Eq. [11]) over the surface of 
the bearing: 


6; 
y= 2aRe [ p(0,€) sin 6 cos 6 dé 
90 [13] 
+ po 1Ro*? — xR, 
If p(6,€) is inserted from Eq. [11], 


6 
W = xR2 {2 E + Po? (1 —*) (e,0) a. 
Bo bo? / (e,4) 


Ro\2 
X sin 6 cos 6 dé + po (=) — ps} [14] 
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Fic. 4. Calculated pressure profiles for spherical gas bearings at various eccentric positions with 09 = 1.624 deg. 
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The integral in the first term of Eq. [14] has been 
computed for values of ¢ between 0.99 and —2 and po 
between 22.7 and 54.7 psia (8 and 40 psig) by means 
of trapezoidal integration in a computer. Figure 6a 
shows the calculated load-carrying capacity per square 
inch of projected bearing surface P= W/xR? for a 
spherical bearing with 6) = 1.624 deg and 6, = 90 deg, 
and Fig. 6b, for a bearing with a recess, 0) = 30 deg 
and 6; = 90 deg. 


9, =1.624 deg 


Load capacity, P (Ib/in*) 


0 10 20 30 40 50 





Gas FLow 


For the general case of ¢ 0, the gas flow Q» can be 
written in the form 


my | x (AR)® (e? — 1)? 
= ‘0 1 — sn ii 15 
aia | fs 12u @ (€,40) 8) 


Q» has been computed for pressures up to 40 psig and 
eccentricity ratios of 0.99, 0.90, 0.50, 0.21, 0, and —2 
for bearings with 6) — 1.624 deg and 30 deg. The re- 





40 
8, = 30 deg 


Load capacity, P (Ib/in?) 





Oo 
fe) 10 20 30 40 50 


Pressure (psig) 
Fic. 6. Load-carrying capacity of spherical gas bearings, 6, = 1.624 deg and 30 deg. 
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sults of these calculations are shown in Fig. 7a and b for 
both values of 6. 


Experimental investigation of spherical gas bearings 


In order to verify the predicted characteristics of 
spherical gas bearings, an experimental investigation of 
a number of models of hemispherical bearings was un- 
dertaken, using a specially designed test fixture, de- 
scribed elsewhere (4). Figure 8 shows one of the hemi- 
spheres attached to the piston of this test fixture which 
can be loaded pneumatically and is prevented from 
“cocking” by an air bearing surrounding it. In the 
photograph, the sphere is withdrawn from the socket 
in order to show the latter more clearly. Two sockets 
were built, one with a recess of 6) = 1.624 deg and one 


with 6) = 30 deg, each of which could be pressurized 
with air from a plenum chamber. A number of lapped 
and highly polished hemispheres with slightly different 
radii were used in the tests. 

Pressure profiles at various loads W, eccentricities ¢, 
and plenum pressures ~,; could be determined with the 
help of a number of pressure taps in two orthogonal 
planes of the sockets (see Fig. 9). An example is shown 
in Fig. 10, i.e., profiles of a bearing with a radius R of 
0.56225 inch in a socket with 6) = 1.624 deg and with 
a 0.56375-inch radius (AR = 0.0015 inch). In this case, 
the measurements were made at a constant plenum pres- 
sure of 40 psig and with a varying load, so that the 
bearing goes from large negative values of ¢ at no-load 
through « = 0 toward ¢ = +1 at closure. The shrink- 





Fic. 8. Hemispherical bearing in load test fixture. 
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Fic. 9. Hemispherical gas bearing diagram. 


age of the profile base toward 26) with increasing load 
is quite noticeable, as predicted by the theory (Fig. 
4a-f). It is evident also that the maximum load ca- 
pacity is reached before ¢ becomes 1 since the area of 
the (rectangular) profile at ¢ = 1, i.e., closure, is con- 
siderably smaller than for values of ¢ << 1. One would 
expect, therefore, that the gap 4» closes very suddenly 
when the load is increased and reaches the maximum 
capacity. This is actually the case, as is shown in Fig. 
11, in which the results of load tests at various plenum 
pressures are plotted. The critical value of fy lies be- 
tween 0.0004 and 0.0006 inch, corresponding to ¢ values 
of 0.73 to 0.60, in a bearing with AR = 0.0015 inch. 
Profile measurements, taken just before the collapse of 
the gap as it approaches closure load, are plotted in 
Fig. 12; they correspond to eccentricity ratios ¢ in the 
range of 0.73 to 0.60. 
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Fic. 11. Gap height as a function of load for spherical bear- 
ing with R=0.56225 inch and AR=0.0015 inch. 


In order to make possible measurements of profiles at 
negative eccentricities (¢ <0), a second hemisphere 
with a radius of 0.56350 inch was tested in the same 
socket of 0.56375 inch, thus reducing AR to 0.00025 
inch. Figure 13 shows indeed the transition of the pres- 
sure profiles to the flat S-shapes at light loads, i.e., 
negative values of ¢, which the theory predicts (see 
Fig. 4f). 

An attempt was also made to obtain pressure profiles 
close to ¢ = 0. In a bearing configuration with AR — 
0.00025 inch the concentric position (¢ = 0) falls into 
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Fic. 10. Measured profiles for spherical bearing with R = 0.56225 inch, and AR = 0.0015 inch. 
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Fic. 12. Measured profiles for spherical bearing with AR = 


0.0015 inch and e = 0.65. 
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Fic. 13. Measured profiles for 0.56350-inch spherical bearing 
in 0.5637-inch socket. 


the unstable load range, i.e., below the maximum lift, 
and therefore can not be attained by loading the piston. 
Instead, a gap 4p approximately equal to AR was estab- 
lished by rigid external spacing of the sphere and socket 
and was then measured microscopically. The measured 
gap of 49 = 0.00019 inch corresponds to an eccentricity 
of ¢=0.21, and the measured pressure profiles (Fig. 
14) show again good correlation with the theory (Fig. 
4e for ¢ = 0.21). 

Pressure profiles of a spherical bearing with a recess 
of 4 = 30 deg in a hemispherical socket of R = 0.56365 
inch were measured at three plenum pressures: 40, 24, 
and 8 psig by means of taps at 6=0, 15, 37.5, 52.5, 
67.5, and 82.5 deg. The load in each instance was first 
adjusted to approximately 20% above the previously 
determined closure load in order to approximate an 
eccentricity ratio of 1 as closely as possible. The plenum 
pressure was then raised to the desired value and read- 
ings were taken after all pressure gages had reached 
steady-state condition. The results are plotted in Fig. 5a 
and agree well with the prediction for ¢ — 0.99 (solid 
lines). 

The recess bearing was also load-tested in the fixture 
illustrated in Fig. 8 at plenum pressures of 8, 16, 24, 32, 
and 40 psig. The load was varied between zero and 
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Fic. 14. Measured profiles for spherical bearing with AR = 
0.00025 inch and ¢ = 0.21. 
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closure load by pneumatic loading of the piston attached 
to the hemisphere; the gap was measured with the help 
of a reference capacitor and a capacitance bridge de- 
scribed previously (4). The results are plotted in Fig. 
15; if the measured closure loads (4 = 0) are entered 
into Fig. 6 (crosses), satisfactory correlation is again 
noted with the values computed from Eq. [14]. 

In comparing the experimental and theoretical results 
it should be noted that the latter are plotted with con- 
stant values of € as a parameter, whereas in tests with 
variable load the eccentricity ¢, of course, varies with 
the load. 


Conclusion 


The results of this study appear thus to justify the 
viscous-flow-theory approach as outlined in the first 
section above, i.e., within the flow regime, pressure, 
and dimensional ranges investigated. The correlation 
between theory and experiment is as satisfactory for 
spherical bearings as was shown before for pad and 
journal type gas bearings. 
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The Performance of Externally Pressurized Bearings 
Using Simple Orifice Restrictors* 


By D. S. ALLEN;! P. J. STOKES,? and S. WHITLEY? 


The load capacity and vibration characteristics of externally pressurized thrust and journal bear- 
ings have been investigated. The bearings used orifices sufficiently recessed back from the bearing 
surface to ensure that the area of the orifice is the minimum presented to the gas flow. The journal 
bearings consist of plain cylinders with one or two rows of eight orifices, and the thrust plates 
of plain discs with six orifices drilled in equispaced circumferential grooves. 

The load capacity of the thrust plates agrees with that calculated but the vibrations are greater 
than predicted. The load capacity of journal bearings is about half that calculated assuming axial 
flow conditions in the bearing, but circumferential flow can account for the difference. Syn- 
chronous and half-speed vibrations of a shaft rotating within these bearings have been measured 
and found to agree with those calculated on the assumption that the gas films behave as linear 


springs. 


Introduction 


Two types of externally pressurized bearing have been 
investigated, a full journal bearing and a full-face thrust 
plate. Both bearings depend on the same principles and 
use simple orifice restrictors as originally recommended 
by Shires (1), and indicated in Fig. 1. The simple orifice 
consists of a small drilled hole flared on its exit side so 








Pressure downstream Supply pressure rifice dia.b 
of orifice, F be, ee 
_- Flaring 
in NE 
B — | + = — Exhaust 
Pressure P 




















Fic. 1. Principles of bearing using simple orifices. The flaring 
is such that x b2/4 must be smaller than xBh. 


that the minimum area presented to the gas flow is the 
jet hole (1b?/4) and not the exit annulus of the flared 
hole between the plate surfaces (1Bh). The general prin- 
ciples of the action of these bearings is well known; gas 
is supplied at a high pressure fo upstream of the re- 
strictors, falls to a pressure p; downstream of the re- 
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strictors and then flows away between the bearing sur- 
faces to the ambient pressure po. The bearing derives its 
action from the response of the pressure p; to changes in 
bearing gap (defined as 5p;/5h4); as shown experimen- 
tally by Shires and theoretically by Whitley (2), the 
flaring of these orifices increases this response by about 
50%. This effect can be explained as follows. The actual 
value of p; is obtained by equating the flow across the 
restrictors with that between the bearing surfaces. If, 
when conditions are in equilibrium, the gap is then re- 
duced, the pressure p; must rise to enable the flow of gas 
still coming through the restrictors to flow away between 
the bearings. This rise in pressure is clearly greatest if 
the flow of gas across the restrictors is not itself reduced, 
as it would be if the area of the jet hole depended on the 
bearing gap, as in the annular orifice. It also follows 
that 5p,/5h is greatest if the gas flow through the flared 
orifice is just sonic, since in this case the flow is inde- 
pendent of small changes in p; and h. For this reason 
most of the measurements described here have been made 
at this condition. 

The second important property of gas bearings is their 
vibration characteristics. The types of bearing inves- 
tigated are prone to the vibration described by Licht and 
Elrod (3), known as pneumatic hammer. This has not 
proved serious, however, since it has never occurred at 
less than design conditions—in this context these are 
taken as Shire’s condition of choked orifices. 

Apart from pneumatic hammer, which occurs before 
rotation, dynamic vibrations of both the synchronous and 
the half-speed type have been observed. These vibrations 
have been investigated for a special case in which the 
vibrations depend only on the stiffness of the gas film, 
and in which the flexural vibrations of the shaft could be 
neglected. The frequencies of the vibrations were found 
to be in good agreement with predicted values. 

In the experimental work described in the paper, the 
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lubricant has been air or nitrogen at ambient temper- 
ature, and the measurements are limited to journal bear- 
ings of 2 inch diameter and thrust plates of 5.55 inch 
diameter. Some of the work has been briefly reviewed by 
Whitley (2). 


Nomenclature 

A Area of thrust plate or projected area of 
journal bearing 

B Diameter of flaring of orifice 

Cc Radial clearance of journal bearing 

Cr Load coefficient at ¢ = 0.5 

D Diameter of journal bearing 

D.. Mean diameter of thrust plate 

E Couple 

G Mass flow into orifices 

I Transverse inertia 

J Half separation of journal bearings (center 


to center) 


K Angular stiffness 

K, Parameter defined by ($1:—f2) /(po—pe) 

L Total length of journal bearing 

M Molecular weight 

R Gas constant 

R. Relative swash between thrust plates 

S Linear stiffness, 3W/d5h 

Sy Area of orifices 

x Temperature, °K 

W Load 

p § Linear out-of-balance, mass distance 

Y Angular out-of-balance, mass xX (dis- 
tance)? 

b Diameter of orifice 

c Damping constant per unit mass 

g Gravitational constant 

h Gap 

k Ratio of specific heats 

l Distance of orifices to end of journal 
bearing 

m Shaft mass 

p Pressure 

Po Supply pressure 

pr Pressure downstream of orifices 

peo Ambient pressure 

r Radius 

ro Outside radius of thrust plate 

ri Inside radius of thrust plate 

fe Inside radius of feed segments 

rs Outside radius of feed segments 

Zz Co-ordinate (movement of shaft center of 
gravity) 

B Twice angular misalignment of rotating 
plate (“swash”) 

8, Phase difference of linear movement Z 

de Phase difference of angular movement 6 

t Eccentricity ratio 

6 Angle of tilt of shaft or plate 

pu Viscosity 


w Angular velocity 

1 Angular velocity at cylindrical resonance 
We Angular velocity at conical resonance 

We Resonant angular frequency of thrust plate 


Thrust plate 
Loap Capacity AND Gas FLow 


The thrust plate investigated is shown in Fig. 2. The 
six annular segments which are included serve three 
functions. Firstly, they equalize the pressure ~; circum- 


(a) > Capacity probe 







Restrictor 


Pressure tapping Grooved segment 





-— 23 in 











Restrictor 











Vents 
Fic. 2. Details of test thrust plate; (a) in plane, (b) in section. 


ferentially so that the gas flow between the plates is then 
radial and exactly calculable. Secondly, they act as the 
flares downstream of the jet holes. Thirdly, by allowing 
the pressure ~; to act over a fairly large area, they im- 
prove the threshold conditions of blowing the plates apart 
when the supply pressure is initially applied. The small 
lands between the six segments are included so that under 
dynamic conditions the stabilizing pressures built up in 
each segment do not equalize. The inner plain region 
from 3.6 to 2.3 inch diameter is included for moni- 
toring purposes. 

The theoretical load capacity of the plate is obtained 
by calculating the pressure ~; by equating the flow of 
gas into the orifices with that across the plate surfaces. 
The flow of gas into the orifices is given by the two 
equations: 


G 0.65 S sciences. ~ pr am 
padi de da (os) (5) 


pi (k+1)/k 41/2 
=: els tae 


kA 1\H + 
who CH) 








Po 





























Simple Orifice Type Gas Bearings 183 








GC kM \1/2 2 
= 065.5 
7” (+) Cs 


k 1 k/(k—1) 
for fs < ( t ) 


Po 


gore 


[2] 








The flow of gas across the plate surfaces is given by 
summing the outward and inward flows, which are: 


on nM h® (p,;? — po”) 








[3] 
12uRT log, ro/r3 
M hP (0.2 — p02 
eee. (p1” — po”) [4] 
12uRT log, re/r; 


From the value of ~; the load capacity is then given 
by the integral of the pressure across the plate surface. 
Inspection of Eqs. [3] and [4] show that the pressure is 
of the form: 


ae a ee 
ee. os fa amt. for to >t >t 
log. 7o/r loge fo/rs 
and [5] 
a a, 
fens, = Pi — bo" for ro - r > r 
log. r/r1 loge 72/11 


An exact integration of this pressure force with radius 
is given by Ramsdale and Stokes (4), but a useful ap- 
proximation, valid over the range indicated in Fig. 3 is 
given by: 

W = 0.6 A (p1 — p2) [6] 
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Fic. 3. Pressure distribution between thrust plates plotted 
using Eq. [5]. Integration under the curves shows that 
W/A(p, — bo) is 0.57, 0.59, 0.61, and 0.62 for p, equal to 25, 
35, 45, and 55 psia, respectively. 





EXPERIMENTAL 


A schematic diagram of the experimental rig is shown 
in Fig. 4. The rotating member of the thrust bearing is 
mounted on one end of a 2 inch diameter shaft, which is 
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plote plate 
Fic. 4. Experimental rig to investigate thrust plate. 


driven by a squirrel-cage induction motor and supported 
on two hydrodynamic gas bearings. The thrust is applied 
by pressurizing a cap fitted over the journal bearing re- 
mote from the thrust plate. The stationary member of 
the thrust plate is restrained axially by a ball-point pivot 
which allows angular movement. The ball is recessed into 
the plate assembly so that it is in line with the center of 
gravity. 

The gap between the thrust plates is obtained by meas- 
uring the electrical capacity of the probes shown in Fig. 
2, following the general method described by Whitley 
and Betts (5). The gap could also be calculated by 
measuring the gas flow and the pressure p;. Experi- 
mental results obtained by these methods are given in 
Figs. 5-7 for orifice diameters of 5, 8, and 12 « 10-8 
inch. As shown, there is good agreement with theory. 


PNEUMATIC HAMMER 


For the plates using 12  10~—* inch diameter orifices, 
it was found that if the supply pressure was fixed, pneu- 
matic hammer occurred as the load was reduced below a 
certain limiting value. For the three values of supply 
pressure 45, 55, and 65 psia, the limiting load condition 
corresponded with values of ~1/po of 0.69, 0.67, and 0.65, 
respectively. At these conditions the flow through the 
orifices is not quite sonic (p1/~9 = 0.528) but is suf- 
ficiently close to suggest that there might be some cor- 
relation. This was confirmed by the evidence that for po 
less than about 30 psia it was impossible to achieve pneu- 
matic hammer even at zero load (p; = 15 psia). 

The results for the orifices of 8 * 10% inch were 
similar, and for the same values of supply pressure the 
limiting values of ~1/po were 0.66, 0.62, and 0.62 re- 
spectively, and again pneumatic hammer did not occur 
for supply pressures less than 30 psia. 

This pattern of results, however, was not obtained on 
the plates using chokes of diameter 5 X 10~® inch, since 
this plate was always stable against pneumatic hammer 
even with a supply pressure of 75 psia and a value of p; 
of 16 psia, which corresponds with nearly zero load. 
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Fic. 5. Theoretical and experimental results on load capacity for plate using 0.005 
inch diameter orifices. The line shows the theoretical results. 
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Fic. 6. Theoretical and experimental results on load capacity for plate using 0.008 
inch diameter orifices. The line shows the theoretical results. 
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Fic. 7. Theoretical and experimental results on load capacity for plate using 


0.012 inch diameter orifices. 


The mode of the pneumatic hammer vibrations was 
not investigated in detail, but it was shown that for the 
plate with orifices of 8 X 10~—* inch diameter, the vibra- 
tions were axial and at a frequency of approximately 190 
cycles/sec. This frequency corresponds with that cal- 
culated for the mass of the shaft (the vibrating member), 
resonating on the gas film of stiffness given by the slope 
of the curves given in Fig. 6. At very small values of 
p1/Po it was possible to induce the equivalent transverse 
vibrations of the stationary thrust plate on the gas film, 
this time at about 370 cycles/sec. 


DyNAMIC VIBRATIONS 


In normal use, the plain member of the thrust plates 
is set rotating with the shaft, and the stationary plate is 
flexibly mounted on gimbals instead of on a single ball, 
as shown in Fig. 4. Generally, the rotating plate cannot 
be assembled exactly at right-angles to the axis of rota- 
tion, and it therefore imposes, through the gas film, a 
forcing vibration on the stationary plate. A theory of 
this forced vibration, assuming small deflections and no 
damping, previously developed for the spiral-groove 
thrust plate (2), is in two parts: 


(a) It is shown that, if the plates tilt through a small 
angle relative to each other, there is a restoring 


The line shows the theoretical results. 


couple which for small angles defines the tilt stiff- 
ness: 
Dy? ow 
8 Oh 
(6) From this tilt stiffness the relative angular vibra- 
tions between the plates can be calculated, and is 


 - 





[7] 





given by: 
B ro Bro w? 
Mateo t) tae OS™, 1 


In this equation w, is the natural resonant frequency 
of the system for tilt vibrations and is equal to \/(Kg//). 

Experimental values of the relative vibration between 
the plates were obtained using the apparatus shown in 
Fig. 4. The rotating plate was set deliberately off square 
on the shaft by 11 minutes of arc (about 20 times nor- 
mal tolerance) as measured with an autocollimator. The 
maximum and minimum gaps between the thrust plates 
during the ensuing vibrations were measured by meas- 
uring the maximum and minimum capacities of the 
probes, using a capacity bridge whose output was dis- 
played on an oscilloscope. 

Some typical results, summarized in Table 1, show that 
even with the large misalignment of the rotating plate, 
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TABLE 1 
Experimental and Predicted Values of Relative Angular Vibra- 
tions for B = 11 min and p, = 45 psia 








Orif. Diam. Load Gap Speed x R, 
(10-inch) (Ib) (10-4 inch) (rpm) (meas) (theory) 

7 125 3.4 4200 0.15 0.08 

5400 0.30 0.13 

9.5 157 3.4 4200 0.10 0.10 

6000 0.25 0.19 

11 157 3.8 3000 0.05 0.05 

4200 0.09 0.09 

6000 0.24 0.20 





the vibrations are small, but are greater than predicted 
by Eq. [8] for the higher speeds and the smaller orifices. 
This can be interpreted as a reduction in angular stiff- 
ness, due to the inability of the gas flow (which is smaller 
the smaller the orifice diameter) to maintain the equi- 
librium pressure in the six segments as the vibration 
frequency increases. 

This effect was investigated more directly by using 
vibration generators to apply a variable frequency couple 
to the stationary thrust plate, with the shaft stationary. 
The angular stiffness is then given by (E/@ + Iw), ob- 
tained from the solution of the equation which defines the 
motion: 


16+ Ké = Esin ot 


The results, given in Figs. 8 and 9, confirm that the 
angular stiffness falls with frequency, and that the effect 
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is more pronounced the smaller the orifice and the greater 
the segment groove depth. The angular stiffness obtained 
from the values of R, in Table 1, using Eq. [8], are also 
plotted for comparison. (It should be noted that in this 
vibration work the pressure tapping hole, #; in Fig. 4, is 
blocked in order not to increase the segment volume, 
and that the choke sizes do not correspond exactly with 
those used in the load capacity work.) 


Journal bearings 
GENERAL THEORY OF LoAD CAPACITY AND GAs FLow 


The type of journal bearing investigated, based on 
the early work of Shires (1), is shown in Fig. 10. Either 
one or two rows of eight orifices are disposed sym- 
metrically around the bearing circumference. The dis- 
tance of the orifices from the end of the bearing, ex- 
pressed as a fraction of the bearing length, is called the 
station position of the orifices. 

The basic principle of the bearing is the same as that 
of the thrust plate described earlier, but an exact ex- 
pression for the load capacity is not easily obtained, 
since there are complicated axial and circumferential 
pressure distributions. To devise a working theory, the 
following approach, which combines analytical and ex- 
perimental methods, has been adopted. 

(a) Since it is found that the experimental load 
capacity is linear for small eccentricities (usually up to 
an eccentricity ratio of 0.5 if po/po is large), a load 
coefficient is defined by the equation: 
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Fic. 10. Details of typical journal bearing, using 8 orifices at 
quarter stations. At half-stations only a single row of 8 orifices 
are used. The orifices, which can be changed, are supplied from 
a common manifold at the ends of the bearing. 


(6) For zero eccentricity there is no load capacity, 
the pressures downstream of each orifice are equal and 
there is no circumferential flow. The pressure #; in this 
case can be obtained by equating the orifice flow, Eqs. 
[1] and [2], with that between the bearing surfaces 
given, for both ends, by: 


nM D h® (p,? — pz”) 
“is 12 RTI 


(c) A value for the change in pressure downstream 
of each orifice for a change in eccentricity is first ob- 
tained by neglecting circumferential flow and considering 





[10] 


only axial flow, as indicated in Fig. 11(a). This is the 
“equivalent slot” theory as used by Robinson and 
Sterry (6) and Grinnell and Richardson (7). It is as- 
sumed that the gap local to each orifice is constant, 
leading to the result (2), for eight orifices per ring, of: 


AW = 4Dsin 224° AP 


Ah Ah [11] 
or, in terms of the load coefficient at 0.5 eccentricity: 
‘ ate 
a 2sin 22%° — h Api [12] 


(po — p2) Ah 

To obtain the maximum value for Ap,/Ajz it is neces- 
sary, in the general case, to solve for ~; against # using 
Eqs. [1] and [10] for several orifice sizes, and then to 
use the orifice which gives the greatest change of p; at 
the design eccentricity, which throughout the paper is 
taken as 0.5. It is easier, following Robinson and Sterry 
(6), to use the value K, instead of orifice diameter for 
these design calculations. A typical example of the vari- 
ation of ~,; with /# is shown in Fig. 12, and from the 
graph the values of Table 2 are obtained. 

As shown, the maximum change in pressure occurs for 
a value of K, of about 0.4 which corresponds with 
Shire’s condition of choked orifices. However, the 


method can be extended to include small values of 
po/Pe, and the results of such calculations are shown in 
Fig. 13. This shows that, independent of the ratio of 
po/pe, a maximum theoretical value of C;, of about 0.6 
is obtained at a value of K, equal to 0.4. This im- 
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Fic. 11. Pressure distribution at bottom and top of journal bearing. (a) Assuming 
that the pressure at all axial positions is constant and equal to that calculated for the 
orifices in the particular axial line. (b) Allowing for axial flow from orifices to the end 
of the bearing according to Eq. [10]. (c) Allowing for circumferential equalization 
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Fic. 12. Variation of downstream pressure with gap for 
Po = 55 psia, L = 4 inch, D = 2 inch, //L = 1/4, c=10 X 10-4 
inch. 











portant result was first obtained by Robinson and 
Sterry (6). 

(d) This high theoretical load coefficient is reduced 
by an axial pressure distribution (1) as indicated in 
Fig. 11(b), by a factor of (1— 2//3L). This factor 
is 54 for the typical case of quarter-station orifices and 
2% for half-station orifices, reducing C;, to about 0.5 and 
0.4 for these two cases, respectively. Strictly this axial 


TABLE 2 
Change in p, for Eccentricity Change of 0.5% 











p Ap, for 
at e=0 e=0.5 C, from 
psia x. psi Eq. [12] 
25 0.25 28 0.54 
29 0.35 32 0.61 
35 0.50 31 0.60 
40 0.62 28 0.53 
45 0.75 24 0.47 
@ Cf. Fig. 12. 


pressure distribution is an intrinsic part of the theory 
already described since it derives from Eq. [10], but it 
is convenient to split the calculation into two parts. 
(e) The effect of circumferential flow, as indicated 
in Fig. 11(c), is to reduce this value even further. No 
theoretical estimates of this effect have been made but 
a typical experimental result has shown that, even in 
the line of the orifices, the value of 0p:/0/ is reduced 
to one-half of that predicted neglecting circumferential 
flow. The experimental pressure distribution was ob- 
tained by a pressure tapping in a shaft, on which was 
placed a quarter-station bearing of length 4 inches, 
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Fic. 13. Theoretical and experimental variation of load coeffi- 
cient, C, with parameter K g at the eccentricity of 0.5. 


radial clearance 0.0010 inch, loaded to an eccentricity 
of 0.3. The pressure downstream of each orifice was 
measured by turning the pressure tapping in the shaft to 
each point in turn. It was found that the change of the 
pressure ~; with gap, 01/04, was only 0.52 of the 
value predicted neglecting circumferential flow. This 
type of effect will reduce the actual value of the load 
coefficient to the order of 0.20 to 0.25, and these are the 
values observed in practice. Thus a measurement of the 
value C;,, as a function of K,, given in Fig. 13, shows 
the correct variation but at much reduced values. 


(f) Designing to the maximum value of load co- 
efficient at K, = 0.4 gives the required load capacity at 
minimum supply pressure, irrespective of the gas con- 
sumption. Sometimes, however, it is more desirable to 
obtain the load capacity at minimum pumping power 
expended in compressing the supply gas. For example, 
the experimental results plotted in Fig. 13 have been 
replotted in Fig. 14 to show the power necessary to 
compress the gas required for a bearing carrying a load 
of 76 lb, using different sizes of orifice. The minimum 
power consumption is still at a K, value of about 0.4, 
and not at the smaller value of about 0.1 recommended 
by Robinson and Sterry (6). This latter value of K, 
only obtains when the ambient pressure is very low 
compared with fo. 
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Fic. 14. Pumping power required to carry a load of 76 Ib 
using a quarter-station bearing of length 4 inch, diameter 2 inch, 
and radial clearance 0.0010 inch. 


EXPERIMENTAL APPARATUS AND RESULTS ON LOAD 
CAPACITY 


The main factor which is not allowed for in the theory 
is circumferential flow, and the parameters which affect 
this most are the plain lengths of bearing between the 
rows of orifices and the ends of the bearing (/,L-2/, and 
1), since it is in these regions that the circumferential 
pressure distributions will equalize out. To investigate 
these effects experimentally, it was decided to measure 
the effect of station position at two bearing lengths 
(length/diameter ratio of 1.5 and 2.0, respectively), and 
then, using the best station positions, to investigate the 
effect of bearing length. 

The bearings tests were all of 2.0010 inch diameter 
and of 0.0015 inch diametral clearance, and were tested 
in the experimental apparatus shown in Fig. 15. The 
loading was applied by two loading pans supported by 
piano wires at the ends of the bearing. This arrange- 
ment was adopted so that either a linear force or a 
couple could be applied to the bearing. The supply pres- 
sure could be varied up to 90 psia, and the gas flow 
was measured by float type flowmeters. The gap be- 
tween the bearing and shaft was obtained by measuring 
the electrical capacity of probes set in the bearing wall 
(5), and calculating the gap from the equation for a 
parallel-plate condenser. 


Effect of Station Position 


The results for the 3 and 4 inch long bearings are 
given in Table 3. 

The variation of load coefficient with station position 
is more pronounced for the 4 inch long bearing. This is 
consistent with the effect of circumferential flow since, 
for the 3 inch long bearing, the axial lengths are short 
irrespective of the orifice positions. It is of interest that, 
for the 4 inch long bearing, maximum C,, occurs at %- 
stations and not at %4-stations when the axial lengths 
from the orifices to the bearing ends and center are 














190 D. S. ALLEN, P. J. STOKES, AND S. WHITLEY 





SUPPLY PIPE 


Fic. 15. Details of test rig to investigate journal bearings. 


equal. This indicates that, in the direction towards the 
ends of the bearing, the effects of circumferential flow 
are more marked; this is reasonable since in the bearing 





























TABLE 3 
Performance of 3 and 4 inch Long Bearings at 75 psia and 
s= 05 
Flow for L = 4 inch ‘ 
L < . 
Station Load coeff. (liter/min at stp*) Load coeff. 
position L=4inch Measured Theory L=3 inch 
te 0.22 40 48 — 
| % 0.28 20 30 0.23 
4 0.22 10 12 0.25 
% a in —_ 0.23 
% 0.12 7 6 0.21 
® stp = standard temperature and pressure. 
: 
T T q TT 
1OOF Constant: pressure 825 
) - 
g TO “<7 
° 
3 60k ne Constant power J 
2 Operating supply pressure 
3 for each point is given in 
) ae psia : 
20r 7 
fe) 1 i n i 
fe) | | 3 I 
BS q 8 2 


Orifice station 


Fic. 16. Load at constant pressure (75 psia) and constant 
power (0.03 hp) for 3 inch long bearing at eccentricity of 0.5. 


center the mean pressure is high and circumferential 
equalization will not be complete, except for very long 
bearings when L-2/ is large [cf. Fig. 11(c)]. 

From these results the load capacity at constant pres- 
sure and minimum power can be calculated, and the 
results are plotted in Figs. 16 and 17. The angular 
stiffness of the 4 inch long bearing is also plotted in 
Fig. 18. 





140} 4 


120} f 
/ 


52 





CONSTANT POWER im 
(OPERATING SUPPLY PRESSURE © 
FOR EACH POINT IS GIVEN IN ps ia) 


40 - 


20+ 4 








fe) 1 1 
o ! i 


ORIFICE STATION 





ni-+ 


oelwr 


Fic. 17. Load at constant pressure (75 psia) and constant 
power (0.03 hp) for 4 inch long bearing at eccentricity of 0.5. 











Simple 





ESTIMATED AT CONSTANT PRESSURE | 
—--@--- CONSTANT PRESSURE 


——@— CONSTANT POWER (OPERATING SUPPLY 
PRESSURE FOR EACH POINT IS GIVEN 
IN psia) 

10 x10 ; T 














ANGULAR STIFFNESS, (ib in/rad) 
> 





1—- 
owe 


4 
ORIFICE STATION 


Fic. 18. Angular stiffness at constant pressure (75 psia) and 
constant power (0.03 hp) for 4 inch long bearing at eccentricity 
of 0.5. 


From these results it was decided that the two most 
useful station positions are quarter- and half-stations. 
The half-station bearings were chosen because they are 
the simplest, and are useful for machines which use 
rigidly mounted bearings. The quarter-station bearings 
were chosen since they provide good load-carrying ca- 
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pacity and angular stiffness; hence, they are useful in 
machines which use flexibly mounted bearings. 


Effect of Bearing Length 


The results for the half- and quarter-station bearings 
are summarized in Table 4 and Figs. 19-21. Although 
the maximum load coefficient for the two bearings oc- 
curs at lengths of 1.5 inch and 3.0 inch respectively, the 
over-all load capacity increases with length up to about 
twice these values, at constant pressure. At constant 
power, the advantages of increasing length are even 
more pronounced. Up to a bearing length of 3 inch, the 
load capacities of quarter- and half-station bearings are 
similar, but above this length the quarter-station bear- 
ing is better. 

The angular stiffness of the quarter-station bearings 
is compared with a theoretical value of S(ZL— 2l)?/4, a 
value which assumes that the effects of the bearings are 
concentrated in the line of the orifices. In this case there 
is good agreement, but the agreement is limited to 
quarter-station bearings, as shown by the equivalent plot 
in Fig. 18 for varying station positions. 


PNEUMATIC HAMMER OF JOURNAL BEARINGS 


It was mentioned earlier that, if K, were reduced 
below 0.4, there is a possibility of pneumatic hammer. 
For large ~:/o this is equivalent to Shire’s condition of 
choked orifices. However, this had not been found to 
be a general design criteria since, as with thrust plates 
described earlier, it has been found that some bearings, 
particularly those with small gas consumptions, are com- 
pletely stable against hammer. 
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Fic. 19. Load at constant pressure (75 psia) and constant power (0.03 hp) for 
half-station bearings at eccentricity of 0.5. 
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TABLE 4 
Load Coefficient and Flow Consumption for Half- and Quarter-Station Bearings at p,) = 75 psia and © = 05 











Half-station bearings of 2 inch diam. Quarter-station bearings of 2 inch diam. 
Meas. flow Theoret. flow Meas. flow Theoret. flow 

Length Orif. diam. (liter/min (liter/min Orif.diam. (liter/min (liter/min 
(inches) Load coeff. (10-3 inch) at stp) at stp) Load coeff. (10-3 inch) at stp) at stp) 

0.9 0.18 a wan abe son ‘lie pe ~ 

1.0 0.22 12 36 24 - ~= a sae 

1.5 0.27 9 15 13 — sit noe ons 

2.0 0.26 8 13 10 0.23 1l 52 40 

3.0 0.22 6.5 9.5 7 0.25 6.5 20 14 

4.0 0.15 5 6 4 0.23 5.5 14 10 

6.0 0.09 — _ _ 0.17 4.5 8 6 











Shaft vibrations 


An investigation has been made of the dynamic sta- 
bility of shafts when set rotating in these externally 
pressurized bearings. In the test work, it has been ar- 
ranged that the critical speeds of whirl have been in the 
region O-10,000 rpm, whereas the critical speed of 
flexure for the shaft used was 18,000 rpm. The vibra- 
tions of the shaft within the bearings can therefore be 
properly described as whirls (8), and in the analysis, 
the shaft can be considered as a rigid body. 

The experimental observations indicate that, as the 
shaft speed is increased, the shaft initially vibrates 
through a very small amplitude at a frequency equal to 
the shaft speed. This is therefore described as a syn- 
chronous vibration, and it is found that two resonances 
occur at which the vibrations become significantly great- 
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Fic. 20. Load at constant pressure (75 psia) and constant 
power (0.03 hp) for quarter-station bearing at eccentricity of 
0.5. 


er in amplitude with the shaft axis either remaining 
parallel to, or tilting relative to, the bearing axes. These 
two resonances are described as cylindrical synchronous 
whirl and conical synchronous whirl, respectively. Pro- 
vided that the shaft out-of-balance is not too great, 
however, the shaft speed can be increased above these 
resonances, so that half-speed whirl can be investigated 
for these bearings. Only shaft half-speed whirl has been 
measured and this also can be either cylindrical or 
conical (5). 

The onset speed of these various whirls can be calcu- 
lated more easily for these externally pressurized bear- 
ings than for the equivalent self-acting case, since it can 
be assumed that, within the eccentricity range 0 to 0.5, 
the bearing stiffness is constant and equal to the quasi- 
static stiffness OW/Oh. This is in distinction to the 
self-acting case, in which the quasi-static and dynamic 
stiffnesses are not necessarily equal (5). 


SYNCHRONOUS WHIRL 


The amplitudes of the synchronous vibrations can be 
calculated, using Fig. 22, by equating forces acting 
on the center of gravity, and taking moments about the 
center of gravity, respectively. This gives, in the plane 
of the diagram, the equations: 


mz + 2mcz + 2Sz = X w? sin wt [13] 
16+ 2mc J26+- 2S/79=Ywsinwt [14] 


Similar equations hold for motion in the plane perpen- 
dicular to the diagram, but 90° out of phase (the circu- 
lar motion is equivalent motion to two simple harmonic 
motions at right angles). Equations [13] and [14] are 
of the same form and are equivalent to the standard 
equation of forced, damped harmonic motion. The solu- 
tions can be written [for example see reference (9) ]: 


a X w? sin (wt — 8,) 
~— -mx/[(@1? — @?)? + 40?c?] 





[15] 


where 


2we 


tan ri) 1=-— 
m(@1? — w?) 


[16] 
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Fic. 21. Angular stiffness at constant pressure (75 psia) and constant power 
(0.03 hp) for quarter-station bearings at eccentricity of 0.5. 





and 
2S 
Oo? = “— [17] 
Similarly 
2 oj odie 
aoe Yo > (wt 2) [18] 
I\/ [ (@2? — w?)? + 4m?c?J*0?/T?] 
where 
5 2 mc J? w 19 
tan > ie I (Wo? — w?) [ ] 
and 
2 
alt ia SE [20] 





I 


The corresponding solutions for movement in the 
plane perpendicular to the paper are the same except 
for the 90° phase difference, and the solutions combine 
together to give the circular movement. The three equa- 
tions [15]—[17] define the cylindrical mode of reso- 


Damping force Angular out of balance Damping force 
mc 22 couple Yw* sin wt mc 2, 


Bearing restoring force Linear out of balance Bearing restoring force 
SZe force Xu sin wt Sz 








Fic. 22. Forces acting on shaft with bearing centers at “A” 
and “B”, center of gravity displaced by z = (2; + 2)/2 and 
shaft tilted through angle 9 = (2, — 2,)/2J. 


nance, and for small damping (c <w), the resonant 


speed is given by Eq. [17]. At this speed the values 
of z and @ are given by: 


_ Xo, sin (wt — 2/2) 
ie 2 mc 





[21] 
Y @,? sin wt 
I (We? — @,”) 


Similarly, Eq. [20] gives the conical resonant speed, at 
which conditions: 


[22] 


cai 2 oi 

a cae X We" sin wt [23] 
m (W2* — W;") 

_ Y@esin (wt — 2/2) 


2 mc J? 








[24] 


The physical interpretation of these equations is that at 
cylindrical resonance, the movement of the center of 
gravity is at its maximum, 90° out of phase with the 
existing in-phase out-of-balance X, and limited to a 
finite amplitude by the damping (factor c). At the same 
speed, the angle of tilt of the shaft, 6, is still in phase 
with the out-of-balance Y, since it is still below its own 
resonant speed. 

At the conical resonant speed the positions are re- 
versed, except that the linear movement z is now 180° 
out of phase with the unbalance X, since the operating 
speed @e is higher than its own resonance @. 

It is of interest that, at very high speeds, the limiting 
value of z is X/m and that of 6 is Y/J. This means that 
at high speeds the shaft rotates about its center of mass 
and not its geometric axis. 














HALF-SPEED WHIRL 


The stability criteria for half-speed whirl previously 
derived (5) show that if there is no change in bearing 
stiffness with speed, the onset speed of shaft half-speed 
is given by twice that of the corresponding mode of 
synchronous whirl. 


MEASUREMENT OF SHAFT WHIRL 


The experimental apparatus is shown schematically in 
Fig. 23. The shaft axis is vertical so that the journal 


D. S. ALLEN, P. J. STOKES, AND S. WHITLEY 


bearings are at nominally zero load, and a small ex- 
ternally pressurized thrust plate is used to take the axial 
thrust. The speed of both of the synchronous resonances 
and of the cylindrical half-speed whirl was measured at 
various supply pressures, and the results, plotted in 
Fig. 23, show good agreement with the predicted values 
usings Eqs. [17] and [20]. Conical half-speed whirl 
could not be measured for the assembly since the oper- 
ating speed is limited by cylindrical half-speed whirl. 

As implied by Fig. 23, the amplitudes of the syn- 
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Fic. 23. Variation of resonance speeds with supply pressure for a shaft of mass 66.5 Ib and 
inertia 15.5 Ib ft2, using quarter-station bearings of length 2 inch, diameter 2 inch, and radial 
clearance 0.0015 inch. 
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chronous resonances were sufficiently small for the shaft 
operating speed to be driven through them. In fact they 
were small enough to allow the shaft speed to be held 
steady at them, and the amplitude of the vibrations of 
the two bearings, at cylindrical resonance, is shown in 
Fig. 24. Despite the considerable scatter of results, there 
is steady increase in amplitude, as indicated by Eq. [21], 
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Fic. 24. Amplitude of vibrations at the cylindrical resonance 
for a shaft of mass 66.5 lb and inertia 15.5 lb ft? using quarter- 
station bearings of length 2 inch, diameter 2 inch and radial 
clearance 0.0015 inch. 


but since both the out-of-balance X and the damping 
constant c are unknown, neither can be calculated. To 
obtain an estimate of these values, some measurements 
of the resonant amplitudes were made at a constant 
supply pressure of 18 psig, at which the cylindrical and 
conical resonances are at 4000 and 5200 rpm, respec- 
tively. By attaching weights to the ends of the shaft, 
known amounts of out-of-balance were applied, and the 
results given in Table 5 were obtained. 











TABLE 5 
Amplitudes of Shaft Vibrations at Synchronous Resonance 
Out-of- 
balance saa : 
ebbihts Results at cylindrical Results at conical 
ends, and resonance resonance 
phase. Zz 0 Zz 0 
(oz inches) (10-4 inch) (10-5 rad) (10-4inch) (10-5 rad) 
0 3.8 1.5 0.4 8.1 
0.02 in phase 4.8 3.7 0.3 6.8 
0.03 in phase 6.1 4.2 0.7 9.8 
0.02 out of 
phase 2.1 2.5 0.8 5.4 
0.03 out of 
phase 1.5 2.2 0.6 7.7 





Unfortunately there is a large zero error caused by an 
excessive initial vibration, but the results are in quali- 
tative agreement with Eqs. [21|—[24]. Thus, at the 
cylindrical resonance, the movement of the center of 
gravity, z, increases with increasing in-phase out-of- 
balance (giving a value of c of approximately 30-60 
sec~!), but does not increase with out-of-phase out-of- 
balance (it actually decreases). The results for 6 at 
cylindrical resonance are too scattered to enable any gen- 
eralizations to be made. The results for z at conical 
resonance are all very small, in agreement with the 
equations, but again the values for @ are too scattered 
for quantitative comparison. 


Conclusions 


The load capacity and flow consumption of the thrust 
plate agree well with the theoretical predictions; this is 
mainly because the flow patterns between the bearing 
surfaces are well defined and easily calculable. In gen- 
eral the specific load-carrying capacity of the plates is 
about 0.3 times the supply pressure used, but the flow of 
gas and plate gap depend on the diameter of orifice 
used, and the supply pressure. For example, for a plate 
with 12 & 10-8 inch diameter orifices at a supply pres- 
sure of 40 psig and a specific loading of 12 psi, the plate 
gap is 5 X 10~* inch and the flow of 12 liter/min at 
stp, equivalent to about 0.04 hp of compression. 

The load capacity and flow consumption of the journal 
bearings are similar, but in this case the theory is more 
complicated, since it involves both axial and circum- 
ferential flow between the bearing surfaces. It is shown 
experimentally that circumferential flow reduces the load 
capacity to about 50% of that predicted assuming only 
axial flow, and it is considered important that this effect 
should be investigated theoretically. 

Both thrust and journal bearings exhibit the phe- 
nomenon described as pneumatic hammer, but only if 
the pressure downstream of the orifices is allowed to fall 
below about 0.6 of the supply pressure. This condition 
is near to the design minimum of choked orifices, and 
therefore is not normally observed in practice. Complete 
correlation of the effect with choking in the orifices is 
not observed, however, since the effect did not occur 
when using the smallest orifices. This is another aspect 
of the bearing design which requires a detailed theoreti- 
cal investigation (3). 

The dynamic vibrations of both the thrust plate and 
the journal bearings have been investigated and related 
to standard stability criteria based on the calculation of 
the stiffness of the gas film and the mass and inertia of 
the vibrating members. Although the vibrations of the 
thrust plate are very small, and not important in the 
range of measurement, there is a quantitative discrep- 
ancy with theory which increases as the orifice size de- 
creases. The effect has been related to a fall in stiffness 
of the gas film, which is probably due to the inability 
of the gas flow to maintain equilibrium conditions of 
pressure between the vibrating plates. 
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Four modes of shaft vibration have been distinguished, 
namely a conical and a cylindrical mode of syn- 
chronous whirl and a conical and cylindrical mode of 
half-speed whirl. The synchronous whirls are properly 
described as resonances, and are of finite amplitude 
because of damping. The measurements of these ampli- 
tudes of vibration are, however, difficult, but an approxi- 
mate value of the damping coefficient of the bearings 
has been obtained. The measurements of the speeds of 
whirl are more accurate and in good agreement with the 
values predicted on the assumption that the stiffness of 
the gas film is constant and equal to the quasi-static 
stiffness. 
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